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Wherefore I perceive that there is nothing better than
that a man should rejoice in his own works; for this is
his portion: for who shall bring him back to see what

shall be after him?
Ecclesiastes 3:22



Table of Contents

Preface.......

Part 1

Chapter 1

Chapter 2

Chapter 3

Chapter 4

Chapter 5

......................................................................................................... xi
Main Steam Parameters, Operating Performances,
and Design Features of Modern Steam Turbines
for Fossil-Fuel Power Plants Worldwide..............cccccovvenennc. 1
Steam Turbines in the Modern World .........cccccvveevcreunnccnnnes 3
Rise of Steam Turbine Output and Efficiency
with Steam Parameters.........ocoveeeurnieeurineniceeienceeeseeeeneees 9
— Steam turbines with subcritical main steam

pressure of the 19608-80S........ccceuiueurernierreeeniceneceeeeeens 9
— Supercritical- and USC-pressure steam

turbines of the 19608-80S .........ccocveeuerrurireererrrcierernenceees 14
— Modern steam turbines with

elevated steam conditions .........ccccceceeeviveecenveccnennenennes 23
— Potential rise of steam conditions

in the nearest future .........c.occevveuvcircencnrceccceeens 34
Configuration of Modern Power Steam Turbines ................ 43
— Large power steam turbines ............cccoooveieiiiiiiicnnnn. 43
— Profiles for modern power steam turbines of

a moderate Capacity........ccocovviririrnniiinre 69

Design of Steam Path, Blading, Gland Seals, and Valves...97
— Features of modern three-dimensional steam

path design.......ccocviiiiccc 97
— Improvement of turbine gland seals and

non-bladed areas.........cc.cooveeieiriiieini 119
— Reduction of losses in control valves..........c.c.cccoeurunne. 128
Last Stage Blades and Exhaust Hoods of LP cylinders.....135
— Last stage blades.........ccooeeiiiiiiii 135
— LP exhaust ports ........ccccoeveuvininicciniicnsicccccees 150

vii



— Last stage blade protection against water

AIOP €rOSION .....cvvviiiicicccccec s 155
Chapter 6 Thermal Expansion, Bearings, and Lubrication.................. 169
— Arrangement of thermal expansion..........ccccccovueucnnce. 169
— Improvement of journal bearings ............ccccooeveinnnnne. 175

— Prevention of oil fires due to the use of
fire-resistant fluids as lubricant............ccccccoevvniininnes 178
Part II Steam Turbine Transients and Cycling Operation...187

Chapter 7 Operating Conditions and Start-up Systems

for Steam-Turbine Power Units.........ccccceeviiiinnnnnnnnnnnes 189
— Typology of operating conditions............cccccceeueueueuennns 189
— Some features of start-up systems as applied

to steam-turbine and CC power units..........ccceuuuee. 201

Chapter 8 Experimental and Calculation Researches of

Turbine Transients...........ccoeiiiiiiiiiiiiiiicces 215
— Main goals of start-up field tests........cccccccoeeeeccenes 215
— Heat transfer boundary conditions for major

turbine design elements...........ccccccoeviiiiiiniiiiinine. 217
— Metal temperature fields for

turbine design elements........c...cccooeiiiiiiiiiiine, 234
— Cooling down characteristics of the turbine................ 238

Chapter 9 Start-up Technologies as Applied to
Different Start-up Systems.........ccccceeurieeecinrcrcccreeene. 247
— Pre-start warming and rolling up of the turbine......... 247
— Start-up loading and raising the steam conditions ....258
— Peculiarities of steam-turbine start-up technologies
fOr CC UNILS v, 261

Chapter 10 Start-up Instructions for Steam-Turbine

Power Units and Their Improvement ...........ccccccuvuecurinnnee. 271

— Different approaches to constructing start-up
INSEIUCHONS ..t 271

— Estimation of start-up duration.............ccccccceeuecueeennes 282

— Calculated optimization of start-up diagrams............. 286

viii



Chapter 11 Scheduled and Unscheduled Load Changes

within and beyond the Governed Range .........c.ccccceueeuuec.

Chapter 12 Cycling Operation and Its Influence on

Turbine Performances........cc.eeoveeeeeeeeieeeeeeeeeeeeeeeeeeeee e

— Different approaches to covering the variable

part of power consSUMPION ........ccvveviicnnieiiiccneines

— Cost of cycling operation and ways to

1€dUCE thiS COSt..euiimiiiiieieeeeeeeeeeeeeeeeeeeee et

— Turbine damages caused by or associated

with the transients .......ocoeveeeeeeceeeeeeeeeeeeeeeeeeeeeeen

Part III Diagnostic Monitoring and Informative

Support for Turbine Operators ...........cccceeeevvvverevrerrenencnes

Chapter 13 Automated Data Acquisition and Control

Systems for Modern Power Plants.........cccccooviiiiinnnn.

— Recent years’ evolution of automated

control and supervisory systems ...........cccccevvivirinunnes
— Diagnostic monitoring of power equipment .............

— Human-machine interface and informative

support for the 0perator..........occveceurecureernecrnecnnencns

Chapter 14 Diagnostic Monitoring of Turbine Heat-Rate

and Flow-Capacity Performances ...........ccccoooeveviirrernincnnnen.

— Monitoring of heat-rate performances and

deviations from the rated values .......ccccoecevevvvevveenne.

— Revelation of turbine steam path damages and

sources of heat-rate performance deterioration.........

Chapter 15 Diagnostic Monitoring of Turbine Temperature

and Thermal-Stress States..........cccoeeueveueereueereeerreeenreennennn.
— General features of this diagnostic function..............

— The scope of temperature measurements
— Mathematical modeling of the heating up process

for temperature monitoring of turbine rotors ...........

— On-line operative support for turbine

operators at the transients..........cccocccvecuveerneccrnicnnnnce

ix



Chapter 16 Post-Operative Analysis of the Turbine’s

Operating Conditions...........cccevieiiiiiiiiiiccceecenes 429
— Computerized post-operative ananlysis of
turbine operating conditions...........cccccccvviniiiiincnnnn. 429

— Evaluationn of the control quality at the transients...433
— Post-operative analysis of the transients for

turbines without computerized DAS ..........c.cccceceuuece. 434
— Teaching and training the operational
personnel with the use of simulators..........cccccecueuneeee. 436

— Specialized program-simulator for teaching
and training operators in running the

turbine transients............cccooeiiiiiiii 445
Part IV Lifetime Extension for Aging Steam Turbines
and Their Refurbishment.............ccccooovviniininnn, 453
Chapter 17 Assessment and Extension of Steam Turbine Lifetime .....455
— Possible solutions for a problem with mass
steam turbine aging ..........cccocvvvvviiiiiiiii 455
— Steam turbine lifetime limitations...........ccccccceeveceenes 459
— Assessment of the turbine’s residual lifetime............. 465
— Lifetime extension strategy for sets of the
same type power equipment.........ccccoeeeieinieecienieiennns 470
Chapter 18 Steam Turbine Upgrade........cccccoeeunieiniciniciniccinicinieecann. 477
— An increase in the turbine efficiency and
other benefits of turbine upgrades .........c.ccccoeeureueunnee 477
— Steam turbine refurbishment by non-OEMs
with the use of alien design solutions..........c.cccceoeece. 495
APPEndiX ..o 521
List of Abbreviations and Symbols ..., 521
ACTONYINS oot 522
SYymMDbOIS 524
Subscripts and SUPeTrsCripts........ccooiiiiiiiiiiii 526
Criteria of Similarity .......cccoooiiiiii 527
Conversion Table for Main Units Used.........ccccovvvvinnnnnnnnnnnne, 528
INA@X ..ottt 529



Preface

This book is a continuation of my previous two-volume work Large
Power Steam Turbines: Design & Operation (PennWell, 1997). Those vol-
umes were conceived as an exposition of steam-turbomachinery funda-
mentals as they were seen by the end of the 20th century. This new book
to a degree rests on its contents, not repeating previous information as
far as possible without sacrifice of comprehension. The afore-mentioned
work was also supplemented by another book, Wet-Steam Turbines for
Nuclear Power Plants; PennWell, 2005. The present book considers the
newest approaches of the latest decade in design, operation, and refur-
bishment of steam turbines for fossil-fuel power plants and is designed
to be a final part of this trilogy.

At this writing, many people, including some professionals in
power engineering, have come to view steam-turbomachinery as a com-
pletely matured technology that promises no remarkable achievements
in the near future. Indeed, by the early 1990s the efficiency of the best
new steam turbines had practically stabilized at the previously attained
level and did not grow further. Yet, the mid-1990s brought a new break-
through in the steam turbine technology, and this progress continues
today. As a result, new possibilities can considerably raise power plant
efficiency based upon qualitative improvements in the turbine steam
path design and gradually applying elevated steam parameters. Dr. Wil-
fried Ulm of Siemens Power Generation qualified this process as “an al-
most unnoticed revolution in steam turbine technology” [VGB PowerTech
83, no. 1/2 (2003): 1]. These new possibilities can also impact efforts to
upgrade old steam turbines in service. New approaches have also been
developed and applied to handling the transient operating conditions of
steam-turbine-based power units and providing information support for
the operational personnel with the use of advanced computerized con-
trol and instrumentation (Cé&I) techniques and friendly human-machine
interfaces. I marked some of these trends in all these processes in my
above mentioned work, written in the mid-1990s, but what once were
novelties have brought their first rich fruits in the first years of the new
century. Valuable descriptions of new achievements in steam-turboma-
chinery and their effects were published by their developers in the late
1990s and early 2000s, but these separate publications have never been
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gathered together and generalized, to the best of my understanding.

Among modern books on steam-turbomachinery which appeared
after the afore-mentioned Large Power Steam Turbines: Design & Opera-
tion, two noteworthy books were issued just at the turn of the century
and addressed primarily to power plant maintenance staff: Turbine Steam
Path Damage: Theory & Practice by T.H. McCloskey, R.B. Dooley, and W.P.
McNaughton (EPRI, 1999) and Turbine Steam Path: Maintenance & Repair
by W.P. Sanders (PennWell, 2001). These works summarized the current
knowledge about damages in the turbine steam path and methods for
revealing and repairing them. A general overview of turbomachinery
for the power industry at the end of the 20th century is offered in H.
Termuehlen, 100 Years of Power Plant Development: Focus on Steam and Gas
Turbines as Prime Movers (ASME, 2001).

The present book, as well as my previous ones, differs from those
mentioned above in that it is addressed mainly to power plant opera-
tors and operation researchers and was written from their point of view.
The book does not try to tell the readers how steam turbines should be
designed but rather explains why they were designed as they were and
compares different possible design solutions. It absorbs the experience in
steam-turbine design and operation accumulated in developed and de-
veloping countries throughout the world—in the USA, Germany, Japan,
Russia, Denmark, Korea, and India, among others.

In addressing the modern stage of steam turbine design and op-
eration, it might be well to note that in recent years a few advanced
and highly efficient large-output steam turbines have appeared, with
the utmost steam conditions accessible at the modern technology level.
Such machines produce about 1,000 MW in single capacity with main
steam pressure of up to 31 MPa (4,500 psi) and main and reheat steam
temperatures of up to 600-610°C (1,112-1,130°F). These turbines provide a
new benchmark for steam turbine efficiency and herald new possibilities
for its further development. Beside these champions, different countries
have put into operation some new “ordinary” steam-turbine power units
with a rather moderate single capacity (of about 200-300 MW and 500-
600 MW) and “common” supercritical steam conditions of about 25 MPa,
540-565°C (3,625 psi, 1,000-1,050°F). Owing to the use of modern technol-
ogies and new design approaches, these steam-turbine power units also
exhibit good efficiency—much better than power units of the past. Most
of these up-to-date power units have been constructed in such countries
as Germany, Japan, Korea, China, and others that have a large experience
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in the use of supercritical-pressure steam-turbine power units. Modern
steam-turbine power units are also coming on line after a long recess in
the U.S. In parallel, new supercritical-pressure steam-turbine units have
been constructed and launched in countries where such units have never
been operated before. Noteworthy is that most of these new power units
are launched at power plants burning solid fuel, most with coal- and lig-
nite-fired boilers. As a result, thanks to their high efficiency, these units
are notable for quite moderate gas emissions to the atmosphere.

Along with new steam turbines for “traditional” fossil-fuel power
plants, noteworthy are steam turbines for combined-cycle (CC) units of
a new generation. These units have a larger single capacity compared
to their forerunners and relatively elevated steam conditions. Many CC
units have been designed with single-shaft turbine sets (that is, with one
gas turbine and one steam turbine settled at the common shaft with the
common electric generator). These circumstances have prompted the use
of some unusual design solutions for steam turbines and special tech-
nologies for their transients.

Mass implementation of steam-turbine power units in the 1960s,
1970s, and 1980s made it rather difficult to put them out of action even
when they achieved and exceeded their rated lifetime. In many coun-
tries, these power units formed up a backbone of the power industry
and continue to retain their importance. Under these circumstances, it
has been considered desirable to extend their lifetimes as far as their
reliability allows. In doing so, it is reasonable to retrofit aging turbines
by replacing their design elements which accounted for most metal dam-
ages. In addition, aging steam turbines, even if relatively young, are as a
rule noticeably inferior to those of very recent vintage in their efficiency.
From this point of view, it is also advisable to retrofit these turbines by
replacing their steam path while retaining secondary design elements
that do not affect the turbine’s reliability and efficiency. Such partial re-
furbishment allows not only extending the turbine’s lifetime and height-
ening the operating reliability, but also raising remarkably the operating
efficiency and flexibility owing to the use of modern design solutions. It
is important to note that involving non-original equipment manufactur-
ers in this job makes it possible to consider a very wide spectrum of pos-
sible design solutions and to use some rather unexpected applications to
reach optimal results.

This book, as well as my previous ones, is mainly intended for
power plant operators, owners, and designers, college students training
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for work in the power generation industry, as well as the audience of
diverse courses and workshops in power engineering, and I believe this
book will be useful for its readers. This confidence is to a great degree
based on the experience of workshops and seminars I led in the recent
years for power plant specialists of different countries. These workshops
were accompanied by consultations on diverse operation problems ap-
pearing at steam turbines of local power units in service with the single
capacity of from 200 to 800 MW, taking into consideration their specific
design features and operating conditions. The book also presents some
original developments worked up with my participation and implement-
ed at different power plants in service, all of which were approved in
their operation practice. Some original materials and overviews given in
the book were presented at international power generation conferences
in recent years and published in power engineering magazines.

I would like to thank all my co-workers and co-authors for our col-
laboration. This especially refers to Evgeny Plotkin (presently in Israel),
and I would also like to express my deep gratitude to colleagues from
various countries that helped me in gathering materials and special art-
works for this book. I would like to mention Alan Hesketh, Simon Hogg,
Robert Scott, and Don Stephen of ALSTOM Power, Un-Hak Nah of Doo-
san Heavy Industries and Construction (Korea), the late Tom McCloskey
of EPRI, Peter Luby of INGCHEM (Slovakia), Carlos Koeneke and Yo-
shinori Tanaka of Mitsubishi Heavy Industries, Brajesh Singh of National
Thermal Power Corporation (India), Andreas Wichtmann and Wilfried
Ulm of Siemens Power Generation, Paul Hurd and Rudy Koubek of
Siemens Westinghouse, Hideo Nomoto, Toshihiro Matsuura, and Akira
Sakuma of Toshiba. My special thanks are also to editors of The Fairmont
Press for their help in preparing and publishing this book.

Dr. Alexander S. Leyzerovich
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PART |

MAIN STEAM PARAMETERS,
OPERATING PERFORMANCES, AND
DESIGN FEATURES OF
MODERN STEAM TURBINES FOR
FossIL-FUEL POWER PLANTS
WORLDWIDE






Chapter 1

Steam Turbines in the
Modern World

Steam turbines of fossil-fuel power plants make up the bulk of
generation capacities for most of industrially developed and developing
countries, excepting those whose power industry mainly depends on
nuclear and/or hydraulic power generating stations (like, for example,
Argentina, Austria, Belgium, Brazil, Canada, France, Lithuania, Norway,
Sweden, and some others). So, in the United States by 2002 out of ap-
proximately 615 GW of the U.S. generating fleet rated more than 299
MW, the aggregate capacity of non-nuclear steam-turbine-based facilities
amounted to 407 GW (approximately 305 GW at coal-fired power plants
and 102 GW at oil/gas-fired ones compared to 103.8 GW of nuclear
power plants, 62.6 GW of simple-cycle gas turbines, and 40.6 GW of
combined-cycle units), not taking into account steam turbines of com-
bined-cycle (CC) units. According to the overview issued by Power,! 298
US coal-fired steam-turbine power plants, with the individual output of
299 MW and more, referring to their actual production, generate about
58% of the whole amount of the nationally produced electricity, and 121
oil/ gas-fired steam-turbine power plants of the same class (with the ca-
pacity of 299 MW and more) additionally account for 16.6%, even though
many of them are operated in a cycling mode, with a decreased capacity
factor.

For China, the world’s second-largest country ranked by the elec-
tric power capacity and generation, by the end of 2005 the nationally
installed power generating capacity reached 508 GW (15% growth in
2005), and the total annual power generation amounted to 2,475 TWh. As
this takes place, approximately 80% of the whole electricity production
is provided by fossil-fuel power plants (mainly coal-fired steam-turbine
power units); about 18% is generated by hydroelectric power plants,
and nuclear power plants, with their total capacity of 6.6 GWe, provide
21%.2
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According to UDI International Directory of Electric Power Producers
and Distributors, Russia, Japan, Germany, and India take the next places
after the United States and China by the installed capacity and total an-
nual production of electric power plants.3

In Russia, according to the state’s Statistic Department, the scope
of electric power generation in 2005 made up 952 TWh, including 627
TWh (65.9%) generated by fossil-fuel power and cogeneration plants,
whereas hydroelectric and nuclear power stations produced 175 TWh
(18.4%) and 150 TWh (15.7%), correspondingly. Of the total installed
capacity of about 215 GW, the fossil-fuel power and cogeneration plants
make up about 68%. With an insignificant share of gas turbines and CC
units, this figure is mainly amounted by steam-turbine-based facilities.
Meantime, hydroelectric and nuclear power stations make up approxi-
mately 19 and 13%.°

The total amount of energy generated by ten electric power utilities
of Japan in 1998/9 accounted to 799 TWh, and the maximum aggregate
load of their power plants was 168.2 GW. According to predictions, in
2005 the share of fossil fuel in the total annual power production will ac-
count to 52.4% (including 23.3% for liquefied natural gas and 19.8% for
coal); nuclear power plants will give 34.5%, and hydroelectric stations
will contribute up to 9.7%.%7 In reality, the share of fossil-fuel power
plants, mostly steam-turbine ones, has been even more, accounting to
approximately 60%.8

In Germany, the net electric power generation in 2004 totaled 570.1
TWh, and major contributions to the electricity supply were based on
nuclear energy (27.8%), lignite (25.6%), and hard coal (23.4%), whereas
natural gas had a share of 10.4%, and renewables gave 9.4%, including
wind power farms—4.4%.% In this way, burning fossil fuels provides
about 60% of the whole electric power production, mostly owing to
steam-turbine power units, whose total installed capacity makes up
about 69%.10

According to National Thermal Power Corporation (NTPC) of In-
dia, by March 2002 the total installed capacity of Indian electric power
utilities stood up at 104.9 GW, with the shares of thermal, hydroelectric,
and nuclear power plants equal to approximately 71%, 25%, and 2.6%,
where the thermal (fossil-fuel) power plants are mainly presented by
coal-fired steam-turbine units—about 60% of the total amount of 71%.11

So we can see that “old good steam turbines” of fossil-fuel power
plants remain a reliable workhorse of the power industry for the very
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different industrially developed and developing countries, amounting
to from 50% to 70% of their total installed capacity and electric power
production. With regard to steam turbines of CC units and wet-steam
turbines of nuclear power plants, these figures may rise up to 80-90%. A
further growth of electric power consumption requires and will require
constructing new power plants, and steam-turbine units will continue to
make a very great and highly significant contribution to overall power
generation everywhere. According to data of the World Energy Council
(WECQ), the total portion of power contributed around the world by pri-
mary fossil fuels and nuclear energy will have remained practically in-
variable at the current level of approximately 80% until at least 2020.12

With rather limited possibilities of mass construction of nuclear
power plants (even if the current technical problems of burying nuclear
wastes are resolved and existent public prejudices against atomic energy
are overcome), the imminent and unavoidable depletion of the world’s
gas and oil resources, skyrocketing of the gas prices, and striving for
desirable independence from oil and gas import, it is obvious that steam-
turbine-based power plants burning solid fossil fuels (hard coal, lignite,
oil shale, etc.) will take on greater and greater significance. Under these
circumstances, of special importance is to raise the efficiency of steam-
turbine units to maximally reduce in this way air pollution caused by gas
emissions from newly constructed power plants with their taken power
output.

Along with constructing new power plants, it is also necessary to
upgrade a great fleet of existing aging steam turbines in service with
expired (or nearly expired) lifetime. According to data of Utility Data
Institute (UDI) of Platt, approximately 200 GW of the installed capac-
ity of the U.S. coal-fired power plants (that is, about 58%) by 2005 were
expected to be 30 years or more old; similar data concern oil/gas-fired
power plants.!3 As a result, a study carried out by Electric Power Re-
search Institute (EPRI) and published in February 2003 pointed out that
44.6 GW of oil- and gas-fired power units and 15.3 GW of coal-fired
units should be retired or refurbished only between 2001 and 2010, and
then these processes will go on. Because of growing requirements for
the efficiency and environmental safety of power plants, many of them,
to remain competitive, should be refurbished prematurely (even before
their lifetime terms expire).

A glance to Europe also reveals a clear need for similar immediate
actions—the aging power equipment fleet is in need of upgrading, refur-
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bishing, renewing, or retrofitting. According to Siemens Power Genera-
tion authorities, in the next ten-to-twenty years European power plants
with the total installed capacity of up to 200 GW will have to be replaced
or refurbished for reasons of their physical or moral obsolescence, with
approximately 40 GW due for the replacement or refurbishment in Ger-
many.14

In Russia, by 2002 power equipment of fossil-fuel power plants
with the total capacity of 31 GW operated beyond their specific service
life, and in 2002-2004 another 23.6 GW of capacities were expected to
exhaust their lifetime and would need refurbishment.l> By the end of
2005, approximately 45% steam turbines of Russian fossil-fuel power
plants with the total capacity of 59.3 GW were expected to exhaust their
so-called fleet resource (the lifetime term assessed for a certain group of
power equipment of the same type operated under similar conditions);
by 2010 this figure will increase to 60% (80.5 GW), and by 2015 it can
reach 72%, or 94.6 GW.5 A similar situation arises in many other coun-
tries.

Refurbishment, or retrofit, of a steam turbine usually means re-
placement of its steam path blading, main design components, including
rotors, casings, and blading carriers of both the high-temperature and
low-pressure cylinders, high-temperature steam-lines and steam admis-
sion parts, and so on, retaining, as a rule, the original foundation, bear-
ings, and most of auxiliaries. Technically, the scale of such retrofit is quite
comparable with construction of a new turbine.

With a great amount of steam-turbine capacities to be newly con-
structed or refurbished, it comes as no surprise that main steam turbine
producers look quite optimistically into the future.l? As Wilfried Ulm of
Siemens Power Generation wrote, “The steam turbine still has plenty of
life left in it. It is set to retain its place in the energy sector of the 21st cen-
tury. Recent technical advances have contributed considerably to improv-
ing its competitiveness. As the use of coal to generate electricity increases,
it will regain some of its former dominance. And whether the primary en-
ergy sources are now coal, gas, or nuclear power, every new power plant
will have at least one steam turbine. There is therefore no need to worry
about future market opportunities for this technology.” 14

The world’s chief manufacturers of large power steam turbines
today are two European-based multinationals: ALSTOM Power, which
derived from merging Swiss-German-Swedish ABB Kraftwerke and
French-Britain-German GEC Alsthom, and Siemens Power Generation,
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with its US subsidiary of Siemens Westinghouse Power Corporation.
The list of leading manufacturers of large power steam turbines also
includes a triad of Japanese concerns—Hitachi, Mitsubishi Heavy In-
dustries (MHI), and Toshiba, then General Electric (GE) of the USA,
Leningrad Metallic Works (LMZ) as a branch of the Power Machines of
Russia, Turboatom (or Kharkov Turbine Works—KhTGZ) of Ukraine,
Ansaldo Energia of Italy, and Skoda Energo of the Czech Republic. Large
power steam turbines are also manufactured, mainly under licenses, in
China (Shanghai and Dongfang Turbine Works), India (Bharat Heavy
Electricals Ltd.—BHEL), and South Korea (Doosan Heavy Industries &
Construction). In addition, numerous companies in diverse countries
produce power steam turbines of medium and small capacities, as well
as driving and marine steam turbines.1®

For most of these manufacturers, the range of the rated output for
large steam turbines designed and produced for fossil-fuel power plants
stretches up to 800-1,200 MW, even though MHI marks its readiness to
deliver steam turbines with the single capacity of up to 1,400 MW, and
ALSTOM Power Turbo-Systems is ready to produce steam turbines with
the output of even up to 1,800 MW. Serial steam turbines for CC units
envelop the single capacity range up to 280 MW.
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Chapter 2

Rise of Steam Turbine
Output and Efficiency with
Steam Parameters

STEAM TURBINES WITH SUBCRITICAL
MAIN STEAM PRESSURE OF THE 1960s-80s

Beginning from the early 1950s and up to the early 1990s, the in-
crease of main steam conditions, especially main steam pressure, was
the basic and most productive way for raising the efficiency of newly
designed power steam turbines. A Mollier diagram with steam expan-
sion lines for some characteristic power steam turbines is presented in
Figure 2-1.

It seems reasonable to take a widespread 200-MW reheat steam
turbine of LMZ K-200-130 (redesignated later to K-200-12.8) as the start-
ing point for tracing the steam turbine efficiency rise. The first turbine of
this type was manufactured in 1958, and this turbine can be considered
pretty typical for the 1960s. A great number of these turbines of several
modifications were installed at power plants of the former Soviet Union,
as well as some European and Asian countries. Under licenses of LMZ,
such turbines were also manufactured in China, India, Poland, and
Romania. The heat rate of this turbine, with a subcritical main steam
pressure of 12.8 MPa (1,856 psi) and both main and reheat steam tem-
peratures of 540°C (1,004°F)—see lines 1 in Figure 2-1,—or, to say more
accurately, one of its advanced modifications, with the rated output of
210 MW, designated K-210-12.8-3, was assessed to be equal to 8,045
kJ/kWh (7,626 Btu/kWh), which corresponds to the gross efficiency of
44.7%.1 With somewhat lower steam temperatures and vacuum in the
condenser, depending on features of manufacturing, the actual operat-
ing efficiency of these turbines at some power plants was lower. So, for
example, at four Indian coal-fired power plants of NTPC (Vinghyachal,
Kahalaon, Singrualu, and Badarpur) the rated heat consumption val-

9



10 Steam Turbines for Modern Fossil-Fuel Power Plants

Figure 2-1. Mollier diagram with steam expansion lines for some char-
acteristic power reheat steam turbines.

1 and 2: with subcritical main steam pressure of 12.8 MPa, 540/540°C (1856
Ppsi, 1004/1004°F) and 16.6 MPa, 540/540°C (2407 psi, 1004 /1004°F), 3: with
“common” supercritical steam conditions of 23.5 MPa, 540/540°C (3414 psi,
1004/1004°F), 4: double-reheat with advanced supercritical steam conditions
of 28.5 MPa, 580/580/580°C (4132 psi, 1076/1076/1076°F), and 5: with mod-
ern elevated supercritical steam conditions of 27.4 MPa, 580/600°C (3973 psi,
1076 /1112°F).
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ues for these turbines, some of which were manufactured by LMZ and
some—by BHEL, vary between 8,457 and 8,632 kJ/kWh, corresponding
to variations in the turbine efficiency between 42.57 and 41.7%.

Many turbine manufacturers throughout the world produced sub-
critical-pressure reheat steam turbines with a higher main steam pres-
sure and approximately the same main and reheat steam temperatures of
530-545°C (986-1,013°F). The rated thermal gross efficiency of such a tur-
bine of Siemens/KWU with the steam conditions of 16.6 MPa, 540/540°C
(2,400 psi, 1,004/1,004°F)—see line 2 in Figure 2-1—was assessed equal
to 44.6%.2 With the boiler efficiency of 88%, including pressure drops in
the steam-line system, the generator’s efficiency equal to 97%, and the
efficiency of auxiliaries of 95%, the power unit’s net efficiency based on
the lower heat value (LHV)* accounts to 36.2%.

The single capacity of turbines with the mentioned steam condi-
tions commonly does not exceed 850-900 MW. The longitudinal section
of a characteristic steam turbine of GEC Alsthom (presently ALSTOM
Power) with the rotation speed of 3,000 rpm for the single capacity in
the range of 500-700 MW, subcritical main steam pressure in the range of
16.5-18 MPa (2,390-2,610 psi), and main and reheat steam temperatures
of 540°C (1,004°F) is presented in Figure 2-2. Many such turbines were
installed at power plants of different countries, including the UK, France,
China, South Africa, and others.

The mentioned output limit refers to tandem-compound (TC), or
single-shaft, turbines. With transition to the cross-compound (CC) con-
figuration, steam turbines with such steam conditions reached larger
single capacities. Thus, for example, the world’s first 1,000-MW steam
turbine for the U.S. power plant Ravenswood’s Unit 3 was CC with the
steam conditions of 16.6 MPa, 538/538°C (2,400 psi, 1,000 /1,000°F).

At some power units of this class, mainly applied in Germany, the
rated main steam pressure was set at a heightened level of about 19-20
MPa (2,755-2,900 psi). The calculated influence of main steam parameters

*It is a general practice in the power industry to calculate the fossil-fuel power facility’s
performance based on the lower heat value (LHV) of the fuel to be burned, whereas fuel
supply requirements and purchase contracts are figured on the basis of the fuel’s higher
heat value (HHV). The latter is measured as applied to the chemical energy of the fuel
which accounts for the total heat given up when the fuel is burned, including, in particular,
formation of water vapor, while the LHV measures the finally useable energy. The differ-
ence in the efficiency values based on the LHV and HHV depends on the fuel quality, and
a typical difference for coal-fired power units is about 5%. So in the considered case, the
net efficiency based of the HHYV is equal to 36.2%x0.95=34.4%.



Figure 2-2. Longitudinal section of GEC Alsthom’s subcritical-pressure steam turbine with
the output of 500-700 MW for the rotation speed of 3,000 rpm (only one of two LP cylinders
shown). Source: By courtesy of ALSTOM

cl

SJUD]J 42MOJ [INJ-11SS0] UALIPOIN A0f SIUIGIN WiV}



Rise of Steam Turbine Output and Efficiency with Steam Parameters 13

on the available energy and thermal efficiency of the ideal Rankine cycle
is shown in Figure 2-3. It should be noted that for actual steam-turbine
cycles, with steam reheat and regeneration, these dependencies occur to
be somewhat more complicated.3-

Subcritical main-steam pressure allowed power plant designers to
equip such steam-turbine units with traditional drum-type boilers, even
though the use of a heightened subcritical steam pressure demanded
on special arrangement of the working fluid circulation in the boiler’s
steam/water circuit. Along with this, some subcritical-pressure power
units, especially those with higher main steam pressure values, were
equipped with once-through boilers, and these units were used for work-
ing out start-up systems and operating technologies that then became
obligatory for power units

with supercritical steam kl/kg | #, E,ﬁ”;ﬁ,
pressure when drum-type 1600 5 ! —
boilers are not acceptable. T
Once-through boilers, com- 1500 = t
pared to drum-type ones, are 00
more sensitive to feedwater 1400 AU R SNy
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once-through boilers started 1000 = ] a <
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tive start-up systems. In par- 800 1/
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that once-through boilers feature more complicated and time consuming
start-up processes, that these boilers should account for more intense
solid particle erosion (SPE) of turbine first stage buckets and vanes,
that these boilers require higher maintenance costs, and so on. Special
analysis of long-term operating experience at power plants carried out
by the North-American Electric Reliability Council (NERC), as well as
Electric Power Research Institute (EPRI), in the USA and European tech-
nical associations for power and heat generation (VGB in Germany and
KEMA in the Netherlands) for 1988-1997 did not reveal any significant
difference in power plant availability between subcritical-pressure power
units (mainly with drum-type boilers) and supercritical-pressure ones.®”
Along with this, it should be admitted that the operating performances
of power units with once-through boilers depend to a greater degree on
the quality of their start-up systems, as well as skills, qualification, and
experience of the operational personnel.

SUPERCRITICAL- AND USC-PRESSURE
STEAM TURBINES OF THE 1960s-80s

Mass commercial implementation of power units with supercritical
steam pressure (more than 21.4 MPa, or 3,108 psi) also commenced in
the early 1960s. These units were mainly designed with the same main
and reheat steam temperatures of about 535-545°C (995-1,013°F)—see
line 3 in Figure 2-1. Owing to the increase of the main steam pressure
up to 23.5 MPa (3,414 psi), with the same main and reheat steam tem-
peratures of 540°C (1,004°F), the rated heat-rate of supercritical-pressure
steam turbines of LMZ with the output of 300-to-1,200 MW decreased
to 7,710-7,626 kJ/kWh, corresponding to the efficiency values varying
at the level of 46.7-47.29,1.8 compared to the above mentioned data of
8,045 kJ/kWh and 44.7% for the subcritical-pressure 200-MW turbine of
the same producer. It is understandable that the increase in the turbine
output and a resulted increase in the blading length, the use of longer
last stage blades (LSB) providing a decreased energy loss with the exit
velocity, as well as some improvements in general design solutions, also
played a certain role in this efficiency rise. Of importance is that, since
the supercritical-pressure power units made up a significant portion of
the installed capacity in the Integrated Power Systems of the former So-
viet Union, many of them, especially gas/oil-fired 300-MW units in the
European part of that country, had to take participation in covering the
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variable part of power consumption graphs with deep unloading and/or
regular shut-downs for nights and weekends with subsequent start-ups
and catching up the load.>10

Turning to supercritical main-steam pressure made it possible to
reach the record-breaking values of the single capacity for both power
units as a whole and steam turbines in particular. The greatest single ca-
pacity for a fossil-fired steam-turbine power unit became equal to 1,300
MW. The first power units of this type were put into commercial op-
eration in the United States in 1972-73 at the power plants Cumberland
and Amos. In the subsequent years, the total number of such 1,300-MW
units at U.S. power plants increased to nine: two, commissioned in 1972
and 1973, have operated at the power plant Cumberland of TVA, and
seven have been in service at the AEP’s power plants: Amos 3 (since
1973), Gavin 1 and 2 (1974 and 1975), Mountaineer 1 (1981), Rockport
1 and 2 (1984 and 1989), and Zimmer (1991).10 These units, equipped
with CC (double-shift) steam turbines of ABB, have remained the largest
among the fossil-fuel power units up to now. Somewhat later, there ap-
peared some projects of fossil-fuel power units with the output of up to
1,600 and even 2,000 MW, but they have not come true. The largest TC
(single-shaft) high-speed steam turbine, with the rated output of 1,200
MW and maximum accessible output of 1,380 MW, was developed by
LMZ and commissioned in 1979 at the Kostroma power plant (Unit 9)
in Russia.l’#11 It might be well to mention, that later, at the turn of the
21st century, this turbine was excelled in its single capacity by low-speed
(1,500 rpm) TC turbines of ALSTOM called the Arabelle, with the rated
output of 1,500 MW, installed at the French nuclear power plants Chooz
and Civaux. Presently, under construction is the nuclear power unit Olki-
luoto 3 (Finland) to be launched in 2009 with a low-speed TC turbine of
Siemens Power Generation with the rated output of about 1,700 MW.12
Nevertheless, the 1,200-MW turbine of LMZ remains the largest one
among steam turbines for fossil-fuel power plants, even though this title
was sometimes given to other machines.1314

The rated steam conditions of the above mentioned 1,300-MW units
installed at the U.S. power plants are mainly 24.1 MPa, 538/538°C (3,500
psi, 1,000/1,000°F). These units were preceded and followed by other
supercritical-pressure steam-turbine units with approximately the same
steam conditions, but lesser single capacities put into operation at U.S.
power plants. They are, for example: the Widows Creek Unit 7 (500 MW,
1960), Bull Run Unit 1 (900 MW, 1966), Paradise Unit 3 (1,100 MW, 1969),
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and others. According to the North-American Electric Reliability Council
(NERC), even for the first years of commercial operation the reliability
indices (equivalent availability factor and forced outage rate) for super-
critical-pressure coal-fired power units with the output of 400-799 MW
at U.S. power plants, excepting the early, very first “supercriticals,” were
quite comparable and even better than those for similar subcritical-pres-
sure units.1915 For years, supercritical-pressure units have retained their
leading positions among the U.S. most efficient steam-turbine power
plants. In the list of top U.S. coal-fired power plants of 2001,1¢ ten of
20 power plants with the highest efficiency are completely or partially
furnished with supercritical-pressure units, even though all of them
were in operation for many years. For example, the operating plant heat
consumption of the Bull Run power unit with the net capacity of 870
MW and standard supercritical-pressure steam conditions of 24.1 MPa,
538/538°C (3,500 psi, 1,000/1,000°F) was equal to 8,861 kJ/kWh corre-
sponding to the efficiency of 40.63%, even though this unit was commis-
sioned in 1966 and has been in operation for about 35 years by 2001.
The total number of supercritical-pressure steam-turbine units com-
missioned at U.S. power plants until 1991 had accounted to 155.17 Thir-
teen of them, launched between 1967 and 1972, were double-reheat with
the steam temperatures equal to 538/538/538°C (1,000/1,000/1,000°F) or
538/552/566°C (1,000/1,025/1,050°F). Excepting nine cross-compound
1,300-MW turbines and some others delivered by Brown Boveri (later ABB,
then ALSTOM Power), the rest of supercritical-pressure steam turbines for
the U.S. power plants were produced by GE and Westinghouse.*
Beginning from the early 1960s, supercritical-pressure steam-tur-
bine units were put into operation in some other countries as well,
aside from the United States. The greatest number of such units were
installed in the former Soviet Union: 180 ones with 300-MW turbines
and 15 ones with 500-MW turbines of LMZ and KhTGZ, 14 units with
800-MW turbines, and one with 1,200-MW turbine of LMZ; this list
should be also supplemented with 22 cogeneration units with the rated
capacity of 250/300 MW with steam turbines produced by Ural Turbine-
Engine Works (TMZ). Longitudinal sections of HP and IP cylinders for
the 800-MW TC turbine of LMZ (K-800-23.5-5) are shown in Figure 2-4,
and Figure 2-5 demonstrates LP cylinders of the 800-MW and 1,200-MW

*Another source calls the number of the U.S. supercritical-pressure power units equal to
164, including pilot ultra-supercriticals, as well as some other experimental facilities.”
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Figure 2-4. Longitudinal sections of HP (a) and IP (b) cylinders for an
800-MW supercritical-pressure turbine of LMZ. Source: By courtesy of
LMZ
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turbines (each one has three LP cylinders). Longitudinal section of the
300-MW supercritical-pressure steam turbine of LMZ (K-300-240) can be
seen in Figure 12-15. Supercritical-pressure steam turbines of LMZ were
also installed in some other countries, such as Argentina, China, Iran,
and Yugoslavia.

Despite the greater number of supercritical-pressure units commis-
sioned in the Soviet Union, it ranked below the United States in their
total capacity. Considerable number of supercritical-pressure steam-tur-
bine units were launched in Japan; some units of this class were also con-
structed and implemented in Germany, Italy, Denmark, the UK, China,
the Netherlands, Finland, and some others.

Comparative number and total capacity of supercritical-pressure
steam-turbine units put into operation in diverse countries before 1991 is
given in Table 2-1. The border of 1991 is chosen because it was the year,
when the former Soviet Union collapsed and disintegrated. In addition,
just in 1991 the latest until now supercritical-pressure steam-turbine unit
was commissioned in the United States (the Zimmer power plant). Even
though the U.S. supercritical-pressure steam-turbine units quite assured
their high operating efficiency and reliability, impressive developments
of the 1990s in gas turbine technologies plus relatively low prices of
those years for natural gas provoked a boom in implementing power
generating facilities with the use of simple-cycle gas turbines and com-
bined-cycle (CC) units that featured pretty high efficiency, low capital
expenditures, and lower gas emissions. They almost completely took
over the investments for newly designed and constructed power capaci-
ties. It is characteristic that in the list of 488 U.S. power facilities over 50
MW recently completed, being under construction, and planned for con-
structing in 2001-2005 only 19 ones were steam-turbine-based, including
13 coal-fired power units with the output over 300 MW, 18 wind power
farms, 4 hydroelectric facilities, and all the rest were simple-cycle gas
turbines and CC units.

In the early 1960s, the United States also pioneered in developing
and mastering pilot commercial steam-turbine power units of ultra-su-
percritical (USC) pressure, that is, with the main steam pressure of 30
MPa and above (over 4,350 psi).* Most of these units were also designed
with elevated main steam temperatures of 593°C (1,100°F) and more. In

*Sometimes, the term of USC is erroneously applied to supercritical-pressure units with
the main steam pressure lower than 30 MPa, but with elevated main and/or reheat steam
temperatures—593°C and more.
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Table 2-1. The number and total capacity of commercial supercritical-
pressure steam-turbine power units (without ultra-supercritical-pres-
sure ones) put into commercial operation in diverse countries until
1991

Country Number Total
of Units  Capacity, GW  Main Turbine Manufacturers

USA 155 106.2 GE, Westinghouse, ABB

Soviet Union 232 79.4 LMZ, KhTGZ, TMZ

Japan 76 56.0 MHI, Hitachi, Toshiba, Siemens,
GE

Italy 16 10.56 Westinghouse, Ansaldo

Germany 16 9.19 Siemens, ABB

Denmark 7 2.43 ABB, Siemens

China 5 1.74 LMZ

UK 4 1.5 GEC Alsthom

Others 13 4.94 Siemens, LMZ, Westinghouse, ABB

Mainly based on data of P. Lubyl”

addition, the increased main steam pressure required to increase the re-
heat steam temperature or use double-reheat to avoid inadmissibly high
wetness at the LP exhaust. The most well-known of these pilot USC units
were 125-MW Philo Unit 6 with the turbine of GE and steam parameters
of 31 MPa, 621/565/538°C (4,500 psi, 1,150/1,050/1,000°F) and 325-MW
Eddystone Unit 2 with the turbine of Westinghouse and steam condi-
tions of 34.5 MPa, 650/565/565°C (5,000 psi, 1,200/1,050/1,050°F). Some
experimental power units were operated in Germany: for example, the
Hattingen Units 2 and 4 of a 107-MW output each, with a low super-
critical main steam pressure of 22.1 MPa (3,205 psi), but elevated main
steam temperature of 600°C (1,112°F); they were preceded by a few ex-
perimental steam turbines of a small capacity with advanced main steam
temperatures of up to 650°C (1,200°F). In 1967, a semi-commercial unit
with a 100-MW back-pressure turbine of KhTGZ for steam conditions of
29.4 MPa, 650/565°C (4,350 psi, 1,200/1,049°F) was implemented at the
Kashira power plant near Moscow, in the USSR; the outlet of this turbine
was connected to three existing older 50-MW condensing turbines of
medium steam conditions.!0 The use of “ultra-high” main steam tem-
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peratures required the use of austenitic steels for the most-stressed high-
temperature components of boilers and turbines, as well as hot steam-
lines. One of main disadvantages of such steels is the fact that they are
ill-welded with common Cr-steels. In addition, austenitic steels are more
vulnerable to unsteady thermal stresses arising at the transient operating
conditions. Shortcomings of austenitic steels were mainly responsible for
temporarily abandonment of the use of advanced steam temperatures in
steam-turbine units, and in this case the USC steam pressure unavoid-
ably required the use of double-reheat to get an acceptable wetness de-
gree for the LP last stage blades.

In 1989-91 two USC-pressure double-reheat 700-MW 3,600-rpm
steam-turbine units with the steam conditions of 31 MPa, 566/566/566°C
(4,495 psi, 1,050/1,050/1,050°F) were put into operation at the Japanese
power plant Kawagoe.1018-20 The turbine of such a unit (Figure 2-6),
developed by Toshiba, consists of the integrated super-HP-and-HP cyl-
inder, double-flow IP one, and two double-flow LP cylinders. Most of
turbine features, with exception of the integrated SHP-HP cylinder, are
very similar to those of preceding supercritical-pressure 700-MW units
for Japanese power plants. Field tests of the Kawagoe Unit 1’s turbine
completely confirmed its expected high performances. The turbine’s
gross (thermal) efficiency was found equal to 48%, as compared to 46.1%
for conventional supercritical 700-MW turbines of the same producer;
the unit’s net efficiency at the rated operating conditions amounted to
41.9%. Despite the USC steam conditions, the Kawagoe units were de-
signed to be capable of operating in a cycling mode.

For a time, transition to the USC steam pressure and double-reheat
scheme with a simultaneous increase of both the steam pressure and
temperatures was considered the general way for the further increase of
the power generation efficiency that should also decrease the environ-
mental impact of newly designed fossil-fuel power plants. The diagram
of assumed progress in the power plant efficiency of supercritical- and
USC-pressure power units, according to Hitachi, is shown in Figure 2-
721 According to Hitachi and Toshiba, the next design evolution step
was supposed to be presented by USC double-reheat 1,000-MW turbines
with the steam pressure of 31 MPa (4,495 psi) and steam temperatures
of 593°C (1,100°F). These turbines were expected to have a configura-
tion similar to the Kawagoe turbines. However, such units have not
appeared, and it can be said that this notion was defeated by another
approach to raising the steam turbine efficiency as applied to newly de-



e

= w /|
i)

ABOVE: Figure 2-6. Longitudinal section of a 700-MW
USC steam-pressure double-reheat turbine of Toshiba for
the Japanese power plant Kawagoe’s Units 1 and 2. Source:
H. Mimuro et al.19

RIGHT: Figure 2-7. Expected improvement in thermal
efficiency for USC double-reheat fossil-fuel power units
compared to common supercritical-pressure ones, accord-
ing to Hitachi.

1: first stage with conventional steam temperatures, 2: zone of
steam conditions accessible with the use of present technologies,
3: zone of technologies to be developed. Source: S.

Moria, M. Haraguchi, and Y. Yamazaki?!
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signed fossil-fuel power units, a new paradigm in steam-turbomachinery
bringing about a new remarkable increase in the turbine efficiency.

MODERN STEAM TURBINES WITH
ELEVATED STEAM CONDITIONS

Speaking only of turbines, not touching on boilers and high-tem-
perature steam-lines, a new breakthrough primarily ensued from two
main factors. The first one was the development of new heat-resistant
high-chromium-percentage steels that enable steam turbines to reach
pretty elevated steam temperatures without the use of austenitic steels.
And the second one was the development and mass implementation of
new advanced approaches to the turbine steam path design. As well,
noteworthy were remarkable achievements in developing longer LP
last stage blades (LSBs) that further decreased exit energy losses and
increased the steam turbine efficiency. As a result, there appears a pos-
sibility to increase considerably the turbine efficiency without resorting
to the use of USC double-reheat steam conditions, which, requiring a
special super-HP (SHP) turbine section, highly-stressed hot USC steam-
lines, and additional steam-lines of the second reheat, would make the
power unit’s scheme and turbine design excessively complicated. These
circumstances gave birth to a new trend in setting the steam conditions
for the most advanced steam-turbine units.

Of interest is an experience of developing and mastering fossil-fuel
power units with advanced steam conditions launched in Denmark just
at the turn of the century. After a few conventional supercritical-pressure
steam turbine units, with the steam conditions of 25 MPa, 540/540°C
or 560/560°C (3625 psi, 1,004/1,004°F or 1,040/1,040°F) commissioned
in 1973-92, in 1997-8 the Danish electric power utility ESLAM launched
two double-reheat 410-MW units Skeerbseek 3 and Nordjyllandsvaerket
3 with steam turbines of ALSTOM for the steam conditions of 29.0 MPa,
582/580/580°C (4,205 psi, 1,080/1,076/1,076°F)—see lines 4 in Figure
2-1.2223 The turbine is a five-cylinder machine with a single-flow very-
high pressure (VHP) cylinder, integrated HP-IP cylinder with single-flow
sections after the first and second steam reheat, additional double-flow
IP cylinder with asymmetrical flows IP1 and IP2, and two double-flow
LP cylinders separately fed with steam from the IP1 and IP2 sections.
The use of a double-reheat scheme was, in particular, desirable because
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of a deep vacuum in the condensers owing to the use of cold sea water
in the circulating contours. Schematic flow diagram of the turbine and
its general view are given in Figure 2-8. The unit’s net efficiency based
on the LHV makes up to 47%.

The Skaerbaeek 3 and Nordjyllandsveerket 3 units were followed by
the USC single-reheat cogeneration unit Avedere 2 with the steam con-
ditions of 30.0 MPa, 580/600°C (4,350 psi, 1,076/1,112°F)—see lines 5 in
Figure 2-1. The unit entered commercial operation at the end of 2001.24
The Avedere Unit 2 consists of three main modules: the USC power unit
burning mainly gas or coal with a small amount of heavy oil as supple-
mentary fuel, two gas-turbines providing peak load generation and used

19 bar 580 °C

76 bar 580 °C
290 bar 582 °C

A

A4/DH2  AJDHI 2
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Figure 2-8. Schematic flow diagram (a) and outside view (b) of the su-
percritical-pressure double-reheat 410-MW steam turbine of ALSTOM
for Danish power unit Nordjyllandsvarket 3

VHP—"very-high pressure” cylinder. Source: V. Jensen?3
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to preheat feedwater to the USC boiler, and biomass-burning boiler,
providing additional steam to the USC steam turbine. The turbine, de-
livered by Ansaldo Energia, can provide the maximum electric output of
535 MW and maximum heat output of 620 MJ/s. Because of significant
controllable steam bleedings, the turbine has a rather complicated five-
cylinder configuration, with separate single-flow HP and IP1 cylinders,
additional double-flow IP2 cylinder (with asymmetrical left-hand and
right-hand flows, each feeding its “own” LP cylinder), and two double-
flow LP cylinders with butterfly-type valves installed in the crossover
pipes before the cylinders. The turbine steam path was designed with
the use of an advanced three-dimensional (3D) methodology. All the
mentioned circumstances resulted in a pretty high efficiency of the unit.
In a pure condensing mode of operation, without steam extractions for
district heating, without the biomass boiler and gas turbines, according
to the data of actual operating experience, the unit’s net efficiency based
on low heat value (LHV) reaches up to 49.5% when firing gas and 48.0%
for coal, making this unit the most efficient in the world.?

A comparative diagram of the efficiency for the most advanced
Scandinavian supercritical- and USC-pressure fossil-fuel power units
against some relatively new subcritical-pressure units of the UK and
Hong Kong is given in Figure 2-9. Of importance is a difference in
the efficiency between Avedere 2 and Nordjyllandsveerket 3 in favor
of the former, even despite the double-reheat scheme of the latter and
quite insignificant difference in their main steam pressure. The further
raising of steam conditions up to 38.3 MPa, 702/720/720°C (5,554 psi,
1,296/1,328/1,328°F), according to the project called the Termie 700,
would make it possible to reach the net efficiency of up to 55%. However,
this project was postponed.

The latest experience of designing and mastering the newest USC-
and supercritical-pressure steam-turbine units put into operation in
1992-2005 in diverse countries throughout the world are given in Table
2-2, as if a continuation of Table 2-1.

It stands out that since 1992 the United States has constructed and
put into operation no supercritical and USC power units. This fact, as
well as some others (in particular, no new nuclear power units ordered
and constructed since 1978), gave ground to Jason Makansi, former
editor-in-chief of Power, to write, “The US quickly losing its renowned
leadership in the commercial application of advanced technologies for
power generation [that] are being applied commercially at large scale, or
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Figure 2-9. Progress in the net efficiency for modern Scandinavian
supercritical and USC fossil-fuel steam-turbine units supercritical and
USC units.

...subcritical units of the UK and Hong Kong. Source: G. Welford?®

will be soon, but at offshore locations.”?” A similar note can be addressed
to Russia as the Soviet Union’s scientific and technological successor; it
has kept on the implementation of supercritical-pressure steam-turbine
units, mainly developed and renewed in the past century, with their
quite moderate steam conditions, without any progress. True, from time
to time, there appears information about projects of new power units
with advanced steam conditions in both the USA232% and Russia30-33,
but all of them seem to be rather far from materialization.

Korea and China are carrying out their impressive programs of
constructing and implementing new large fossil-fuel capacities. Even
though most parts of the Korean and Chinese facilities presented in Table
2-2 are the units with a rather conventional supercritical steam pressure
of about 25 MPa (3,625 psi) and main and reheat steam temperatures of
about 540°C (1,004°F),3438 some newest power units are supposed to
operate with more advanced steam conditions. The turbines for these
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Table 2-2. The number and total capacity of commercial supercriti-
cal and USC steam-turbine power units put into operation in diverse
countries in 1992-2005

Country Number Total
of Units  Capacity, GW  Main Turbine Manufacturers
Japan 25 20.06 Hitachi, MHI, Toshiba, Siemens,
GE
Korea 24 13.54 GE, Doosan
China 18 11.6 Siemens, LMZ, MHI, ABB
Germany 13 9.4 Siemens, ABB
Russia 4 2.7 LMZ
Denmark 4 1.8 Siemens, ABB, Ansaldo
Australia 4 1.72 Toshiba, Ansaldo
USA — — —
Others 11 5.77 Siemens, MHI, LMZ, ALSTOM

Mainly based on data of P. Luby'”

projects are to be manufactured by foreign companies in cooperation
with domestic ones: GE and Doosan Heavy Industries & Construction
for Korean 500-MW units with steam conditions of 24.2 MPa, 566/593°C
(3,510 psi, 1,050/1,100°F) to be put into operation at the Tangjin Units
5 and 6 in 2005-6%° and Siemens Power Generation with participation
of Shanghai Turbine Works for Chinese 1,000-MW units with steam pa-
rameters of 26.2 MPa, 600/600°C (3,800 psi, 1,112/1,112°) to be commis-
sioned at the Yuhan beginning from 2006 and then at the Wajgaogiao-2
power plants.1440

Taking in consideration all these facts, it can be said that nowadays
the main future development trends in the fossil-fuel power industry
and steam turbomachinery are mostly shaped and worked out in Ger-
many and Japan, playing leading roles in these fields. In particular, this
can be seen from consideration of the design, first operation experience,
and field test results for two noteworthy power units commissioned at
the turn of the century in these two countries. They are the 907-MW unit
Q of the power plant Boxberg in Germany and 1,050-MW Tachibana-wan
Unit 2 in Japan.*! The efficiency figures for these two units provides a
benchmark for newly developed power plants. Meaningful is that, un-
like the Cawagoe power plant, which burns natural gas, both of the
considered power units burn solid fuel. As to the Tachibana-wan power
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plant, with commissioning its second unit, it reached the installed capac-
ity of 2,100 MW and became the largest, along with the Hekinan power
plant (3x700 MW), and most efficient coal-fired power plant of Japan.

The lignite-fired power unit Boxberg Q with a turbine of Siemens
(Figure 2-10) went on line in June 2000 and passed acceptance tests in
October of the same year. The turbine’s gross efficiency was found equal
to 48.5% with the unit’s net efficiency of 42.7%; the acceptance tests also
demonstrated the internal efficiencies for the HP and IP sections equal
to 94.2% and 96.1%, respectively.#243 Its steam conditions of 26.6 MPa,
545/581°C (3,860 psi, 1,013/1,078°F) differ only in a somewhat higher
reheat steam temperature from other German power units of the recent
years, such as other lignite-burning power units Schkopau 2x400 MW,
Schwarze Pumpe 2x800 MW, and Lippendorf 2x930 MW, as well as
hard-coal-fired supercritical units, such as the 510-MW Staudinger Unit
5, 550-MW unit for power plant Rostock, 750-MW Bexbach Unit 2, 910-
MW Heyden Unit 4, and some others. Higher steam conditions were
taken only for the Hessler’s 720-MW unit: 27.5 MPa, 578/600°C (3,990
psi, 1,072/1,112°F).44-47

One of the most characteristic German power plants, preceding the
Boxberg Q unit, is the Schwarze Pumpe (2x800 MW), with supercritical
steam conditions of 26.8 MPa, 547/565°C (3,886 psi, 1,017/1,049°F) and
four-cylinder steam turbines of Siemens (single-flow HP and double-flow
IP cylinders and two double-flow LP ones). It was the first ever experience
of using supercritical-pressure steam conditions at lignite-fired boilers. The
unit’s flow chart is presented in Figure 2-11.48 The plant’s feature is a dis-
charge of cleaned flue gas into the atmosphere through the cooling tower.
(This design solution was earlier worked up at the Staudinger Unit 5.) Be-
fore being desulphurized and entering the cooling tower to be discharged,
flue gas is cooled by the turbine’s main condensate. The turbines are
made with huge controllable steam extractions for the adjacent briquette
factory and district heating. The turbine’s two condensers are connected
in sequence with the cooling water. The plant was completed in 1998. The
acceptance tests demonstrated the net efficiency of 41.1% relating to the
plant as a whole; the net efficiencies of over 41% are also supposed for
other new power plants to be built in Germany.#?

The Tachibana-wan Unit 2 was put into commercial operation in
December 2000. With the gross efficiency of 49.0%, this turbine of MHI
(Figure 2-12) has been acclaimed the most efficient worldwide.?0 The
unit’s steam conditions of 25 MPa, 600/610°C (3,625 psi, 1,112/1,130°F)



Figure 2-10. Longitudinal section
and general view of a 1,000-MW-
class supercritical-pressure steam
turbine of Siemens. Source: U. Hoff-
stadt*2.
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Figure 2-11. Flow chart for power units of Schwarze Pumpe. Source:
“Schwarze Pumpe: a new era...”48

represent the next step in the staircase of raising the main and reheat
steam temperature level shown in the diagram of Figure 2-13. In this
process, the main steam pressure has remained approximately invari-
able at the level of about 24-25 MPa (3,480-3,625 psi), whereas the main
and reheat steam temperatures considerably grew. The preceding power
units had the main and reheat steam temperatures at the level of 593
and 600°C (1,100 and 1,112°F)—beginning from the 700-MW Hekinan
Unit 3 and up to the 1,000-MW Matsuura 2 and Misumi 1 Units.>1—23 To
a great degree, this steam temperature growth has been also substanti-
ated by practice gained at an experimental 50-MW steam turbine of the
Wakamatsu experimental plant with the main and reheat steam tempera-
tures of 593°C at the first investigation stage (1986-90) and main steam
temperature of 650°C at the second stage, after 1990.54

A similar process of raising the steam temperatures went at power
plants with steam turbines of other Japanese turbine producers. Thus,
in 1998 Hitachi implemented the 1,000-MW Haramachi Unit 2, with
the steam conditions of 24.5 MPa, 600/600°C (3,550 psi, 1,112/1,112°F),
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Figure 2-12. Longitudinal section (a) and outside view (b) of a 1,000-
MMW-class CC steam turbine of MHI for a supercritical steam pressure
and elevated main and reheat temperatures. Source: By courtesy of Mit-
subishi Heavy Industries
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Figure 2-13. Evolution of steam conditions for MHI steam turbines.
Source: By courtesy of Mitsubishi Heavy Industries

and supposed to launch in 2005 the first power unit with the main and
reheat steam temperatures equal to 630°C (1166°F).%5-57 According to
Hitachi, the raise of steam conditions from 24.1 MPa, 538/566°C (3,495
psi, 1,000/1051°F) to 24.5 MPa, 600/600°C (3,552 psi, 1,112/1,112°F) as
applied to the 1,000-MW power units Shinchi 1 and Hitachinaka 1 (com-
missioned in 2003) should increase the thermal efficiency from 41.89% to
43.78% 58 Similarly, after two USC-pressure double-reheat 700-MW tur-
bines of Kawagoe, Toshiba produced and implemented a supercritical-
pressure 700 MW turbine with the main and reheat steam temperatures
of 593°C (1,100°F) at the Nanao power plant and two supercritical-pres-
sure 1,000 MW TC turbines of the Hekinan Units 4 and 5 with the steam
temperatures of 566/593°C (1,050/1,100°F); in the nearest future, it is
supposed to raise the steam temperatures for new power units to 610°C
(1,130°F).5?

The gross efficiency value for the most efficient steam turbines of
German and Japanese power plants put into operation at the end of the
20th century, including those of the Boxberg Unit Q and Tachibana-wan
Unit 2, are brought together in Table 2-3.

Of significance is that these turbines achieved their close efficiency
values at materially different steam conditions. According to MHI, a
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Table 2-3. The gross efficiency data for the most efficient German and
Japanese steam turbines of the recent years

Power Rated Steam Steam Conditions, Turbine Put in
Unit, Output,  Turbine MPa-°C (psi-°F)  Efficiency, ~Operation
Country ~ MW  Producer % in (year)
Hekinan 700 MHI 24.0-538/593 47 .4 1993
Unit 3, (3,480-1,000/1,100)
Japan
Hefler, 720 ABB 27.5- 578/600 47.6 1997
Germany (3,990-1,072/1,112)
Kawagoe 700 Toshiba 31.0- 566/566/566 48.4 1989
Units 1 &2, (4,495-1,050/
Japan 1,050/1,050)
Boxberg Unit 907  Siemens 26.6, 545/581 49.0 2000
Q, Germany (3,860-1,013/1,078)
Tachibana- 1,050 MHI 25.0- 600/610 49.2 2000
wan Unit 2, (3,625-1,112/1,130)
Japan

steam temperature increase from 538/593°C (1,000/1,100°F) to 600/600°C
(1,112/1,112°F), with the same steam pressure, makes a turbine more ef-
ficient by 2.2%;%0 that is, its efficiency rises by approximately 1.1%. Ac-
cording to calculations of Siemens, raising the steam conditions from 25
MPa, 540/560°C (3,625 psi, 1,004/1,040°F) to 27 MPa, 585/600°C (3,915
psi, 1,085/1,112°F) should increase the turbine efficiency by 1.1%.60.61
So, closeness of the actual efficiency values for the same capacity class
turbines with remarkably different steam temperatures, and with regard
to differences in the condenser vacuum, feedwater heating, and so on,
says that at least some of these turbines have noticeable reserves for in-
creasing their efficiency by reducing losses in the steam path and using
more advanced design solutions. What is more, all these turbines have
potentials for improving their internal efficiency further. (A comparative
consideration of main design features for modern large power steam
turbines, including the above mentioned ones, will be given in the next
sections.)
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POTENTIAL RISE OF STEAM CONDITIONS
IN THE NEAREST FUTURE

Even though the efficiency values reached at the considered power
units are quite impressive, they likely represent only interim, temporary
benchmarks to be surpassed in the nearest future. A potential champion
could be, for example, the largest German lignite-fired NiederaufSem Unit
K, commissioned in 2002.6264 Compared to the Boxberg Unit Q, the Nie-
deraulem Unit K, equipped with a Siemens turbine similar to the Boxberg
Q one, has more advanced steam conditions of 27.4 MPa, 580/600°C (3,990
psi, 1,076/1,112°F), lower condenser pressure, and a 25% larger exhaust
area thanks to the use of longer LSBs. This units, with its optimized en-
gineering (called BoA), at the first stage of its operation achieved an effi-
ciency level of 439% 65 but it is expected to have 45.2%. For comparison, the
previous 600-MW units of the same plant (Units G and H), with the steam
conditions of 17.4 MPa, 530/530°C (2,525 psi, 986/986°F), commissioned
in the mid-70s, have the net efficiency of 35.5%.

The next lignite-fired 670-MW power unit is to be built at the same
Boxberg power plant site (Unit R); it should have steam conditions of
28.5 MPa, 600/610°C (4,132 psi, 1,112/1,130°F) and reach the net effi-
ciency of almost 44%. Two 820-MW hard-coal-fired power units with the
same steam conditions are planned to be constructed at the site of the
former Moorburg power plant.® An even higher net efficiency value is
targeted for the power plant Westfalen’s newly projected Unit D, with
the single capacity of 350 MW and highest in Germany steam conditions
of 29 MPa, 600/620°C (4,210 psi, 1,112/1,148°F).#” The same steam con-
ditions are set as applied to a so-called “reference power plant” for the
North Rhine-Westphalia (RPP NRW) project.®7.68 The gross plant capac-
ity is set equal to 600 MW (the net output of 556 MW). The RPP NRW is
expected to reach the net efficiency of 45.9%.

High performances are also expected from new Japanese power
units, due to further heightening their steam conditions—up to 30 MPa,
630/630°C (4,350 psi, 1,166/1,166°F) and combined employment of de-
veloped advancements in the turbine steam path.>” True, the next power
units commissioned in Japan after the Tachibana-wan Unit 2 had the
main and reheat steam temperatures not exceeding 600°C (1,112°F)—for
example, the coal-fired 700-MW Tomatoh-Atsuma Unit 4 (commissioned
in 2002), 1000-MW Hitachinaka Unit 1 (2003), 600-MW Hirono Unit 5 and
900 MW Maizuru Unit 1 (both commissioned in 2004), and others.5869-71
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Heat rate improvements in the past, present and nearest future for
fossil-fuel power plants, due to raising their steam conditions as applied
to technologically developed and economically and ecologically driven
markets, are shown in Figure 2-14.72 According to ALSTOM Power, steels
suitable for a supercritical process with a steam pressure up to 27 MPa
(3,915 psi) and main and reheat steam temperatures of 580 and 605°C,
respectively (1,076/1,121°F), are now successfully in the use at many
power plants and have completely met with expectations. A further rise
of steam temperatures needs steels with higher long-term creep strength.
Such an innovation of design materials has advanced, in particular,
thanks to the COST program (Co-Operation in the field of Scientific and
Technical researches) supported by the European Union. Different types
of steel with high long-term creep strength at high process temperatures
are being developed and tested.

The next chart of Figure 2-15 depicts the key influence of develop-
ments in high-temperature resistant materials and component optimi-
zation on the net power plant efficiency as applied to a hypothetical
700-MW power unit.61,7374 According to Siemens, the existent chromium
steel P91 has permitted the use of steam conditions of up to 27 MPa,
580/600°C (3,915 psi, 1,046/1,112°F), whereas the further transition to
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Figure 2-14. Gradual advancement of materials for steam-turbine
power plants and its influence on power generation efficiency. Source:
A. Tremmel and D. Hartmann’?
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the wolfram-alloyed steel NF12 should enable steam parameters of 30
MPa, 625/640°C (4,350 psi, 1,157/1,184°F). Research and development
efforts have been started to qualify nickel-based alloys for the hottest
design components, making it possible to raise the steam temperatures
up to 700/720°C (1,262/1,328°F). The right-hand side of the chart shows
potentials of component developments in heat cycle optimization. With
all these measures, the net power plant efficiency of 50% seems to be
quite reachable and even visible.

The steam condition increase really enables a considerable rise
of the turbine’s and power unit’s efficiency. Along with this, as said
above, remarkable reserves in the turbine efficiency increase lie in im-
provements of the internal turbine design, and these possibilities can be
materialized with much lesser expenditures than those needed for the
steam condition increase up to their limit values. The considered data of
Table 2-3 lead to the conclusion that a very favorable level of the thermal
efficiency, quite comparable to that attainable with the use of extreme
steam conditions and rather complicated scheme and design solutions,
could be reached and kept even presently and in the nearest future with
the use of rather moderate supercritical steam pressure and moderately
elevated steam temperatures—up to 593-600°C (1,100-1,112°F), thanks to
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Figure 2-15. Potential efficiency increase for hard-coal-fired power
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an advanced design of the turbine’s steam path. It is especially important
for electric power utilities with a lack of experience in operating super-
critical-pressure units and once-through boilers.

From this point of view, it seems absolutely reasonable that, for ex-
ample, the first Canadian supercritical-pressure unit at the power plant
Genesee Phase 3, commissioned at the end of 2004, has pretty conserva-
tive steam conditions of 25.1 MPa, 570/568°C (3,640 psi, 1,058 /1,054°F).7>-
78 With the rated output of 495-MW and efficiency of 43.6%, or a gross
heat-rate of 8,524 kJ/kWh, it is considered to be 18% more efficient than
an average existent coal-fired unit of Alberta, Canada. The unit project is
based on a proven 500-MW Hitachi reference plant, capable of operating
at sliding steam pressure. The unit’s turbine, as well as its other main
power equipment, is produced and delivered by Hitachi. It is a very
compact two-cylinder TC machine with the integrated HP-IP cylinder
and double-flow LP one.

Similarly, the first after 14 years U.S. supercritical-pressure unit for
the Council Bluffs Energy Center (CBEC) is constructed for the steam
conditions of 24.7 MPa, 565/593°C (3,675 psi, 1,050/1,100°F) and with
Hitachi’s power equipment.”?80 The net output of the turbine is to be 790
MW; according to other sources, the rated net output is 870 MW. This
will be the largest Hitachi steam turbine produced for service outside of
Japan. The project was supposed to be completed in 2007. In the same
year, it is assumed to begin construction of a 950-MW USC-pressure
coal-fired unit called the Red Rock Generating Facility for Public Service
Company of Oklahoma to be on-line in 2011.81

By the same token, for example, the first supercritical-pressure
power units of Thailand (the Ratchaburi Units 1 and 2, with the gross
output at the generator terminals of 735 MW, in operation since 1999-
2000) were designed by Mitsubishi Heavy Industries with very moderate
steam parameters of 24.2 MPa, 538/566°C (3,510 psi, 1,000/1,050°F).82
The same steam conditions were set for the first two supercritical-pres-
sure steam turbines produced by MHI for Taiwan and put in operation
in 1999. In Australia, first supercritical-pressure power units commis-
sioned in 2001-3 (Tarong North—450 MW, Callide C—2x420 MW, and
Millmerran—425 MW), with steam turbines produced by Hitachi (first
two projects) and Ansaldo, have main and reheat steam temperatures at
the level of 566°C (1,050°F), and the new supercritical-pressure power
unit of 750 MW for the power plant Kogan Creek, to be the largest in
the country, is also projected for the very conservative steam parameters



38 Steam Turbines for Modern Fossil-Fuel Power Plants

of 25 MPa, 540/560°C (3,628 psi, 1,004/1,040°F). The scheduled com-
mercial operation date is August 2007; the unit’s turbine is delivered by
Siemens.8384

It was mentioned before that all the first 500-MW supercritical-
pressure units of Korea have conservative steam conditions of 24.1
MPa, 538/538°C (3,495 psi, 1,000/1,000°F), the 800-MW units have main
and reheat steam temperatures of 566°C (1,050°F), and only after about
ten-year experience of these supercritical-pressure units the steam tem-
peratures for the newest 500-MW units were raised up to 566/593°C
(1,050/1,100°F).34 Similarly, all the early Chinese supercritical-pressure
power units, with steam turbines of the single capacity of 320, 500,
600, 800, and 900 MW produced by ABB, LMZ, MHI, and Siemens,
have the main and reheat steam temperatures not exceeding 540/566°C
(1,000/1,050°F). The flowchart diagram for the 800-MW LMZ turbine as
applied to the coal-fired power plant Suijun (the first two units of four
went into commercial operation in 2000) is shown in Figure 2-16.37 As
applied to the power plant Waigaoqiao Phase II (2x900 MW) with steam
turbines of Siemens, put into commercial operation in 2004, with approx-
imately the same steam conditions of 24 MPa, 538/566°C (1,004 /1,050°F),
it is supposed to reach the net efficiency based on the LHV a little over
42%.35 And only after accumulating some experience in operating these
early (for that country) supercritical units, the first supercritical-pres-
sure power plants with really advanced steam temperatures of 600°C
(1,112°F) were ordered: 1,000-MW units for the power plants Yuhan, also
with Siemens turbines.3840 The power plant is projected to use relatively
warm sea water for cooling the condensers. With the resulted relatively
low vacuum in the condensers, the expected power plant efficiency is
assessed at the level of somewhat over 44%, and the turbine is designed
as a four-cylinder machine—with two double-flow LP cylinders (as dis-
tinct from the above mentioned 1,000-MW-class turbines of Siemens with
three LP cylinders).!4
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Chapter 3

Configuration of Modern
Power Steam Turbines

LARGE POWER STEAM TURBINES

Since the early 1960s, the quest for raising a single capacity of steam
turbines to the record-breaking figures frequently led to designing some
turbines as cross-compound (CC), that is, double-shaft, to provide a nec-
essarily great exhaust area of the LP cylinders with the limited length of
the last stage blades (LSBs), without an excessive increase of the cylinder
number and, as a result, the total turbine length. This was especially typ-
ical for U.S. and Japanese power plants working with the grid frequency
of 60 Hz. In this case, the centrifugal stresses in the LSBs for a full-speed
turbine would be 1.44 times greater than those if the frequency made up
50 Hz, all other things being equal. As a result, for example, with the
available LSBs of those years, the above mentioned 1,300-MW turbines of
ABB, installed at several U.S. power plants, needed four double-flow LP
cylinders. Thus, settled on the same shaft-line together with the double-
flow HP and IP cylinders, they would have shaped a caterpillar-like six-
cylinder machine with many potential problems in service. In addition,
at that time it would be rather problematic to manufacture an electric
generator of such an output. So the turbine was made with two full-
speed shafts, and all the six cylinders were “evenly” distributed between
them: one high-temperature (HP or IP) cylinder and two LP ones on each
shaft.! Such an approach does not look like optimal and is obviously in-
ferior in effectiveness to the CC concept with all the LP cylinders located
separately on the half-speed shaft, making possible to use much longer
LSBs and reduce the number of LP cylinders. An example of such a CC
turbine (a 1,000-MW-class turbine of MHI) can be seen in Figure 2-12,
and all the modern large CC turbines, mostly for the grid frequency of
60 Hz, with the single capacity of about 900-1,050 MW, follow this con-
cept and have two double-flow LP cylinders at the half-speed shaft and
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HP and IP cylinders settled at the full-speed
shaft. This scheme makes it possible to cope
with large volumetric steam flow amounts
through the LP exhausts, not excessively
increasing their number, and simultaneously
provide a high internal efficiency in the full-
speed HP and IP cylinders. Nevertheless, it
is understandable that the TC turbine con-
figuration would be much more preferable
in terms of capital expenditures and service
convenience. Recent achievements in creat-
ing longer LSBs (this subject is considered in
one of the next chapters of this book) now
allow turbine designers to make full-speed
TC turbines of a 1,000-MW-class even for the
electric power utilities with the frequency
grid of 60 Hz, that is, for the rotation speed
of 3,600 rpm.

In particular, Mitsubishi Heavy In-
dustries announced of completing a new
standard series of integrally-shrouded LSBs,
including the 45-in (1,143 mm) titanium LSB
for 3,600 rpm and 48-in (1,220 mm) steel
blade for 3,000 rpm. By applying them, MHI
declared it is ready to produce a 1,000-MW-
class 3,600-rpm four-cylinder turbine with
four LP flows (Figure 3-1) as an alternative to
the CC configuration (see Figure 2-12) having
been used until the recent years.2 The 48-in
steel LSBs were already used at the 600-MW
3,000-rpm TC turbine, commissioned in 2004
at the Japanese power plant Hirono’s Unit 5;
3 the turbine is made in two cylinders: with

Figure 3-1. Longitudinal section of MHI's
proposed TC-type steam turbine of a 1,000-
MW class for advanced steam conditions.
Source: By courtesy of Mitsubishi Heavy Indus-
tries
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the integrated HP-IP cylinder and one double-flow LP one—Figure 3-2.
This 600-MW turbine seems to be the largest two-cylinder machine in
service and have the worldwide biggest load per LP exhaust—300 MW.
According to MH]I, in the future it is supposed to increase the single
capacity of TC two-cylinder turbines (HP-IP + one double-flow LP cyl-
inders) up to 750 MW; thus a three cylinder turbine (HP-IP + two LP
cylinders) could provide an output of up to 1,000 MW.24

Nevertheless, until recently the largest TC steam turbines produced
by Japanese manufactures were two 735-MW supercritical-pressure tur-
bines of MHI installed at the Thailand power plant Ratchaburi’s Units 1
and 2, put in operation in 2000.° The maximum gross output of such a
turbine makes up 841 MW; the rotation speed is 3,000 rpm. The turbine
repeats in its configuration the proposed 1,000-MW turbine shown in
Figure 3-1: a four-cylinder machine with double-flow HP and IP cylin-
ders and two double-flow LP ones, but in this case the LSBs are 900 mm
(354 in) long.

The first 1,000-MW full-speed TC turbines for the grid frequency of
60 Hz (that is, with the rotation speed of 3,600 rpm) were manufactured
by Toshiba and went on line at the Hekinan Units 4 and 5 in 2004.6 The
readiness to produce TC steam turbines of a 1,000-MW class has also
been announced by Hitachi—instead of CC turbines like those recently

Figure 3-2. Outside view of a 600-MW TC turbine of MHI for advanced
steam conditions. Source: By courtesy of Mitsubishi Heavy Industries
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installed, for example, at the 1,000-MW 3,000 rpm power units Hara-
machi 2 and Hitachinaka 1.”8 Longitudinal sections of such proposed
turbines of Hitachi for the rotation speed of 3,600 rpm and 3,000 rpm are
presented in Figure 3-3. Even though these turbines were supposed to
have the LSBs of a smaller length compared to the above mentioned LSBs
of MHI, these turbines also comprise only two double-flow LP cylinders.
They are to be furnished with the LSBs of a 1,016-mm (40-in) length for
3,600 rpm and 1,092-mm (43-in) length for 3,000 rpm. The same 40-in
LSBs are applied to Hitachi’s standard 700-MW turbines for Japanese
power plants with the grid frequency of 60 Hz,? as well as are to be ap-
plied to the 495-MW turbine for the first Canadian supercritical-pressure
unit of Genesee Phase 3 (with one double-flow LP cylinder—TC2F-40)
and 870-MW turbine for the U.S. CBEC Unit 4 (with two double-flow
LP cylinders—TC4F-40).10 Their analogue for the grid frequency of 50
Hz—a 700-MW three-cylinder turbine for the steam conditions of 25
MPa, 600/600°C (3,625 psi, 1,112/1,112°F)—is shown in Figure 3-4a.1l A
similar 700-MW 3,600-rpm turbine (Figure 3-4b) with the main and re-
heat steam temperatures of 593°C (1,100°F) was produced by Toshiba for
the power plant Nakano.® For a time being, these 700-MW turbines seem
to be the worldwide largest machines using integrated HP-IP cylinders.

If MHI designs its turbines as reaction-type machines, Hitachi and
Toshiba turbines are traditionally designed with impulse-type blading
what considerably tells on the turbine configuration. In particular, the
HP cylinders of the 1,000-MW turbines shown in Figure 3-3 are single-
flow. The turbines are designed with nozzle-group steam admission
control, and their control stages are made double-flow to reduce large
alternating forces influencing their rotating blades at partial loads.

Until 2002, the largest West-European TC turbines for fossil-fuel
power plants in service had the single gross capacity of 933 MW—two
ABB turbines for the German lignite-fired power plant Lippendorf with
the steam conditions of 25.9 MPa, 550/580°C (3,755 psi, 1,022/1,076°F).12-
14 The turbine’s longitudinal section is presented in Figure 3-5a. The
turbine is designed with the use of standardized modules for the main
steam valve blocks (see Figure 3-5b), HP (see Figure 3-5¢), IP, and LP (see
Figure 3-5d) cylinders.!> Both the HP and IP cylinders have horizontal
inlets with single-seat angle valves, connected directly to the cylinders,
without any crossover pipes. This makes the turbine more compact,
improves the turbine’s responsiveness, diminishing the steam volumes
between the valves and steam path, reduces inlet energy losses, provides
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Figure 3-3. Longitudinal sections of Hitachi’s proposed TC-type steam turbines of
a 1,000-MW class for advanced steam conditions as applied to the grid frequencies
of 60 Hz (a) and 50 Hz (b). Source: Y. Nameki et al.”
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an easy access to the turboset on the foundation, and makes dismantling
and reassembling the turbine less laborious. The inlet passages of all the
cylinders are designed as a scroll, or spiral, with a radial first blade row,
ensuring lower energy losses in the inlet zones. With its three double-
flow LP cylinders, this turbine has the total number of cylinders equal to
five—the maximal admissible number. Earlier, the Russian record 1,200-
MW turbine and standard 800-MW turbines were designed by LMZ with
the same number of cylinders. The above mentioned 1,000-MW-class Sie-
mens turbine presented in Figure 2-10 is also arranged in five cylinders.
Such long and heavy machines need special countermeasures to provide
the freedom of their thermal expansion. This subject is considered in one
of the subsequent chapters.

With the net efficiency of 42.4%, the Lippendorf has been one of
the most efficient solid-fuel-fired power plants worldwide. But the single
capacity of its turbines was excelled by the steam turbine of Siemens
PG installed at the power plant Niederauem’s Unit K with the gross
output at the generator terminals equal to 1,012 MW (the net capacity of
965 MW).16-18 The unit was put in commercial operation in fall 2002. Its
turbine’s configuration, with the single-flow HP cylinder, double-flow
IP one, and three double-flow LP cylinders, is identical with that of the
Boxberg Q’s turbine shown in Figure 2-10. The main difference is that
the 39-in (1,000-mm) LSBs used for the Boxberg Q turbine were replaced
with the 45-in (1,146-mm) LSBs, increasing the annular exhaust area by
25%—from 10.0 m? per flow up to 12.5 m2. Along with this, as applied
to warmer cooling water, these longer LSBs allowed Siemens to make a
1,000-MW turbine with only two double-flow LP cylinders, as it is al-
ready suggested by Siemens for the Chinese Yuhan power units.? And,
at last, transition to the titanium 55-in (1,400-mm) LSBs made it possible
to design the above mentioned 600-MW turbine for the RPP NRW proj-
ect consisting of three cylinders—that is, with only one double-flow LP
cylinder, without sacrifice to the turbine efficiency.2%21 The longitudinal
section of this turbine is given in Figure 3-6.

Some cogeneration turbines, even of a smaller single capacity, can
also be designed with a great number of cylinders, especially if it refers
to double-reheat turbines. Thus, for example, the 410-MW double-reheat
turbines of ALSTOM for the Nordjyllandsveerket Unit 3 and Skeerbaeek
Unit 3 (see Figure 2-8) and 570-MW USC-pressure turbine of Anasldo
for the Avedere Unit 2 have five cylinders with two double-flow LP cyl-
inders and an additional asymmetrical double-flow IP cylinder, whose



Figure 3-5. Longitudinal section of a TC 933-MW steam turbine of ABB for the Lippendorf power plant (a),
main steam valve block with main stop (1) and control (2) valves (b), and scroll inlets for the HP (c) and LP
(d) cylinders. Source: L. Busse and K.-H. Soyk!? and H. Lageder and P. Meylan!®
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Figure 3-6. Longitudinal section of a proposed 600-MW steam turbine
of Siemens for the RPP NRW project. Source: H.-]. Meier et al.?!

right-hand and left-hand flows feed separate LP cylinders and differ-
ent district network-water heaters. Besides, such a turbine comprises a
separate VHP cylinder and an integrated HP-IP one, which cannot be
united into a common structure. Along with this, the above mentioned
700-MW USC-pressure double-reheat turbine of Toshiba (see Figure 2-6)
is arranged in four cylinders, with the integrated SHP-HP, double-flow
IP, and two double-flow LP ones.

Of interest is to compare general design solutions of the considered
Siemens and ABB 1,000-MW-class turbines (see Figures 2-10 and 3-5a)
with those of the proposed TC 1,000-MW turbine of MHI shown in Fig-
ure 3-1. Such a comparison seems especially instructive since turbines
of all these three companies have reaction-type steam paths. If MHI
turbines are more traditional and conservative in their design, ABB and
Siemens use some original and non-trivial design solutions. Along with
this, as we can see, MHI, as well as the other Japanese turbine producers,
is more courageous in applying advanced steam temperatures.

The most obvious difference is that both the ABB and Siemens
turbines have single-flow HP cylinders, whereas all the cylinders of the
MHI turbine are double-flow. The single-flow version potentially brings
lesser secondary energy losses in the steam path due to taller stage blad-
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ing, whereas the double-flow design provides fully counterbalanced
axial thrust and less steam leakage through the end gland seals. The
high-temperature (HP and IP) cylinders of all the considered turbines
have a two-casing design. However, both ABB and Siemens turbines, as
distinct from the considered ALSTOM, Hitachi, LMZ, MHI, and Toshiba
turbines, are designed with throttle steam admission control, without
nozzle boxes in the HP cylinders. As a result, without the control stage
of a greater diameter relating to the rest HP stages, the inner HP casing
can acquire a simpler, almost cylindrical shape, without a “hump,” char-
acteristic for HP cylinders with nozzle boxes (see Figures 2-2, 2-4a, 2-12,
3-2—3-4). On the other hand, with the nozzle boxes, the inner HP casing
undergoes less steam pressure difference and lower steam temperatures
what makes it less prone to distortion under action of thermal stresses.

As to steam turbines of ABB, in order to decrease these stresses in
the HP inner casing, it is commonly made flangeless with shrinking rings.
These rings are fitted onto the inner casing when it is fully assembled
together with the rotor, before it is finally laid into the bottom of the
outer casing. The outer casing acquires a simpler (almost cylindrical)
geometric shape and is heated more even. Such a design solution was
also applied by ABB even if the turbine was made with an integrated
HP-IP cylinder and nozzle-group steam control (with the nozzle boxes
and control stage), as for the 600-MW supercritical-pressure turbine in-
stalled at the U.S. power plant Cardinal Unit 3, or with a double-flow
HP cylinder, as for the above mentioned 1,300-MW supercritical-pressure
turbines installed at several U.S. power plants—Figure 3-7.

The HP cylinders of Siemens turbines (see Figures 2-10 and 3-6) are
traditionally designed with a so-called “barrel-type” outer casing with-
out a horizontal joint, although the inner casing traditionally consists of
two halves with a horizontal flange joint. The highly symmetrical design
of the HP inner and outer casings allowed them to avoid high thermal
stresses even under conditions of very high steam pressure and tempera-
ture. The compact design of the HP outer casing joined together with
the integrated main stop and control valve units can be seen in Figure
3-8. The inner casing is of a practically cylindrical shape with small lon-
gitudinal flanges not exposed to a great pressure difference. The set of
the assembled inner casing and rotor is vertically loaded into the outer
casing, and the cylinder is delivered to the site as a whole. Even though
Siemens PG designs its large steam turbines with full-arc steam admis-
sion (that is, without a control stage) and reaction-type blading, the first
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Figure 3-7. Longitudinal sections of an integrated HP-IP cylinder (a)
and double-flow HP cylinder (b) for 600-MW and 1,300-MW supercriti-
cal-pressure steam turbines of ABB, respectively. Source: F. Hard?? and
K. Reinhard et al.?3

HP stage with tilted stationary blading is of an impulse type. It not only
provides optimal conversion of radial to axial flow patterns, but also
decreases the leakage losses and rotor metal temperatures owing to the
greater enthalpy drop across the impulse-type stationary blade row. This
advantage is illustrated by the schematic of local temperature reductions
shown in Figure 3-9a. Similar conditions take place for the double-flow
IP turbine admission. The IP rotor surface in the steam admission zone is
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shielded against the steam entering the cylinder and is mainly swept by
steam after the first stage’s tilted stationary blading, passing through the
vortex bores in the shield; the resulted effect is shown in Figure 3-9b.
More often than not, the main and reheat valves for most of mod-
ern large steam turbines are settled immediately close to the turbine—see
Figures 2-10 and 3-5b, whereas for turbines of the past vintages the valve
steam-chests are connected to the turbine cylinders with relatively long

(a)

(b)

Figure 3-8. Assembling a barrel-type HP cylinder (a) of a Siemens tur-
bine, its cross section through the steam admission plane (b), and the

unit of main stop and control valves (c)
1 and 3: actuators, 2: steam strainer, 4: control valve steam chest, 5: stop valve

steam chest. Source: H. Oeynhausen et al.?* and U. Sill and W. Zorner?
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Figure 3-9. Steam temperature reduction in the HP (a) and IP (b) steam
admission zones of a 1,000-MW-class turbine of Siemens. Source: H.
Oeynhausen et al.24

crossover pipes—see Figures 2-8b and 2-12. In the case of turbine trips,
when the turbine valves are rapidly closed, the amount of steam rested in
these pipes causes an additional increase of the rotation speed. Besides,
these crossover pipes require special heating procedures at start-ups to
avoid steam cooling and even water induction when steam is given to
the turbine. The problem is aggravated by the fact that during the tur-
bine outages the crossover pipes because of their much lesser masses
and relatively great areas of the outer surfaces cool down much sooner
than the turbine cylinders. If the steam-chests of the stop and control
main or intercept valves are settled separately, the same problem arises
with the crossover pipes between these steam-chests. Fortunately, most
modern large steam turbines are furnished with stop and control valves
united in blocks. Both ABB and Siemens PG use single-seat angle valves
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(see Figures 3-5b and 3-8c) well advanced in terms of energy losses and
sensitivity to vibration.

An important peculiarity of the ABB turbines is the arrangement
of their steam admission parts as applied to both the HP, IP, and LP
cylinders. The inlet passage of all these sections is designed as a scroll,
or spiral—see Figures 3-5¢ and 3-5d. This ensures low energy losses in
the inlet zones and an optimal steam flow to the first radial-axial blading
row. Presently, scroll-type steam inlet is also used by some other turbine
producers—in particular, it is applied by MHI at single-cylinder steam
turbines for CC power units.2® The diffusers after the main steam and
intercept control valves also act as the inlet ducts to the corresponding
inner casings of the HP or IP cylinder.

Both the ABB and Siemens turbines have the journal bearings
mutual for the adjacent rotors, whereas each rotor of steam turbines
designed by the other producers commonly rests on two “own” bear-
ings, and, for example, a four-cylinder turbine has eight journal bearings
instead of five for ABB and Siemens machines. The greater number of
bearings increases the turbine length. This makes thermal expansion of
the turbine somewhat more difficult, as well as somewhat increases the
capital expenditures, but simplifies the turbine assembling and disas-
sembling. The bearing systems of the ABB and Siemens turbines also
have some additional important features that make thermal expansion
of the turbine easier which are to be considered below.

All the HP, IP, and LP rotors of the ABB turbine (see Figure 3-5a)
are of a welded type, that is, they are welded from individual forged
parts. The main and undisputable advantage of such rotors is a high
controllability of the welded parts and a possibility to use forgings of
relatively small sizes and check them thoroughly before welding. This
allows manufacturing the rotor (or its constituents) without a central
bore. The maximum centrifugal stresses on the rotor axis are as much
as approximately twice lesser than those in a forged rotor with a central
bore, all other things being equal. Noteworthy is also that stress fields
in relatively thin discs are practically two-dimensional, that somewhat
additionally decreases the centrifugal and thermal stresses in them. The
welded rotors are more rigid and have smaller weight sag, so the tur-
bine is less prone to vibration, and its critical rotation speed increases.
Nevertheless, most of modern large steam turbines, like those shown in
Figures 2-2, 2-4, 2-6, 2-8, 2-10, 2-12, and 3-1—3-4, are traditionally fur-
nished with forged HP and IP rotors.
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By contrast, the LP rotors used to be mainly made combined, with
shrunk-on wheel discs. Some modern large steam turbines (as, for ex-
ample, standard Russian 800-MW turbines of LMZ—see Figure 2-4a)
continue to use these rotors, but for most of modern turbines combined
LP rotors have been replaced with welded (see, for example, Figure 2-
4b) or forged ones. In particular, this takes away the problem of stress
corrosion cracks (SCC) arising on the shrunk-on wheel discs’ fit surfaces,
being very topical for many types of turbines in the 1980s. Combined
rotors with shrunk-on discs feature high stresses at the shrunk-on discs’
fit surfaces and stress concentration near the keyways. In addition, steam
wetness occurs in direct contact with these areas what makes these ro-
tors more vulnerable for SCC especially in the Wilson (phase-transition)
region. For forged and welded LP rotors, the highest centrifugal stresses
take place in zones completely isolated from the steam flow, and these
rotors are free from stress concentrators of the shrunk-on discs. The
forged LP rotors can be made with or without a central bore. Solid (or
monoblock) forged rotors (without a central bore), as well as welded ro-
tors, allow using the longest rotating blades not fearing great centrifugal
stresses caused by them. On the other hand, the forged bored rotors
provide a helpful access to their central parts for quality control during
manufacturing what is very important for large forges. Nevertheless,
some turbine producers, including Siemens (see Figures 2-10 and 3-6),
frequently use forged rotors without a central bore in the HP and IP
cylinders, too, reducing in this way the maximal stresses in the metal
depth.

It is known that high-temperature rotors of modern large steam
turbines are their most thermally stressed design elements. Creep of the
rotor steel under action of centrifugal stresses is one of the main factors
determining the turbine lifetime, and unsteady thermal stresses at the
turbine transients are the main factor limiting the rate of these transients,
that is, the turbine’s flexibility.! For these reasons, it is very desirable to
reduce wherever possible the highest heating steam temperatures and,
hence, maximal metal temperatures in the HP and IP rotors. Forced cool-
ing of the rotor surfaces with steam is widely used by Japanese turbine
producers. In order to reduce the temperature of steam sweeping the HP
rotor surface against the nozzle boxes, the control stage discs are made
with inclined holes that pump the steam after the control stage into the
chamber between the nozzle box and rotor surface—Figure 3-10a. Simi-
larly, the IP rotor surface in the steam admission zone is cooled by steam
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from the HP exhaust given into the chamber between the flow guide
ring of the first IP stages and the rotor surface—Figure 3-10b. The same
approach is used at the USC-pressure double-reheat 700-MW Toshiba
turbines (see Figure 2-6) for steam cooling of the rotor surface in the
HP steam admission zone of the integrated SHP-HP cylinder—Figure
3-10c, even though this turbine operates with relatively conservative
steam temperatures of 566°C (1050°F). Similar design solutions for steam
cooling of the high-temperature rotor surfaces were also widely applied
before by Westinghouse (see below—Figure 3-13) and some European
turbine producers—Figure 3-10d.

The IP cylinders of steam turbines with the single capacity of
800 MW and more are practically inevitably made double-flow (see
Figures 2-4, 2-10, 2-12, 3-1, 3-3, 3-5) because of large volumetric steam
flow amounts, whereas the HP cylinder of such a turbine can be either
double-flow, just like the IP one (Figures 2-12, 3-1, 3-5), or single-flow
(Figures 2-4, 2-10, 3-3). For turbines of a lesser output, their HP and IP
sections can be settled in separate cylinders or enveloped in an inte-
grated HP-IP cylinder. Along with this, such turbine producers, as, for
example, ABB, LMZ, Siemens PG and some others, traditionally prefer
using separate cylinders. Single-flow HP cylinders (as well as the SHP
or VHP cylinders for USC and/or double-reheat turbines) are commonly
made once-through (see Figures 2-2, 2-8, 2-10, 3-3, 3-5, 3-6). Alongside,
for example, LMZ has traditionally used a loop-flow design of the HP
cylinder for supercritical-pressure turbines with the output of from 300
MW up to 1,200 MW—see Figure 2-4a, as well as Figure 12-15. A main
advantage of such a design scheme is a more even and intense heating
of both the inner and outer casings swept by the full steam flow amount
going through the cylinder’s steam path. As a result, variations of the
cylinder’s relative rotor expansion at the transients are remarkably less
as compared to the once-through scheme which makes it possible to set
somewhat reduced axial clearances in the steam path. In addition, such
a scheme is characterized with a counterbalanced axial thrust and some-
what lesser steam flow leakages through the front end seal. Furthermore,
a hot steam-admission zone of the cylinder turns out to be moved away
as far as possible from the adjacent bearings contrary to the once-through
scheme.

It should be noted that double-flow IP cylinders are frequently used
even for steam turbines whose single capacity would technically allow
applying a single-flow solution—see, for example, Figures 2-6, 2-8, and
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3-6. In this case, it is a good idea to make the cylinder and its steam path
asymmetrical with different steam extractions settled in the cylinder’s
right-hand and left-hand halves. If the turbine has two LP cylinders, they
can also be fed from the different IP flows. On the other hand, from the
reasoning of efficiency, in order to reduce the secondary energy losses
by using taller blades, it would be advisable to make the IP steam path
single-flow as far as the volumetric steam flow amount allows. With the
greatest consistency, this concept has been put into effect by Alsthom
(presently ALSTOM Power), resulting in a so-called “optiflow” configu-
ration of the LP cylinder.?? In this case, not only the IP steam path (see,
for example, Figure 2-2), but also the first LP stages, settled in the central
part of the LP cylinder(s), are made single-flow, and only the few remain-
ing LP stages are double-flow. Materialization of this concept is shown
in Figure 3-11. In particular, subcritical-pressure steam turbines of GEC
Alsthom with the output set in the range of 500-700 MW for the rotation
speed of 3,600 rpm were designed with an integrated HP-IP cylinder and
two “optiflow” LP ones. A similar approach was implemented at some
wet-steam turbines of GEC Alsthom for nuclear power plants.30

Even though the IP cylinders are fed with reheat steam of a much
lesser steam pressure as compared to main steam entering the HP cyl-
inders, they are made of a two-casing design to decrease the maximal
metal temperatures of the outer casing, as well as temperature differ-
ences and thermal stresses in both the outer and inner casings. These
casings are made with common horizontal flange joints. Most of turbine
producers use them also in the HP casings, and temperature differences
in these flange joints (across the flange width, between the flange and
bolts, between the casing wall and flanges, and so on) arising in the pro-
cess of turbine tran-
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the flanges.! To avoid this danger, the casing flanges of high-temperature
cylinders (both HP and IP) should be done as thin as possible—Figure
3-12. For turbines with a great width of their HP and IP casing flanges
(about 350-400 mm, or 14-16 in, and more), it makes sense to heat addi-
tionally the flange joints in areas of their highest metal temperatures by
steam taken from the internal casing space and given into the recesses
on the flange joint split surfaces, with subsequent discharging into the
condenser or one of the LP feedwater heaters. Such steam heating sys-
tems were well worked up as applied to different steam turbines of
LMZ, including those of supercritical steam pressure with the output of
up to 1,200 MW, and have been widely used at many power plants. In
addition, such heating systems, mainly used at cold and warm start-ups,
reduce the changes of the cylinder’s relative rotor expansions and allow
reducing axial clearances in the cylinder’s steam path.!

As said before, a popular design solution for turbines with the
single capacity of 600-700 MW and less is the use of an integrated HP-IP
cylinder with both main and reheat steam admissions in the central part
of the cylinder—see Figures 2-6, 2-8, 3-2, and 3-4. Such a cylinder turns
out to be pretty compact, with rather counterbalanced axial thrust and
minimized steam flow leakages through the end seals.

A fortunate design concept for the integrated HP-IP cylinder was
developed by Westinghouse—Figure 3-13. Such a “building block” desig-
nated BB44 was widely used in many
Westinghouse turbines with steam
conditions of 16.6 MPa, 538/538°C
(2,400 psi, 1,000/1,000°F) ranging in
their size between 350 MW and 680
MW. The inner casing of the cylinder
contains both the HP and IP steam
paths. The main steam flow comes
into the cylinder through the nozzle
boxes, then turns through 180° after
the control stage and after going
through the rest HP stages leaves the

Figure 3-12. Cross section at the HP
steam admission zone for a large
steam turbine of ALSTOM. Source:
By courtesy of ALSTOM




62 Steam Turbines for Modern Fossil-Fuel Power Plants

cylinder at its rear end. Steam in the IP section flows in the opposite di-
rection, that is, toward the front bearing. Leaving the inner casing, it also
turns through 180° and, making its way to the cross-over pipes connect-
ing the HP-IP cylinder to the LP ones, goes between the outer and inner
casings, heating the former and cooling the latter with pretty favorable
heat transfer conditions.

There also exist some other turbine types with the integrated HP-
IP cylinders where only the first IP stages are settled within the inner
casing, common with the HP part, whereas the rest IP stages are located
in the cylinder ring of the outer casing, and steam comes there, turning
through 180° and passing between the inner and outer casings.!

Despite obvious advantages of these schemes, they might look too
complicated. In addition, the steam flow turns are accompanied with
remarkable energy losses. So, more often than not the integrated HP-IP
cylinders, if exist, are made with once-trough HP and IP steam paths. In
doing so, both the HP and IP sections can be enveloped within the com-
mon inner casing (see, for example, Figure 2-8b) or have separate inner
casings. These two approaches can be illustrated by examples of two tur-
bines of ALSTOM—Figure 3-14. If the inner casing contains both the HP
and IP parts (see Figure 3-14b), they are separated from one another with a
special diaphragm built into this casing. Anyway, the chambers within the
outer casing against the HP and IP steam paths should also be separated

——————..
P

Figure 3-13. Integrated HP-IP cylinder for subcritical-pressure steam
turbines of Westinghouse with the single capacity ranged between 350
and 680 MW. Source: By courtesy of Siemens Westinghouse Power Corpora-
tion
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one from another. In the case of individual HP and IP inner casings (see
Figure 3-14a), the steam flow within the intercasing space goes into the IP
steam path through the front seal of the IP inner casing.

With the absence of organized steam flow in the intercasing cham-
bers, they are characterized with rather uncertain heat transfer condi-
tions from steam to the casing surfaces. These conditions can diverge
considerably at diverse surface areas, resulting in significant metal
temperature unevenness along the outer casing outline, especially at the
transients. This threat is aggravated if the IP stages are settled in the
cylinder rings of the outer casing without any “own” inner casing (for

Figure 3-14. Integrated HP-IP cylinders of ALSTOM turbines with
separate (a) and common (b) inner casings for the HP and IP sections
Source: By courtesy of ALSTOM
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reasons of a moderate steam pressure), and the outer casing in the IP
steam admission part is swept directly by reheat steam, as it takes place,
for example, for 500-MW supercritical-pressure turbines of GE and Doo-
san Heavy Industries and Construction—Figure 3-15a. This is especially
serious for turbines with elevated reheat steam temperatures.

Different temperatures of the heating steam and different heat
transfer conditions in the neighboring chambers of the outer casing can
cause sharp changes in the axial metal temperature gradients along the
casing’s length. The greatest “breaks” of the metal temperature distribu-
tion curve lengthwise of the casing outline take place in the vicinity of
the HP and IP steam admission zones (that is, in the casing’s central
part) and near the transition to the IP exhaust hood. The resulted bend-
ing thermal stresses, acting together with unsteady thermal stresses
caused by radial temperature differences in the outer casing, can result
in distortion of the casing flanges and cracks in the casing walls. Shield-
ing the outer casing with special shells, done by some turbine producers
(see Figures 3-2 and 3-4), somewhat improve the situation, but cannot
completely remedy it. In these cases, the metal temperature fields of the
outer casing require special attention, including experimental measure-
ments and investigation at turbines in service, wherever possible.

These factors were taken into consideration by Doosan Heavy
Industries at the development of a new HP-IP cylinder with the inner
casing enveloping both the HP and IP stages—Figure 3-15b—intended
for newly projected steam-turbine power units with the elevated steam
temperatures.3!

It might be well also to point out that turbines with the integrated
HP-IP cylinders commonly have a somewhat reduced number of stages
in the IP steam path (for reasons of reducing the total length of the cyl-
inder and its rotor and decreasing their sag) with a resulted increased
temperature of steam leaving the IP steam part and entering the LP
cylinder(s). In this case, especially for turbines with the elevated reheat
steam temperatures, the LP rotors can experience high thermal stress at
start-ups combined with centrifugal stresses. As a result, the LP rotors
can limit the rate of starting up such turbines as well as their HP-IP ro-
tors and require operating monitoring of their thermally stressed states
at start-ups relying on the heating steam temperature at the IP section’s
outlet to be measured.

Raising the main and reheat steam temperatures up to 593-600°C
(1,100-1,112°F) and even 610°C (1,130°F) for the new generation of large
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(a)

Figure 3-15. Integrated HP-IP cylinder of 500-MW supercritical-pres-
sure turbines of General Electric in cooperation with Doosan Heavy
Industries and Construction (a) and an alternative design of its casings
for newly projected steam-turbine power units with elevated steam
temperatures (b). Source: By courtesy of Doosan Heavy Industries and Con-
struction
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steam turbines became possible due to the use of chrome-molybdenum-
vanadium steel materials with 9% to 12% contents of chrome (Cr) for the
high-temperature components instead of common chrome-molybdenum-
vanadium (Cr-Mo-V) steel.267,11,27,2832-35 Taple 3-1, mainly composed
on the basis of Japanese publications, gives a general idea of these re-
placements.

Table 3-1. Design materials used for main high-temperature design
components of large steam turbines with the main and reheat steam
temperatures of 538-566°C (1,000-1,050°F) and 593-600°C (1,100-1,112°F)

Major Turbine Turbines with the Steam Turbines with the Steam
Components Temperatures of 538-566°C Temperatures of 593-600°C
Steam-chests of the 2-1/4%Cr-1%Mo-V forged 9%Cr forged steel
main and intercept stop (or cast) steel

and control valves

HP and IP inlet pipes Cr-Mo-V forged steel 9%Cr forged steel
HP nozzle boxes 2-1/4%Cr-1%Mo-V forged

(or cast) steel 12%Cr forged steel
HP, IP, or HP-IP rotors Cr-Mo-V forged steel New (advanced) 12%Cr

forged steel

HP, IP, or HP-IP 2-1/4%Cr-1%Mo-V cast steel 12%Cr cast steel
inner casings
HP, IP, or HP-IP 1-1/4%Cr-1/2%Mo-V 2-1/4%Cr-1%Mo
outer casings cast steel cast steel
HP and IP first 1-1/4%Cr-1/2%Mo-V cast steel 12%Cr cast steel
blade rings
HP and IP second 1/2%Cr-1/2%Mo-V 2-1/4%Cr-1%Mo
blade rings cast steel cast steel
HP and IP rotating Cr-Mo-Nb-V or 12%Cr Austenic refractory alloy (R-26)
blades forged steel or new 12%Cr forged steel
LP rotors Ni-Cr-Mo-V forged steel 3-1/2%Ni-Cr-Mo-V

superclean forged steel

Based on materials of “Tachibana-van 2...”% H. Nomoto et al.5;Y. Nameki et al.”; R. Okura
et al.ll; 1. Obara et al.2’; M. Kishimoto et al.28, and M. Wani et al.32

All the materials newly used for main high-temperature design
components (new 12%Cr forged steel, 12%Cr cast steel, and 9%Cr forged
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steel) are ferritic heat-resistant steels. In high-temperature rotating blades,
austenitic refractory alloy replaces the originally used ferritic materials,
whereas 12%Cr forged steel, with sufficient creep rupture strength for
operation at 600°C class temperatures, is used as a high-temperature
rotor material. Some disadvantage of this steel is its high hardness. For
this reason, in the journal and thrust collar sections of high-temperature
12%Cr rotors overlay welds are built up with a low Cr weld material
to reduce wear of the bearings. As an alternative decision, Mitsubishi
Heavy Industries proposes the use of “hetero-material” welded high-
temperature rotors with the central (high-temperature) part made of
12%Cr steel and the rotor ends made of 2-1/4%Cr-Mo-V steel. 436 A lon-
gitudinal section of a 1,000-MW-class 3,600-rpm three-cylinder turbine
with 45-in titanium LSBs, integrated HP-IP cylinder, and welded rotors
of all the three cylinders is shown in Figure 3-16. A further development
of this idea led to the design of a single-cylinder single-exhaust 105-MW
turbine with a welded rotor, whose front end is made of 2-1/4%Cr-Mo-V
steel; the central (high-temperature) part is manufactured of 12%Cer steel,
and the LP portion is made of 3.5%Ni-Cr-Mo-V steel.

“Hetero-material” rotors with high- and low-temperature forged
parts welded together are also used by other turbine manufacturers, as,
for example, Siemens PG and Toshiba, for their steam turbines of the
moderate capacity with integrated HP-IP-LP and IP-LP cylinders (see
below Figures 3-19 and 3-31a).

Even for the very industrially developed countries with a rich ex-
perience in operating large supercritical-pressure steam-turbine power
units, along with the most advanced, most efficient ones of the highest
(for current possibilities) steam parameters and utmost single capac-
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Figure 3-16. Longitudinal section of a proposed 1,000-MW-class 3,600
rpm turbine of MHI with welded rotors. Source: R. Magoshi et al.*
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ity as a basis for the further progress in the power industry and steam
turbomachinery, it seems reasonable to consider an alternative concept
of ordinary, mass, widespread steam turbines.3” They should be charac-
terized with reduced capital expenditures and enhanced reliability and
efficiency and designed on the basis of the whole previous experience in
design and operation of the best steam-turbine units. It can be said that
nowadays such turbines also have to match requirements of operation
for deregulated power systems; so they should be capable of operating in
both base-load and cycling modes. It seems now obvious that such tur-
bines should be designed as TC single-reheat machines for a supercriti-
cal steam pressure and steam temperatures acceptable with the use of
well worked out steel materials—that is, up to 593-600°C (1,100-1,112°F).
Since the raise of the main steam pressure up to the USC level almost
inevitably leads to the use of a second reheat, making the unit’s scheme
extremely intricate, it seems reasonable to set the main steam pressure
at a certain moderate level of 24-28 MPa (3,480-4,060 psi). The turbine’s
single capacity should be chosen keeping in mind a possibility of mini-
mizing the number of cylinders and main and reheat steam-lines without
sacrifice in the turbine efficiency caused by the increased pressure drops
in steam-lines and energy losses with the exit steam velocity. On this
basis, it seems also desirable to use the integrated HP-IP cylinder instead
of the separated high-temperature ones to provide the minimum specific
metal amount and length of the turbine. In the late 1990s, when this ap-
proach was firstly developed and proposed, the single turbine capacity
of up to 500 MW seemed to be maximal for the use of an integrated
HP-IP cylinder and one double-flow LP cylinder. Yet now the progress
in the turbine design made it possible to raise this limit up to 600-700
MW. With this output, the unit can be made with two main steam-lines
and two hot and cold reheat steam-lines. By way of example of ap-
plying a similar approach, it could be possible to address to the above
mentioned 700-MW turbines of Japanese producers with their integrated
HP-IP cylinder and two double-flow LP ones (see Figure 3-4) and steam
parameters equal to 25 MPa, 600/600°C (3,625 psi, 1,112/1,112°F).611
For special cases (for example, as applied to the use by an independent
power producer), the steam temperatures can be lowered to 566/566°C
(1,050/1,050°F) or 538/566°C (1,000/1,050°F).” Lowering the rated out-
put to 600 MW allows settling the turbine in two cylinders—see Fig-
ure 3-2. With separated HP and IP cylinders, such a turbine, with one
double-flow LP cylinder, is settled in three cylinders—see Figure 3-6.
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With a moderate output of about 300 MW, the turbine can be made in
two cylinders (HP-IP + one double-flow LP) with single main and reheat
steam-lines.

Along with minimizing the number of the turbine cylinders, main
and reheat steam-lines, the capital expenditures can be additionally re-
duced by simplifying the turboset scheme and the unit’s start-up system.
This approach was applied to the project of a Russian supercritical-pres-
sure power unit of a “new-generation” with the single capacity of 525
MW and steam conditions at the turbine entrance of 29 MPa, 595/597°C
(4205 psi, 1,103/1,107°F).38-40 The turbine for this unit is supposed to
consist of three cylinders: a loop-flow HP cylinder, single-flow IP one,
and one double-flow LP cylinder. It might be well to point out that it
would seem more reasonable to use an integrated HP-IP cylinder instead
of two separated ones. The proposed simplified steam/water flowchart
and start-up system for such a unit are shown in Figure 3-17. Compared
with the flowchart of a standard 800-MW unit shown in Figure 2-16,
it looks much simpler. This is mainly reached thanks to the use of so-
called “deaeratorless scheme”—without a deaerator whose role is mainly
played by the mixing LP feed-water heaters. This scheme was well
worked out and checked up in long-term operating service at a series of
supercritical-pressure power units with the output of 300 MW and 800
MW.4L42 Al the proposed alternative solutions should be verified for
their influence on the unit’s efficiency, as it is shown by example in Fig-
ure 3-18. To simplify the start-up system and make the unit’s control at
the transients easier for the personnel, the start-up system could be taken
of a one-bypass type, which was well worked up at standard supercriti-
cal-pressure power units with the single capacity of 300, 500, and 800
MW, in particular, under conditions of cycling operating conditions.

PROFILES FOR MODERN POWER STEAM
TURBINES OF A MODERATE CAPACITY

Along with large steam turbines with the power output of over
300-400 MW, many important novelties have appeared in the recent
years in the design of modern power steam turbines of a moderate
capacity—from 100 MW up to about 300 MW. As a rule, such turbines
are designed for rather conservative steam parameters: subcritical steam
pressure and main and reheat steam temperatures at the level of 538-
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Figure 3-17. A simplified steam/water flowchart and start-up system for
a proposed Russian supercritical-pressure 525-MW power unit.

1: condensate pumps of the first stage, 2: the unit’s water-treatment facility, 3:
surface-type LP feedwater heater (FWH) no. 1, 4: mixing LP FWH no. 2, 5: con-
densate pumps of the second stage, 6: integrated surface-type FWHs nos. 3 and
4, 7: integrated FWHSs nos. 5 and 6, 8: integrated FWHs nos. 7 and 8, 9: FWH
drain pump, 10: turbine driven boiler feed pump, 11: steam/water boiler path
before the embedded valve, 12: boiler’s superheater, 13: boiler’s reheater, 14: tur-
bine bypass, 15: start-up feeding line for the plant auxiliary header, 16: discharge
line from the hot reheat steam-line, 17: embedded valve, 18: controllable throttle
valves, 19: start-up separator, [-VIIL: steam extractions of the turbine.

Source: G.D. Avrutskii et al.3?

566°C (1,000-1,050°F). A modest capacity and, as a result, relatively low
steam flow amount together with recent achievements in creating longer
blades open possibilities for minimizing the installed cost of such tur-
bines by means of reducing their size and number of flows and cylinders
without a sacrifice in efficiency.

A single-cylinder, single-flow reheat turbine of Toshiba with the
rated output set in the range from 100 to 250 MW (Figure 3-19) can be
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Figure 3-18. Change
of the unit’s out-
put and efficiency
depending on the
used LP feedwater
heaters.

1: the unit’s efficiency,
2: the turbine’s effi-
ciency, 3: the unit’s
output I — mixing LP
FWH nos. 1 and 2, 1I
— mixing LP FWH no.
1 and surface-type LP
FWH no. 2, III - sur-

face-type LP FWHs nos. 1 and 2. Source: G.D. Avrutskii and 1.A. Savenkova*3

taken as an example of a characteristic machine of this class. The turbine
is arranged in one cylinder with opposite flow directions in the HP and
IP-LP sections. Besides the horizontal flange joint, the turbine casing has
a vertical flange joint of the high-temperature HP-IP portion with the LP
part and exhaust hood. Similarly, the welded rotor consists of two (HP-
IP and LP) parts made of different steel materials. The front (high-tem-
perature) part’s steel has sufficient creep rupture strength to withstand
relatively high main and reheat steam temperatures, while the LP part’s
steel should withstand high centrifugal force caused by the LSBs under

conditions of relatively
low metal temperatures.
A 220-MW turbine
of Hitachi (Figure 3-20)
gives another example of

Figure 3-19. Outside
view of Toshiba’s sin-

S|} gle-cylinder, single-
e 4

flow reheat turbine
with the rated output
of between 100 and 250
MW. Source: By courtesy
of Toshiba
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Figure 3-20. Longitudinal section of Hitachi’s single-cylinder, single-
flow 220-MW turbine. Source: T. Umezawa et al.#*

a single-cylinder, single-flow reheat turbine with the steam conditions
of 16.6 MPa, 566/566°C (2,400 psi, 1,050/1,050°F).* It was brought in
service in 2002 at the coal-fired power plant Kin operated by Okinawa
Electric Power Co. and becomes its largest generating capacity. Rela-
tively warm cooling water determines low vacuum in the condenser of
6.67 kPa (0.97 psi), making it possible to use a single flow LP exhaust
with titanium 1,016 mm (40 in) long LSBs at the rotation speed of 3,600
rpm. It might be well also to note that the preceding turbine of this type
produced by Hitachi, with the output of 156 MW for approximately the
same steam parameters and vacuum, was arranged in two cylinders
with two LP flows and the LSBs of 660-mm (26 in) length.

It is understandable that the possibility of arranging the turbine in
one or two cylinders mainly depends on the turbine output (speaking
more accurately, the steam flow amount through the turbine into the con-
denser), vacuum at the turbine exhaust, and the available outlet annular
area of the LSBs. The diagram of Figure 3-21 gives a rough idea of such a
subdivision as applied to a new standard LSB series of MHI. It is supposed
that a reheat condensing turbine can be arranged in one cylinder up to the
single capacity of about 250 MW, and the further increase of the output or
the vacuum depth requires the use of a two-flow LP steam path located in
a separate cylinder.

However, in some instances the number of cylinders occurs to be
not directly connected with the number of LP flows. Thus, in the late
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Figure 3-21. Areas of possible arranging steam turbines of a moderate
capacity as a single-cylinder or two-cylinder machine (with one or two

LP flows) as applied to a new LSB series of MHI. Source: T. Nakano et
al 26

1980s GEC Alsthom developed a project titled the EUREKA-Turbine of a
“compact” two-cylinder 315-MW turbine with the steam conditions of 18
MPa, 540/540°C (2,610 psi, 1,004/1,004°F)—Figure 3-22. The turbine was
designed consisting of an integrated HP-IP cylinder and a single-flow
LP cylinder with titanium LSBs of a 1,360-mm (53.5 in) length and axial
exhaust.# In this case, transition to the two-cylinder configuration was de-
termined by the reasoning of convenience in design of the integrated HP-
IP cylinder. Direct arrangement of the HP, IP, and LP steam paths within a
common cylinder would make the span between the journal bearings too
great.

In modern practice, steam turbines of a moderate capacity are pri-
marily needed for separate electric power utilities with a limited total
capacity (like, for example, the above mentioned Okinawa Electric Power
Company) or for independent power suppliers—for example, large indus-
trial works. In the last case, more often than not it is supposed that the
turbine will provide the consumer with both electric power and steam for
technological needs. Such turbines are often made single-cylinder non-
reheat back-pressure, based on the HP cylinder of larger condensing or
cogeneration turbines. An example of such a 100-MW back-pressure non-
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Figure 3-22. The EUREKA-Turbine project of a “compact” 315-MW
turbine of GEC Alsthom with a single-flow axial exhaust. Source: D.
Tremmel et al. ¥

reheat Russian turbine R-100-12.8/1.5, produced by Turbine-Engine Works
(TMZ), is shown in Figure 3-23. The main steam parameters make up 12.8
MPa, 540°C (1,855 psi, 1,004°F); the rated back-pressure is 1.5 MPa (213
psi), and the turbine practically repeats the HP cylinder of a 210-MW non-
reheat cogeneration turbine for district heating.*¢ Back-pressure turbines
utilize the entire turbine steam flow as a heat source after expanding in
the turbine. Their advantage is that they provide the highest fuel utiliza-
tion. Such turbines are widely accepted in diverse industry branches. The
world’s largest back-pressure steam turbine with the electric output of 150
MW was announced to be manufactured by Siemens for Finnish pulp and
paper works.4”

In the recent years, moderate-capacity steam turbines have found the
very wide application for large CC units. In the mid-1990s, CC facilities
accounted to approximately 35% of the total amount of all the newly con-
structed and commissioned fossil-fuel electric power generating capacities
throughout the world.#8 In its classical form, a CC unit consists of one or
several gas turbines, each one connected to its “own” heat recovery steam
generator (HRSG), and one steam turbine, fed by steam generated in the
HRSG(s) due to the heat of the gas turbine exit gas. High gas temperature
at the gas turbine inlet and low temperature at the “cold end” of the steam
turbine allow attaining a high efficiency of the binary cycle (the Brayton
cycle topping the Rankine one), which cannot be achieved for either the



Configuration of Modern Power Steam Turbines 75

L —

Figure 3-23. Longitudinal section of a single-cylinder back-pressure
100-MW turbine of TMZ. Source: By courtesy of TMZ

gas or steam turbine taken separately. Combined-cycle units are rather
compact, require relatively small space, and can be constructed in short
time intervals. They can be easily standardized which allows cutting down
the project expenses and the concept-to-connection time period. Just these
and some other merits make CC units so popular for the contemporary
power industry. However, the most attractive advantage of CC units is
their lower capital cost with a high operating efficiency and flexibility. So
in the mid-1990s, the specific price level for a CC unit with a single ca-
pacity of about 350 MW amounts to approximately $300 per kW against
$1,000 per kW and more for other power generating capacities.* Under
these conditions, reducing the installed cost of steam turbines for CC units
becomes especially topical. It is also worth noting that CC units are quite
environmentally friendly since modern combustors of gas turbines feature
low level of harmful emissions into the atmosphere. In addition, genera-
tion of a large portion of power by the gas turbines in CC units leads to
lower demands for cooling water and smaller thermal contamination of
the environment as compared to traditional steam-turbine power units of
the same capacity.

A typical arrangement of a CC unit of a double-pressure non-reheat
cycle with two gas turbines, their HRSGs, and one steam turbine is shown
in Figure 3-24. Two equally sized gas-turbine-and-HRSG sets provide main
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(HP) and additional (LP) steam to the steam turbine. Correspondingly, the
HRSGs feature HP and LP drums followed by superheating sections. The
steam condensate is preheated in the HRSGs with low-temperature flue
gas before it is discharged through the stacks. In the considered scheme,
the non-reheat steam turbine consists of a single-flow HP and double-flow
LP cylinders. The LP steam is added to the LP crossover pipes. For more
advanced CC units, the scheme becomes somewhat more complicated—
triple-pressure by means of arranging an additional IP circuit with steam
reheat. Each gas turbine can be shut down, and the unit will work gener-
ating approximately a half output with the remaining gas turbine and the
steam turbine. Along with this, one or both gas turbines can be operated
in a simple cycle mode without their HRSG(s) and the steam turbine; in
this case, the exit gas is discharged besides the HRSG(s) through bypass
stacks.5!

U.S. and Japanese manufacturers mainly prefer HRSGs with a
horizontal gas path. In this case, tubes of the heating surfaces are settled
vertically, that enables the use of a natural circulation in the evaporator.
By contrast, European designers rather prefer a vertical configuration
with the heating surfaces arranged lengthwise of the gas pass in vertical
direction from the bottom upwards. In this case, the tubes of the heating
surfaces go horizontally, and the HRSGs are designed on the assisted
circulation principle, even though once-through boilers are also possible.
The first once-through Benson HRSG, developed by Siemens PG as ap-
plied to future CC units with an upgraded gas turbine model V94.3A,
has been successfully operated at the power plant Cottam, the UK, since
1999. The absence of the HP drum in the Benson HRSG and its capability
of handling better the steam temperatures at the transients should allow
operating such a unit in a cycling, daily stop/start, manner without a risk
of thermal-fatigue cracks in the HRSG’s most thick-wall elements.52-5
The use of a once-through HRSG also opens a possibility of transition to
supercritical steam pressure in the steam circuit.’® With supercritical steam
conditions for the steam turbine and with the inlet gas temperature of over
1,427°C (2,600°F), the net efficiency of CC units is believed to reach 60%.57
Nevertheless, until now all the commercial CC units have continued to be
designed with subcritical steam pressure, and their efficiency is mainly
raised by means of increasing the inlet gas temperature up to 1,500°C, or
2,732°F (a so-called “H” technology for gas turbines with steam cooling
of their combustion chambers and nozzles of the first stages), as well as
improving the internal equipment efficiency, including steam turbines.
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The output ratio for the gas turbine(s) and steam turbine for the most
widespread, typical CC schemes usually lies between 1.4 and 3.3. While
the single capacity of gas turbines was rather small, it was reasonable to
join one steam turbine with a few gas turbines. In addition, even in the
recent past gas turbines featured a considerably lower operating reliability
as compared to steam turbines. So, according to data of Strategic Power
Systems Inc., for the CC units operated in 1991-95, their unavailability was
caused by outages of the gas turbosets in 55% (mostly, because of the gas
turbines themselves), whereas the share of the steam turbine outages was
only 23%.58 On this basis, it was reasonable to provide a possibility to keep
a CC unit in service even if one of the gas turbines was out of order. The
usage of a few gas turbines associated with one steam turbine also made
a CC unit more flexible and allowed using it as a peak stand-by capacity.
As single capacities of modern gas turbines rise, as well as their operating
reliability does, more CC units of a greater capacity have been designed
with one gas turbine and, correspondingly, one HRSG, associated with one
steam turbine. In this case, it becomes possible to make the CC unit even
more compact and decrease further the capital expenditures by settling
both the gas and steam turbines on one shaft with a common generator,
that is, by going over to a so-called single-shaft (SS) CC scheme.5%¢0 In this
case, both turbines can have common systems of lubrication and govern-
ing, and, as a result, the amount of auxiliaries also decreases. In addition,
this scheme cuts down the required number of step-up transformers and
high-voltage feeders and declines the scope of civil engineering work.

A characteristic steam turbine of GEC Alsthom for large CC power
units is presented in Figure 3-25. It does not basically differ from “usual”

Figure 3-25. Longitudinal section of a triple-pressure reheat turbine of
GEC Alsthom for CC units. Source: By courtesy of ALSTOM Power
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large power steam turbines and consists of an integrated HP-IP cylinder
and one double-flow LP cylinder.®! This triple-pressure reheat turbine
was mainly intended for operation with a 226-MW 9FA gas turbine,
having been jointly developed by GE and GEC Alsthom. With the main
steam pressure of 11-13 MPa (1,595-1,885 psi) and steam temperatures of
540/540°C (1,004/1,004°F), the steam turbine can give about 36% of the
unit’s total capacity. An arrangement of one steam turbine associated with
two 9FA gas turbines and their HRSGs provides a capacity of about 700-
720 MW. Along with this, such a turbine coupled with one gas turbine
9FA provides a total capacity of about 350 MW. They can be arranged on
one shaft with a common generator, shaping a SS CC turbine unit, as it
is shown in Figure 3-26, and the outside view of such a CC SS unit with
a vertical HRSG, as applied to the power plant Eems in the Netherland
(3x355 MW), is presented in Figure 3-27.62

A similar configuration has a steam turbine of Mitsubishi Heavy
Industries—Figure 3-28. It is intended for operation with more advanced
gas turbines of the “G” technology. For gas turbines of this family, owing
to steam cooling of the combustor walls, the inlet gas temperature reaches
1,450°C (2,640°F). With two gas turbines M701G and one 265-MW steam
turbine with the steam conditions of 13.7 MPa, 566/566°C (1,986 psi,
1,050/1,050°F), the CC unit provides the rated total capacity of 805 MW.
The Higashi Niigata Unit 4 of this type was put in commercial operation in
1999, and field tests completely confirmed its calculated performances.®3

Perhaps the first SS CC units were developed by GE under the trade-
mark STAG.%* There, it was initially deemed advisable to design them on
the basis of single-cylinder non-reheat steam turbines. Both (steam and
gas) turbines were located on both sides of the generator; each turbine had
its own thrust bearing and was connected to the generator with a flexible
coupling. Preference was given to steam turbines with axial exhaust and
axial arrangement of the condenser. In this case, the machine hall can be
made without a basement what additionally cuts down the civil engineer-
ing work and capital expenditures. The steam turbine was supposed to
be taken off the foundation whenever the generator rotor has to be with-
drawn from the stator. Therefore, all the steam turbine’s external joints
were made flanged, not welded. Along with this, GE also suggested SS CC
turboset versions with two-cylinder steam turbines. In this case, the gen-
erator is driven from its front end connected to the steam turbine shaft’s
rear end; all the rotors are connected to each other with rigid couplings,
and both turbines had a common thrust bearing—Figure 3-29a.



Figure 3-26. Turboset of ALSTOM for single-shaft CC
units of the power plant Eems, 5x355 MW, the Nether-
lands.

1: exhauster-gas diffuser, 2: gas turbine, 3: air-inlet plenum, 4:
steam turbine, 5: generator, 6: excitation brushes, 7: to condenser.

Source: By courtesy of ALSTOM Power

Figure 3-27. General three-dimen-
sional CAD view of a single-shaft
CC unit with vertical HRSG for the

power plant Eems, the Netherlands.
1: gas turbine, 2: steam turbine, 3: genera-
tor, 4: vertical HRSG, 5: transformer area,
6 and 7: process air inlet filter and duct, 8:
flue gas ducts and silencer, 9: main steam

pipes. Source: By courtesy of ALSTOM

08

SJUD]J 42MOJ [INJ-11SS0] ULIPOIN A0f SIUIGINT UiV}



Configuration of Modern Power Steam Turbines 81

i

Figure 3-28. Longitudinal
section of a triple-pres-
sure reheat turbine of
MHI for CC units.

e Source: K. Tsukagoshi

down exhaust 63
¥ ‘Serrg et al.

Figure 3-29. Configuration of a single-shaft CC turboset STAG S109H
of GE (a) and general view of a steam turbine of GE for CC units with
7FA and 9FA gas turbines. Source: “Structured steam turbines...”% and R.
Swanekamp®”

On the basis of its gas turbine series “G” with air cooling (MS7001G
and MS9001G for 3,600 and 3,000 rpm with the rated capacity of 240 and
282 MW, respectively), GE Energy has designed SS CC units STAG with
the output of 350 and 420 MW, respectively. With the inlet gas tempera-
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ture of 1,427 °C (2,600 °F) and the gas turbine efficiency in the simple-
cycle of 39.5%, the net efficiency of such a CC unit amounts to 58%. With
transition to the “H” technology and raising the inlet gas temperature
up to 1,500 °C (2,732 °F), the efficiency amounts to 60%, and the output
increases to 400 and 480 MW.%5-67 As in the case of the above mentioned
CC SS turbosets of ALSTOM (see Figure 3-17), the generator is connected
to the “cold” end of the steam turbine shaft. The first SS CC units of this
type with a capacity of 480 MW on the basis of the “H”-technology, de-
veloped by GE together with Toshiba, were put in operation in 2001. The
steam turbine is a dual-pressure two-cylinder machine with single-flow
HP and integrated IP-LP cylinders. In another version, the steam turbine
of the D11 family, specifically configured for CC units with 7FA and 9FA
gas turbines (see Figure 3-29a), is made consisting of the integrated HP-
IP cylinder and double-flow LP cylinder—Figure 3-29b.

The same scheme of locating the gas turbine, steam turbine, and
generator on the common shaft and connecting them with rigid cou-
plings was also used at many other SS CC units, including, for example,
characteristic Japanese ones of the “third generation.” Seven such units
of Hitachi, with a single capacity of 243 MW each, were commissioned
at the Kawagoe power plant’s Phase 3.60.6869 Along with this, most of
subsequent SS CC units have been designed with the use of a somewhat
different approach.

Among the most widespread worldwide types of large gas turbines
are V84.3A and V94.3A of Siemens Power Generation with the rotation
speed of 3,600 and 3,000 rpm and the rated output of 170 and 240 MW,
respectively. In the process of bench tests, V84.3A showed the efficiency
of 38%. On the basis of these turbines, Siemens offers on a turnkey basis
its SS CC units with the guaranteed gross efficiency of 58%. Schematic of
such a unit for the grid frequency of 60 Hz is shown in Figure 3-30a. The
first CC units of this type were installed at the power plant Portland in
the USA; the first unit for 50 Hz was commissioned at the power plant
Buggenum in the Netherlands,? and then similar units were constructed
and put in operation in many industrially developed and developing
countries: from the USA to the Philippines. The main feature of the
turboset is a centrally mounted generator located between the gas and
steam turbines and connected with the steam turbine by means of a self-
shifting and synchronizing (SSS) clutch.

An SSS clutch is a fully automatic tooth-type “freewheel” clutch
with a high torque transmitting capacity. The largest SSS clutch cur-
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rently in service for a turbine drive is capable of transmitting 300 MW
at 3,000 rpm. The clutch teeth automatically engage at the instant when
the input rotation speed tends to overtake that of the output. Conversely,
the clutch teeth disengage the joined rotors when the input speed slows
down relative to the output. First of all, at the operator’s request, the
SSS clutch allows operating the gas turbine independently of the steam
turbine—in a simple-cycle mode. This makes the unit more flexible and
allows using it as a peak stand-by capacity. The ability to de-clutch the
steam turbine from the generator permits the gas turbine and generator
to be commissioned in advance of the steam turbine to ease the commis-
sioning process and get earlier power generation. But the most important
advantage is that the clutch simplifies the start-up technology. In this
case, the steam turbine remains shut down while the gas turbine is start-
ed up, and the steam turbine begins running up only when the HRSG
produces steam of due conditions and in proper amounts, avoiding the
use of a special boiler needed if the steam turbine were solidly coupled
to the gas turbine. In addition, because the disengaged clutch allows the
gas turbine and generator to be accelerated without the steam turbine,
the starting power demand reduces, and a smaller variable-frequency
start-up converter can be used. The start-up technologies for CC units,
including SS ones with the use of the SSS clutch, are to be considered in
the next part of the book.

The SSS clutches are also widely used at SS CC units of ALSTOM.
The first SS CC unit K24 with the centrally mounted generator, GT26
gas turbine of ABB (presently ALSTOM), and steam turbine connected
to the generator via the SSS clutch was commissioned in 1997 at New
Zealand'’s Taranaki power plant. Its schematic is shown in Figure 3-30b.
Then, similar SS CC units of ALSTOM were commissioned at the power
plants Enfield and Shoreham in the UK, Agawam and Midlothian (four
SS CC units with GT24 gas turbines) in the USA, and others.

The considered SS CC units of Siemens and ALSTOM (Figure 3-30)
also feature floor-mounted steam turbines with axial exhaust and axi-
ally arranged condensers. The Siemens turbine (Figure 3-31a) is made in
two cylinders with a separate HP cylinder and integrated once-through,
single-flow IP-LP one. This turbine was especially designed for SS CC
turboset arrangements with the generator driven at the turbine’s front
end through the SSS clutch, which can be seen in the drawing. The HP
cylinder has a service-proven two-casing design with a barrel-type outer
casing and the inner casing and rotor made of 10%Cr steel. These mea-
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sures would allow the turbine to work with the main steam parameters
of up to 16 MPa, 600°C (2,320 psi, 1,112°F),”2 even though the existing
gas turbines and HRSGs do not provide so high steam conditions, and
the IP steam admission part of the same turbine, with its single-casing
design, is obviously intended for a lower reheat steam temperature. True,
there exists a project of an advanced IP-LP cylinder for this turbine with
an inner IP casing permitting the use of elevated reheat temperatures—
Figure 3-31c. In order to provide the necessary annular exhaust area, if
the power unit is operated with the grid frequency of 60 Hz, the turbine
can be furnished with titanium integrally shrouded LSBs of 1,070-mm
(42 in) length. For 50 Hz applications, these LSBs are replaced with 1390-
mm (55 in) or 1,540-mm (61 in) ones. To withstand both the reheat steam
temperature in the front part and huge centrifugal forces caused by the
LSBs in the rear part, the IP-LP rotor is of a welded “hetero-material”
type consisting of two forgings made of Cr-Mo-V steel with high-creep
strength and a Ni-Cr-Mo material with high-fracture toughness. An axial
exhaust and axially arranged condenser make it possible to built the tur-
bine hall without any basement and minimize the turbine hall’s sizes to
the length of 45 m (150 ft) and height of 20m (65 ft). The general length
of the unit with a horizontal HRSG, from the transformer to the stack,
makes up to 122 m (400 ft).”374

For CC units of a greater capacity with deep vacuum, Siemens
suggests two-cylinder steam turbines with an integrated HP-IP cylinder
and a double-flow LP cylinder with two side condensers on either side
of the turbine—see Figure 3-31b. In this case, the turbine island can also
be made without a basement. The LSBs length is chosen to provide an
optimal annular exhaust area for each specific application. Both steam
turbine versions of Siemens PG for SS CC units with the net power
output of about 400 MW as applied to the grid frequency of 50 Hz are
standardized as SCC5-4000F Reference Power Plants.® The first stan-
dardized SS CC units of this class were constructed at the Spanish power
plant Arrubal (2x380 MW). Thanks to standardization, the total project
and construction time period from the beginning to grid connection was
cut down by two months and took 22 months, which, according to Sie-
mens, is the market record but can be shortened further.”>

At the same time, Siemens has especially tailored newly devel-
oped components of a so-called “HE” steam turbine product line for
future advanced CC power plants with a SS turboset configuration. The
emphasis is placed on fulfillment of the key market requirements: high
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availability, operational flexibility, low life-cycle costs, and short pro-
duction and installation times. As well as the former turbine shown in
Figure 3-31, the HE steam turbine consists of single-flow HP and inte-
grated IP-LP cylinders with axial exhaust. The product line is founded
on a modular concept for main turbine design elements as applied to
50 Hz and 60 Hz applications. In addition, the modular design of the
“E” (IP-LP) portion enables a wide range of turbine applications owing
to the use of different standard LSBs with the exhaust annular area of
up to 16 m2.76

Floor-mounted turbosets with the single-flow LP steam paths,
axial exhausts, and axially arranged condensers are also used in SS CC
units of ALSTOM—see Figure 3-30b. The footprint of a 360-MW SS CC
unit with a horizontal HRSG measures 37.5 m (123 ft) wide and 96.3
m (316 ft) long to the center line of the stack, and the turbine table is
positioned 3.8 m (12.5 ft) above the turbine hall floor. Along with this,
ALSTOM has developed another arrangement concept for SS CC units
based on the use of a side condenser that enables the steam turbine to
be designed with a separate double-flow LP cylinder and have an out-
put of up to 500 MW. The condenser stands on its own foundation, sup-
ported by sliding mounts, or it is welded to the turbine and placed on a
foundation shared with the turbine. Locating the condenser in the side
makes it possible to route the cooling water pipes above the floor in the
building, thus reducing the lengths involved. The plan view of such a
SS CC unit is given in Figure 3-32. The turbine table is located at the
level of 4.5 m. This solution is incorporated in ALSTOM'’s standardized
concept for CC power plants built on a turn-key basis. As compared to
a conventional steam turbine arrangement with a basement condenser,
the ground floor arrangement of the turbine in the case of axial or side
condensers reduces the turbine foundation cost by approximately 20-
25%.77

In conclusion, it might be well to point out that in many cases
steam turbines of a moderate capacity have been successfully used for
verification of some design novelties mainly intended for large power
steam turbines, as well as for special experimental investigations of
aerodynamic and thermal processes in steam turbines. Such an ap-
proach can be demonstrated by the example of a reheat steam turbine
of MHI installed at the “T-point” CC power plant of the Takasago
Machinery Works of MHI.”8 This CC unit with the total capacity of
about 330 MW, on the basis of a 230-MW gas turbine 501G with inlet



Configuration of Modern Power Steam Turbines 89

) B m .
! . 57 m |
Heat recovery ! .
steam generator
< Gas turbine Steam g
IXX1l
Bm I YYYTEY — Condenser
\
51
" ]B [:][:j S
] 4] L]
:eedwater pumps i ?]j jr 16
i
DI i)
| L

e m=

Administration MV/LV . Start-up
Control Electronics switchgear Unittrans-  transformer
Batteries rmer

Figure 3-32. Plan view of a 250-MW SS CC unit of ALSTOM with a
one-side condenser and vertical HRSG. Source: H. Klotz et al.””

gas temperature of 1,427°C (2,600°F) developed by Westinghouse to-
gether with MHI, was launched in 1997. Later, the newly developed
105-MW steam turbine was installed instead of the existing one. The
new turbine was made one-cylinder single-flow with axial exhaust
and a welded “hetero-material” rotor. In addition, the turbine was de-
signed and manufactured with the use of some advanced technologies,
including fully three-dimensionally designed HP and LP blading, leaf
and active clearance control (ACC) seals, scroll-type steam inlets and
outlets, highly efficient axial exhaust hood, and some others—Figure
3-33a. A bulk of special measurements for field tests intended to verify
the effectiveness of these novelties and assess their effect is shown in
Figure 3-33b. The gotten field test results facilitate MHI in design of a
larger single-cylinder steam turbine for the single capacity of about 160
MW with a scroll-type steam inlet, hetero-material welded rotor, LSBs
of the 45-in (for 60 Hz) and 48-in (for 50 Hz) length, axial exhaust, and
other features proved in service at the “T-point” plant.26
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Chapter 4

Design of
Steam Path, Blading,
Gland Seals, and Valves

FEATURES OF MODERN THREE-DIMENSIONAL
STEAM PATH DESIGN

According to Siemens Power Generation, implementation of the ad-
vanced steam path design for large steam turbines of the mid-1990s brought
approximately the same gain in the turbine efficiency (about 5%) as tran-
sition from subcritical-pressure steam conditions of 16.6 MPa, 538/538°C
(2,400 psi, 1,000/1,000°F) to supercritical-pressure ones with elevated
steam temperatures of 24.1 MPa, 593/593°C (3,500 psi, 1,100/1,100°F).1.2
Acceptance field tests of the Boxberg Q’s 907-MW turbine of Siemens
gave the internal efficiency data of 94.2% for the HP cylinder and 96.1%
for the IP one.? These efficiency figures, even being record-breaking, are
quite characteristic for steam turbines with a modern steam path designed
with the use of advanced computation technologies. Thus, for example,
when ALSTOM Power retrofitted the steam turbine’s HP-IP cylinder at the
U.S. power plant J.K. Spruce, the subsequent acceptance tests showed the
internal efficiency figures of 93% for the HP section and 95.7% for the IP
section,* whereas even for the best turbines of the 1980s these figures were
at the level of about 90% and 93%, respectively.5 By another example, for
the HP and LP sections of the retrofitted steam turbine of Siemens at the
German power plant Mehrum, the internal efficiency values were found
equal to 93.6% and 89.9%, respectively, compared to the original values of
86.5% and 87.2%.6

The major losses in turbine stages, causing a decrease in their inter-
nal efficiency, are the profile energy losses, secondary losses (or the losses
at the end-walls, or merely end losses), and the losses with leakages of
steam passing beyond the stage’s rotating blades. In a general way—as
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applied to an impulse-type turbine stage, these losses are conditionally
shown in Figure 4-1; the nature of secondary flows in a blade passage is
explained by a sketch of Figure 4-2.

Reduction of Profile Energy Losses.

The profile energy losses in the blade rows are conditioned by three
main factors: 1) friction losses on the profile surface and the losses with
vortices if the boundary layer separates from the surface, 2) losses with
vortices downstream from the profile’s trailing edge, and 3) wave losses
under conditions of a supersonic flow through the row channel. Until the
1980s, turbine designers had applied their main efforts just to decrease the
profile losses, and experimental investigations and calculations with the
use of the newest, more advanced calculation methodologies and refine

Tip

Secondary Losses Leakage
at Endwalls)~£3 | Loss

Incidence Loss
EERERR

Figure 4-1. Major losses in an impulse-type stage
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Figure 4-2. Secondary flows in a blade passage.

computer programs were aimed at developing and implementing more
advanced, lower-loss blading profiles—see, for example, Figure 4-3.

This process of improving and polishing the blade profiles has
not stopped in the subsequent years. By example, the development of
reaction-type blade profiles of Siemens is illustrated by Figure 4-4a: be-
ginning with a so-called T2 profile in 1970, via a T4 profile in 1980, and
toward an improved TX profile in 1995.1 According to Siemens, the TX
profile affords a higher overall stage efficiency compared to the T4, be-
ing at the same time less prone to deposits on the suction side. While the
earlier T4 profile, with its pretty flat optimum efficiency curve, was well
suitable for a wide range of applications, the TX profile yields advantag-
es for part-load operation over a pre-defined load range, corresponding
to the current operational practice for large steam turbines.

For turbine stages with a relatively great height-to-mean-diameter
ratio (I/d,>0.1), it is necessary to take into consideration an uneven
radial pressure distribution lengthwise in the stage height counterbal-
ancing centrifugal forces caused by a circular constituent of the steam
velocity with resulted changes of the reaction degree along the rotating
blade length, as well as the change in the circular rotation speed and,
therefore, the velocity triangles. Hence such stages should be designed
with profiles varying lengthwise of the stage height and twisted fixed
and rotating blades. This requirement is partially pertinent to IP stages
of large steam turbines with great volumetric steam flow amounts, but
primarily refers to LP stages, especially the LSBs. The velocity diagrams,
steam flow character, and Mach number values for these stages essential-



100 Steam Turbines for Modern Fossil-Fuel Power Plants

Conventional

i
[
. profite '«'
New reaction blade y
" --== Conventional blade Improved !
N protile !
B
2 10 .
2
=% 25
-]
b=
=
= 2.0 Conventional profile A
g o /A
g & 1.5 M
s 05 . 'ﬂ Improved
2 o Lo / profile
= < »
2 210 e SR
= 2
.g £
5 0.5
=
0
intet : Qutlet 0.4 0.6 0.8 1.0 1.2
Blade width Theoreticat exit flow Mach number, M
@ ®)

Conventional
profile

Improved
profile

Figure 4-3. Velocity distribu-
tion around conventional and
improved reaction profiles (a)
and a decrease of profile losses
for conventional and improved
O = 30 B w0 & profiles of MHI for fixed (b) and

Fiow angle, {3, rotating (c¢) impulse-type blade

©- rows. Source: Y. Hirota et al.”

Profile loss ratio

ly vary lengthwise in the stage height, and the applied blading profiles
are set substantially different for different radial sections. Of importance
is that LP stages with large blade lengths and great steam expansion
and speed-up of the steam flow, primarily the LSBs, require supersonic
profiles for the tip sections. Characteristic steam velocity fields at the tip,
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Figure 4-4. Evolution of
3DS Blade . .
Profile reaction-type profiles
(a) and fully three-di-
mensional 3DS blades
(b) of Siemens. Source:
H. Oeynhausen et al.l

1970 Vintage

1980 Vintage

1995 Vintage

2000 Vintage

median, and root sections of a characteristic LP LSB can be seen in Figure
4-5, and the diagrams of Figure 4-6 demonstrate possible variations of
the profile types for the root, mean, and tip sections of a LSB to obtain
the minimum profile losses in the wide range of Mach number values.

Reduction of Secondary (End) Losses

In parallel with combating the profile losses, in the 1990s the main
efforts were redirected to the secondary losses, generated by the inter-
action of complicated three-dimensional flows near the channel end-
walls—see Figure 4-2. These flows are caused by cross pressure gradients
ensued from the channel curvature. Due to the increase in pressure along
the concave profile face, the flow stream deviates to the back surface
where the pressure is less. As a consequence, the boundary layer at the
profile back becomes vitally thicker. The pressure certainly decreases to-
wards the end-walls on the concave surface and increases on the convex
one. These secondary flows within the inter-blade channels result in two
vortex regions at the root and tip end-walls near the convex blade sur-
faces. In these vortex regions, there appear spiral flows of the opposite
rotation directions. The secondary losses are especially significant for
relatively short blades, when the height of the row channel is comparable
to the profile width or chord length and the vortex regions at root and
tip end-walls can interact and even merge.

Adequate mathematical modeling and detailed Computational
Fluid Dynamics (CFD) investigations of the secondary flows becomes



102 Steam Turbines for Modern Fossil-Fuel Power Plants

Figure 4-5. Fields of related steam velocities in the tip, median, and
root sections of a characteristic LP LSB. Source: F.P. Borisov et al.$

possible only in the 1990s with developing fully three-dimensional (3D)
computational models and corresponding software running on pow-
erful computers. In the early 1990s, to decrease the secondary losses,
GEC Alsthom proposed to extend to steam turbine blading the use of a
so-called compound lean geometry design approach earlier developed
for gas turbines.1%11 According to such an approach and its variety hav-
ing been called a “controlled flow” principle, the root and tip sections
are displaced tangentially relative to the mid-height section in such a
manner that the blade is curved in the direction of rotation. As a result,
the concave blade surface intersects with the root and tip end-walls at
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Figure 4-6. Characteristic blade rows and dependence of profile losses

on the Mach number for different sections of an LSB.

A root section: 1-row with convergent channels, 2-pure impulse-type blading,
3-row with divergent channels, b-mean section: 1-common row, 2-row with
double-convex profiles, c-tip section: 1-row with divergent channels and com-
mon profiles, 2-row with convergent channels and common profiles, 3-row with

convergent channels and a ridge at the profile back. Source: A.V. Shcheglyaev9



104 Steam Turbines for Modern Fossil-Fuel Power Plants

an acute angle. This causes higher statistic pressure and hence lower
velocities. In addition, the blade sections are skewed in such a manner
that the channel throat areas are reduced at the root and tip sections, but
increased at the mid-height. This results in reduced mass steam flows
in the end-wall regions, where the secondary losses are generated, and
increased mass flow in the most efficient mid-height blade zone. The
resulted improvement in the stage efficiency, attained due to the use of
newly profiled blades and controlled flow and verified by experiments
at a model air turbine, is illustrated in Figure 4-7 as a function of stage
loading (velocity ratio).

Transition to a fully three-dimensional design of the steam path
with twisted, leant, and bowed (curved) blading was the next step. It
might be well to remark that this conception was earlier developed and
experimentally investigated and verified as long ago as in the early 1960s
in the Moscow Power Engineering Institute (MEI) under guidance of
Prof. M.E. Deich.1213 In particular, G.A. Filippov and Huang Chungchi
of MEI investigated the blades, called saber-like ones, with a co-rota-
tional lean varying along the stage height.1# To diminish the secondary
flows, the angle of inclination of such blades is reduced lengthwise in the
blade height and can become negative at the tip, resulting in diminishing
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of the secondary losses—Figure 4-8a. Much later, these experiments were
repeated by specialists of Mitsubishi Heavy Industries (Figure 4-8b), and
such a method of suppressing the secondary losses has begun applying
by MHI (Figure 4-9), Siemens PG (Figure 4-4b), ALSTOM Power and
other leading turbine producers of the world.

Apart from featuring consistently refined blades with decreased
profile losses, the aerodynamic burden on the blade sections in the tip
and root areas is eased by inclining the blades in the direction of rota-
tion and bowing them, thus reducing the secondary losses. If initially
the “saber-like” (leant and curved, or bowed) fixed and rotating blades
were mainly intended to find application primarily for the LP LSBs (and,
they truly bring there the greatest gain), then they has become to be used
extensively throughout the entire steam path, in all the HF, IP, and LP
stages.

In particular, this refers to Siemens steam turbines of the 2000 vin-
tage with three-dimensionally designed (3DS) blading. Test results for
the first HP stages’ blading, shown in Figure 4-10, reveal the obvious
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Figure 4-8. Local-to-minimum loss ratio variation over the height of a
fixed blade rows with radial, straight (1) and “saber-like”, bowed (2)
blades according to experimental data of MEI of the 1960s (a) and MHI
of the 1980s (b). Source: M.E. Deich et al.1#
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reduction of the secondary losses for a 3DS, leant and curved, blade over
a conventional, cylindrical blade. At the same time, because the blade is
pretty short, suppression of the secondary losses not only tells on the
losses in the nearest vicinity of the blade platform (hub end-wall), but
also considerably raises the internal efficiency along the whole blade
height. Detailed experimental investigations conducted on a model tur-
bine under representative Mach and Reynolds number values showed
that 3DS blading gives the stage efficiency improvement of up to 2%
points as compared to purely cylindrical blades.lo17 In full measure,
the advanced three-dimensional CFD design of the turbine steam path,
including the HP and IP sections, Siemens Power Generation carried
into effect at the above mentioned 907-MW Boxberg turbine (see Figure
2-10), resulting in its record efficiency. Major pre-requisite for the devel-
opment of the 3DS blading have been
the introduction of advanced CFD
methods, computational optimiza-
tion, Finite Element Analysis (FEA),
experimental verification, linked
Computer-Aided Design, Engineer-
ing, and Manufacturing (CAD/CAE/
CAM) tools, and modern blade man-

Cylindrical ufacturing facilities.!®
Blade For stages with a small relative
height (the blade-height-to-chord
ratio I/b < 1-1.5), in 1960 Prof. MLE.
Deich also suggested to suppress the
3Ds secondary losses by means of special
Blade meridional profiling of the nozzle
» channel, later called “countered
Blade Profile Length walls.”18 In this way, the steam flow
Blade is artificially driven to the root sec-
Platform tion, counterbalancing the centrifugal
force, which presses out the flow to

es along the blade height for a the outlying end-wall. Laiter, this ap-
three-dimensionally designed proach was accepted and implement-
(3DS) short blade compared ed by General Electric and Mitsubishi
to a conventional, cylindrical Heavy Industries for low aspect ratio

blade. Source: H. Oeynhausen et (short) impulse-type stages with
al15 the resulted efficiency gain of up to

Blade Losses

Figure 4-10. A decrease of loss-
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about 1.5%—Figure 4-11.1819 Simultaneously, the flow patterns in the IP
steam path were also optimized on the meridional plane. A similar ap-
proach has also been practiced by Siemens to increase the IP stage height
and make the hub and outlying contours more smooth.20 However, the
meridional profiling of the steam path is most important for the LP sec-
tions taking into account the greatest steam expansion in this area and
hence the considerable rise of the stage height.

According to a classic approach to the LP cylinder design, more
often than not the root (hub) diameters of the stages are set constant (see
Figures 2-2, 2-5, 2-6, 2-10, 3-3, 3-4, 3-5, 3-6, 3-11, 3-25, 3-28, 3-31, and 4-
12). Sometimes, the root diameters are made slightly decreasing toward
the last stage (see Figures 2-12, 3-1, 3-16, and some others, especially
in LP cylinders of wet-steam turbines?!). In these cases and with high
values of the length-to-mean-diameter ratio for the LSB, the peripheral
streamline pitch angles reach about 60°. Under such circumstances,
transition from a broken, “piece-linear” peripheral outline of the steam
path to a conical me-

ridional outline gives Copventional  Cotoured
a remarkable gain in

the local stage effi- —&

ciency for the tip sec- '
tions.22 In addition, ] .

under conditions of a
classical design, the - i
i

steam flow tends to
separate from the hub,
and the mass flow is
mainly driven to the
outlying contour. The
steam streamlines cut
the radially stacked
vane at acute angles =
and hence experience ~a— Cylindrical
a significant sweep L "'Jcm'?‘m:/va" r
angle—Figure 4-12c. 46 48 S0 52 54 586 58 60 82 64 6
In the case of leant Veloctty Ratlo

and curved vanes of Figure 4-11. Test data for a control stage with
the last stage (Figure conventional (1) and contoured (2) sidewalls.
4-12b), the streamline  Source: ].I. Coffer, IV 18 and Y. Hirota et al.1?

Efficiency
T




109

Design of Steam Path, Blading, Gland Seals, and Valves

(b)

ﬁauﬂﬂfﬁéﬂ
ANN\N\\Wevsasa
//////4%“%“%“_

@

{©)

Figure 4-12. ABB’s advanced LP cylinder (a) with highly three-dimen-
sional geometry of the last stage vane (b) and meridional flow patterns
in the LP steam path with a “classical” (c) and leant and curved (d) last

stage vane. Source: A.P. Weiss??
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inclination angles tend to be perpendicular to the blade edges—see
Figure 4-12d compared to Figure 4-12c. The more uniform streamline
fanning provides an evener mass flow distribution in the radial direc-
tion, along the stage height. The leant and curved vane (see Figure
4-12b) also produces an additional radial force which influences on the
flow, increasing the root reaction of the stage and preventing flow sepa-
ration. These principles of the LP steam path design were carried into
effect, in particular, in the 933-MW turbines of ABB for the Lippendorf
power plant—see Figure 3-5a, as well as employed for refurbishing
some aging turbines—see Figure 18-5a.

The influence of saber-like vanes used in the LP last stage was
also investigated in calculations and experiments of All-Russia Thermal
Engineering Institute (VTI) together with LMZ.2324 Under consideration
was the standard LP steam path of LMZ with the LSB of 960 mm long
(see Figure 2-4a). Its conventional cylindrical vanes were replaced with
saber-like ones with the angle of inclination near the root varying be-
ginning from 10-to-30°, and the bowed portion of the vane length was
varied in the range between 0.3 and 0.5 (the upper portion of the vane
was remained radial), as it is proposed for retrofitting steam turbines
in service. (Earlier it was shown that for stages with the highest values
of height-to-the-mean-diameter ratio, that is, for LP last stages, it is not
necessary to lean the vanes at their periphery—the peripheral zones can
remain radial.) The resulted changes in the stage efficiency are shown in
Figure 4-13 depending on the volumetric steam flow amount. For newly
designed turbines with fully three-dimensionally bowed vanes and
buckets through the entire steam path, the effect should be much more
noticeable.

The peripheral pitch angle of the LP steam path can be reduced by
lowering sharply the stage hub diameter toward the last stage, as shown,
for example, in Figure 4-14 as applied to the LP steam path of Mitsubishi
Heavy Industries with the titanium LSB 1,143 mm (45 in) long. A similar
approach was also applied by GE Energy for the LP steam paths with the
LSBs of 1,106 mm (40 in) length for 3,600 rpm and 1,218 mm (48 in) for
3,000 rpm.25 However, in these cases the designers have to deal with the
length-to-mean-diameter ratio for the LSBs up to the highest available
values of 0.4-41 and even more. (The problems of LSBs and their design
are to be considered in more details in the next section.)

As seen from Figure 4-2, the secondary losses are substantially
tied with conditions by which the steam flow enters the blade row. So
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any Figure 4-13. Changes in ef-
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Figure 4-14. Calculated isotach
field for the steam path of the
three last LP stages with the
1,143 mm long titanium LSB
of MHI’s 3,600-rpm turbine.
Source: By courtesy of Mitsubishi
Heavy Industries
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in order to reduce the secondary flow it would be advisable to change
the nature of the flow at the channel entrance to suppress as much as
possible so-called horseshoe-shaped vortices at the channel endwalls.
In particular, it would be possible by changing the leading edge form.
The traditional way of reducing the intensity of the considered vortex
cords comes to decreasing in a reasonable manner the profile’s leading
edge thickness. However, in this case the channel becomes more sensi-
tive to the angle of incidence. An original solution of this problem was
developed in the 1960s by Prof. Deich, who proposed an attachment
of a profiled, dolphin-head-like nose to the profile’s leading edge.1213
Subsequent tests confirmed its high aerodynamic quality and its advis-
ability, in particular, to use for wet-steam turbines. Along with this, in
order to reduce the intensity of the horseshoe vortices, it was proposed a
fundamentally different solution—to provide a common, smooth leading
edge with a V-shaped cut, as shown in the inset of Figure 4-15.26 This
cut creates a steam pillow on the leading edge that adapts itself to the
inlet flow angle and, as experiments showed, considerably reduces the
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intensity of the inlet horseshoe vortices. The diagram of Figure 4-15 just
demonstrate the resulted decrease of the energy losses for a blade row
profile with V-cutting the leading edge compared with a conventional
profile. It is understandable that this solution is primarily intended for
short blades (in this specific case with the related height /b of 0.8) espe-
cially sensitive to the end losses.

Another proposed solution of the problem with the secondary
losses can be a special suction of the boundary layer from the endwall
surfaces.!3 In particular, it can be done by means of perforating the
shrouds forming these surfaces—Figure 4-16.

Reduction of Parasitic Steam Flows within the Stage
Along with the profile and secondary (end) energy losses, parasitic
steam leakages through the gland seals are a serious source of losses in
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Figure 4-15. Energy losses in the blade
rows with a relative height of 0.8 and
smooth (1) and V-cut (2) profiles de-
pending on the dimensionless outlet
velocity. Source: A.E. Zaryankin et al.26

Figure 4-16. A turbine stage with per-
forated endwall surfaces. Source: A.E.
Zaryankin et al.2




Design of Steam Path, Blading, Gland Seals, and Valves 113

the turbine steam path and hence a reserve for raising the turbine effi-
ciency. First of all, this concerns the steam leakage losses within the stage
(see Figure 4-1). In order to diminish the tip leakage losses, as well as the
windage resistance losses, rotating blades of all the HP, IP, and LP stages
of modern steam turbines are made shrouded. The only exception is the
LSBs of some turbine producers who prefer to make them free standing
to reduce the centrifugal forces acting on the blade root and the rotor,
whereas the tip steam leakages for the last stages are rather less im-
portant. Practically all the rotating blades (buckets) of modern turbines
are manufactured integrally shrouded. With improvement of the blade
airfoils and the use of twisted, leant, and curved blades, the tip gland
seals improve their design as well—Figure 4-17. In order to heighten the
aerodynamic resistance of the seals and diminish in this way the steam
leakage amounts, the number of sealing ridges is increased; the ridges on
the opposite gland surfaces are made with different pitches; the ridges
are bent against the steam flow direction, and so on. The shrouds of IP
and LP stages with a conical (on the meridional plane) peripheral outline
are made of a special shape to supply them with tip seals—Figure 4-18.

For impulse-type stages, a general pattern of steam flows depends
on the aerodynamic resistance ratios for the blade row, diaphragm and
overshroud (tip) seals, pressure-balance holes in the wheel-discs, and
axial clearance between the disc and diaphragm near the root seal. If the
flow capacity of the pressure-balance holes is less than that of the dia-
phragm seal, there take place some suction of steam leaking through the

Integral
shrouds

Optimized
full 3D
airfoil shape

Figure 4-17. Modular concept of blade design of Siemens with im-
provement of both the blade airfoils and shroud seals. Source: M. Deck-
ers and E.W. Pfitzinger?0
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(b)

Figure 4-18. Two different types of shrouds and tip seals for LP stages
with a conical meridional profile.

latter, additionally decreasing the stage efficiency. This occurs because
the injected steam does not possess the necessary energy to work in
the rotating blades, and in addition, it disturbs the major steam stream
and retards it. By increasing the balance holes, it is possible to bring the
steam flow amount through the root seal to zero. What is more, some
steam leakage through the root seal can be even useful, withdrawing a
portion of the disturbed steam layer with its secondary losses from the
steam path. Experiments of Mitsubishi Heavy Industries showed that
in this case, with optimizing the root leakage flow amount, the stage
efficiency could be even increased by up to 0.4-0.5 %.” This effect was
also corroborated by special calculations of ALSTOM Power intended for
prediction of the internal turbine efficiency gain due to potential retro-
fits.2”

To increase the accuracy of such predictions, analyze the general
pattern of the steam flow through the stage rows, and estimate with
more confidence their efficiency, it is desirable to use an overall math-
ematical model of the steam path with all features of its geometry. In
particular, such a development was carried out by Mitsubishi Heavy In-
dustries as applied to the experimental single-cylinder 105-MW turbine
installed at the “T-point” power plant in Takasago Mechanical Works of
MHI (see Figure 3-33a). The calculated results are supposed to be com-
pared with the data of experimental measurements (see Figure 3-33b).
One of the aids of this model is to optimize the shape of the flow path
with minimizing the parasitic steam flows.?

The relative values of the profile, secondary, and leakage losses
in the stages of the inlet and outlet zones of the HP and IP sections of
modern Siemens turbines are shown in Figure 4-19. The blade profile
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Figure 4-19. Relative values of the stage losses in the inlet and outlet
zones of the HP and IP sections for modern steam turbines of Siemens.
Source: M. Deckers and E.W. Pfitzinger?0
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losses are the largest single source of losses in the whole turbine. This
clearly indicates that the overall losses should be primarily reduced by
diminishing the profile losses throughout the turbine steam path. The
secondary losses remain significant for those stages that are character-
ized by a low aspect ratio (the blade’s height-to-chord ratio), that is, the
front stages of the HP and double-flow IP sections. The leakage losses
are most significant in both the HP and IP steam admission regions, and
a leakage-free admission would be desirable. Such a comparison analy-
sis1220.29 helps to reveal the most promising directions of developments
to increase the turbine stage efficiency.

The circle diagram of Figure 4-20 demonstrates shares of different
energy losses for a characteristic impulse-type HP stage. In the specific
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Figure 4-20. Shares of different energy losses for a characteristic im-
pulse-type HP stage. Source: ].J. Coffer, V18
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considered case the total profile losses (for both the nozzle vane and ro-
tating blade) make up 30%, as well as the total secondary losses, and the
remaining 40% mainly relate to the leakage losses, with the largest share
of 22% accounting for the tip leakage and the shaft packing leakage loss
(loss with the leakage through the diaphragm seal) amounting to 7%.18
It should be understandable that the cited figures of the loss shares are
not absolute, and for each specific case the correlation of different energy
losses occurs different, depending on the type of blading, blade profiles,
and other specific design solutions.

Influence of a Blading Type on the Cylinder Efficiency

All the above considered effects relate to the efficiency and energy
losses as applied to an individual turbine stage, impulse-type or reaction-
type. Both of them have certain advantages and shortages depending on
the specific operating and boundary conditions, and since the beginning
of industrial production of steam turbines, for more than a hundred
years, different turbine manufacturers have traditionally produced their
turbines with either impulse-type blading (GE, GEC Alsthom, Hitachi,
LMZ, Skoda, Toshiba, Turboatom, and some others) or reaction steam
path (ABB, MHI, Parsons, Siemens, Westinghouse). True, this paradigm
of employing either impulse or reaction blading and applying the same
reaction degree to all the stages concerns only the HP and IP steam
paths. For the LP stages with their great height-to-mean-diameter ratio
values, the steam pressure in the gap between the fixed and rotating
blades considerably rises longwise of the stage height, and the velocity
diagrams substantially change while the circular rotation speed increases
with the radius. Under these conditions, to avoid negative reaction in the
root section and excessively high reaction near the stage tip, the adher-
ents of both the impulse-type and reaction blading equally have to use
blading with the variable reaction degree, increasing from 0.3-0.4 in the
root section up to 0.6-0.7 to the blade tip. However, presently with the
use of an individual fully three-dimensional blading design for all the
HP, IP, and LP stages and each particular application, it becomes reason-
able to have the stage reaction degree also set individually for each stage
not only in the LP steam paths, but in the HP and IP sections as well.

In brief, the major advantages of a reaction-type steam path over
an impulse type can be brought to the following items. First, steam flow
channels in reaction-type stages, owing to their confuserness, usually
have somewhat less profile and end energy losses. Second, all other
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things being equal, a reaction-type stage is characterized by a lesser
enthalpy drop; this requires a greater number of stages to cover the taken
total enthalpy drop for a cylinder/section and results in a greater heat
recovery factor. On the other hand, steam leakages through the under-
shroud seals of reaction stages, or the “tip” leakages through the seals
between the fixed blades and the rotor surface, are greater than steam
leakages through the diaphragm seals of impulse-type stages because of
greater body diameters for rotors of reaction-type turbines, even though
such rotors are more rigid and their seals are less prone to wearing out
because of vibration. In addition, single-flow cylinders of reaction-type
turbines need remarkable dummy-pistons to counterbalance the axial
thrust caused by considerable pressure differences across the rotating
blades which also results in greater steam leakages and an efficiency
decrease. Special calculations were conducted to compare the efficiency
of HP steam paths for some specific turbines, if they had been designed
with different reaction degrees, based on the same design approaches.30
According to their results, with the use of reaction-type blading, the
cylinder’s internal efficiency would be about 1.8% higher compared to
that of the existing cylinders with impulse-type blading, even though
this efficiency could decrease more rapidly in the course of operation,
being more sensitive to the operation quality.

In the last decade, such a dichotomous attitude to the turbine blad-
ing choice has given way to a more flexible approach based on the use
of merits of both blading types. This conception, shaped as “Impulse
Blading? Reaction Blading?—Variable Reaction Blading!” was first de-
clared and proposed by Siemens PG and materialized in the so-called
3DV blading technology.3132 The 3DV blades of the HP and IP steam
paths feature the fully three-dimensional airfoil shapes of the 3DS family
(see Figure 4-4b) with the ability to vary the stage reaction in the range
between 10 and 60% to obtain the maximum efficiency—Figure 4-21.
This allows the cylinder efficiency to be increased by up to 1% compared
to conventional blading with constant 50% reaction. The 3DV blading
conception was first applied to the 1,000-MW-class steam turbine of the
German NiederauBem K Unit, the world’s largest supercritical lignite-
fired one, put in operation in 2002. Since then, Siemens declares the 3DV
blading employed in all the newly developed steam turbines and the
majority of those in service to be refurbished.!6

If Siemens was always known as a consistent advocate of reaction-
type blading, GE was traditionally considered to be the main representa-
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Figure 4-21. Changes in the steam expansion line (a) and reaction de-
gree (b) of an optimized 3DV steam path design compared with con-
ventional reaction-type blading . Source: P. Hurd et al.1®

tive of impulse-type turbines. So it is of special interest that presently GE
came to a similar idea “from the other end,” developing the conception
of the “Dense Pack” steam turbine design.33 According to this concep-
tion, the turbine’s HP and IP stages are designed with higher reaction,
lower mean diameters, longer blades, and increased annular area. As a
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result, the stage number increases without increasing the overall cylinder
length, what explains the taken name of Dense Pack. The mentioned
changes lead to a reduction in flow-through velocities with a correspond-
ing drop in the profile losses, while the improved aspect ratio reduces
the secondary losses. The root reaction degree and number of stages are
optimized to gain the maximum efficiency. To validate these design prin-
ciples, with the use of special Steam Turbine Test Vehicle (STTV) facility,
GE Energy tested some model steam paths designed on their basis. These
tests indicated a noticeable gain in efficiency for the Dense Pack steam
paths over conventional impulse-type turbines. Furthermore, to fully
utilize the available energy, GE Energy developed the Advanced Dense
Pack technology. In addition, to optimizing the rotor diameter, root re-
action, and number of stages, the three-dimensional flow field is also
optimized by applying compound tangential lean and modified vortex
distribution for the nozzles and buckets. This technology is declared to
be applied to the HP and IP sections for all the newly designed steam
turbines, as well as the most of machines to be retrofitted.?>

IMPROVEMENT OF TURBINE GLAND SEALS
AND NON-BLADED AREAS

For the efficiency of individual turbine cylinders or sections, of
significance are energy losses with the steam leakages through the end
seals, as well as central seals between sections for the integrated cylin-
ders. These (shaft) seals are mainly designed with the use of the same
approaches as those applied to other types of gland seals—Figure 4-22.
Along with this, even these very traditional components of steam turbine
design are presently considerably modernized.

Speaking of labyrinth and once-trough gland seals, very attractive
are so-called the seals with retractable packings, or 0, or “controlled”
radial clearances. For this type of seals, their radial clearances increase
when the turbine is stopped or operated with low steam flow amounts
and decrease under normal operating conditions under load. If for con-
ventional seals with fixed packings their flat springs press down the
packing segments toward the shaft, with the retractable packings their
springs push the packing segments outward, that is, toward the stator
component (the diaphragm or casing ring). A possible scheme of such
a seal is shown in Figure 4-23a, even though most often than not the
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springs pressing the packing segments outward are settled circumfer-
entially, as in Figure 4-23b. The chamber over the packing segments is
connected to the steam path space upstream of the seal, and the steam
pressure within this chamber pushes the packing segments inward, to-
ward the shaft. As a result, at the beginning stages of start-ups, when
the probability of rubbing in the seal is maximum (because of vibration,
thermal bowing of the shaft and/or casing, and other possible circum-
stances), the radial clearances in the seal are maximal, and only when
the turbine begins operating under load the steam pressure difference
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Figure 4-23. Schematic of a seal with retractable packings (a) and an
actual retractable packing segment with a brush seal (b). Sources: E.
Watanabe et al.?8 and M.E. Foley3*
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across the packing segments displaces them into the working, “closed”
position, and the clearances decrease to the values recommended by the
turbine producer—for example, about 0.6 mm (0.025 in), whereas when
the turbine is stopped, the seal clearances are as much as about five-six
times greater.

The first such seals were tested in operation at steam turbines in
service in the 1980s. After nearly two decades of experience at hundreds
turbines of ALSTOM, GE, Hitachi, Toshiba, Westinghouse, and others, the
retractable packings have shown themselves to be a cost-effective and re-
liable measure for preventing the wear of seals and improving steam tur-
bine efﬁciency.35 So, for example, by 1999 TurboCare, Inc. had installed
such seals within approximately 400 turbines with the single capacity
of up to 1,100-1,300 MW with the longest operating experience over 11
years.3¢ Replacement of conventional end tip and diaphragm seals with
retractable ones at steam turbines in service in all the cases has brought
a noticeable increase in the turbine efficiency. So, for example, for the
618-MW supercritical-pressure Gibson Unit 1 of Public Service Company
of Indiana, the HP cylinder’s post-overhaul efficiency was reported as
equal to 84.4% after installing the retractable packing, that is, 2.9% over
the pre-outage value and 0.6% better than the design efficiency.3”

At many power plants, transition to the retractable packings com-
pletely solved a problem of rubbing in the steam path at start-ups without
sacrificing the turbine efficiency. The U.S. Department of Energy (DOE)
estimated the cumulative effect of retractable packings due to the steam
turbine efficiency improvement from introduction through 1997 as equal
to a fuel savings equivalent of some 55x1018 k] (52.13 trillion Btu).3¢

Retractable seals in their simplest form, while being quite effective
in the HP and IP sections, are not always fit for the LP stages because
available pressure differences across the packing segments can be insuf-
ficient to retract them. For the LP stages it is proposed to use so-called
“sensitized” seals, which, unlike retractable seals, does rely on steam
pressure to displace. While the turbine is working under load, such seals
are kept in the operating position as sensitized coil springs hold the
packing segments in place.3®

Retractable packing systems were additionally improved with the
inclusion of a built-in brush bristle(s) sandwiched between two solid
faceplates—Figures 1-23b and 1-24. The brush material is Haynes 25
cobalt-based super-alloy. Several thousand extremely fine diameter
bristles, with the wire diameter in the range of 0.1 to 0.15 mm (4-6 mil),
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are packed together, forming a hedge against the leakage steam flow.
The bristles are inclined radially in the direction of the shaft rotation,
commonly by about 45°, to prevent them from picking up on the ro-
tor. The back plate provides stiffness to the brush pack and prevents it
from being deflected downstream by the steam pressure across the seal.
During operation, the aerodynamic forces, due to the leakage flow and
well known bristle “blow-down” effect, make the bristles move down
and close up the bristle tip clearance further reducing the leakage flow.
Because retractable brush seal packing operates at zero clearance when
it is “closed,” steam leakage is limited to the flow that can find its way
through the tight maze created by the brush seal’s bristle pack. In doing
so, the steam leakage flow through the seal dramatically reduces and
remains almost invariable in the operation process, even if the turbine
works in a cycling manner—Figure 4-25.

Analysis of potential sources for efficiency degradation as applied
to steam turbines with an integrated HP-IP cylinder showed that it can
happen because of a wear of intermediate seals between the HP and IP
sections, with a resultant increased leakage of steam after the control
stage to the IP steam admission part. In particular, such a conclusion was
made by TurboCare, Inc. for the Northport Power Station Unit 3 before
its retrofit in the fall of 2004, its first since 1997.38 This U.S. power plant
comprises four G2 steam turbines of GE with the rated capacity of 375
MW each put in operation between 1967 and 1977. In order to decrease
the mentioned leakage between the HP and IP sections, TurboCare pro-
posed and carried out refurbishment of the existing intermediate seals
based on the brush seal technology. On-line monitoring of the unit’s

Figure 4-24. Schematic of a brush seal. Source: P. Hurd et al.1°
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Figure 4-25. Changes of the radial clearance and steam leakage through
the retractable brush seal compared to a conventional packing. Source:
M.E. Foley3*

heat-rate performances showed the resulted increase in the turbine out-
put of 14.1 MW.

The use of brush seals is tied with a number of physical phenomena
to be understood in order to apply these seals confidently and broadly
in the turbine operation practice. In particular, these phenomena became
the subject of special investigations of ALSTOM.3? Presently, ALSTOM
Power has had brush seals installed on the HP and IP tip seals of a
number of retrofitted turbines and has accumulated several years of
operating experience at these machines. Brush seal performance has also
been monitored over many thousand operation hours in a test facility
and on a trial application on the end gland seals of a boiler-feed pump’s
driving turbine. No significant degradation of leakage performance over
time has been observed in the tests.

Another seal design concept, called “leaf seal,” is under consider-
ation by Mitsubishi Heavy Industries.?8 Such a seal comprises a number of
thin metal plates (“leaves”) inclined in the circumferential direction so that
their tips are kept in a non-contact state with a negligibly small clearance
when the rotor is rotating. This is provided by a lifting force produced due
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to a hydrodynamic pressure effect acting between the leaf and rotor—Fig-
ure 4-26. The tip of the leaf is lifted up by a balance of the pushing force
due to pre-pressure of the setting, hydrodynamic lifting force, and addi-
tional lifting force due to the pressure difference across the seal. The result
is that both the seal and rotor are prevented from wear and the durability
of the seal is increased when the turbine is running. This distinguishes the
leaf seal from the contact-type seals such as brush seals. In addition, since
the seal itself is in the shape of a plate with axial width, it has a higher
rigidity in the direction of the steam pressure difference and the sealing
function can be kept up to a higher differential pressure values compared
with brush seals. Figure 4-27 shows some results of special bench tests
conducted by MHI to verify the seal performance, lifting and some other
characteristics, including the electricity discontinuity, or potential differ-
ence, between the seal and rotor. The results confirmed that the flow rate
through the seal is about one-third of that for a conventional labyrinth
seals and the lifting-up force performs well even if the seal is eccentrically
positioned against the rotor.

Leaf seals, as well as ACC seals (with retractable packings) were
installed and investigated at the experimental single-cylinder 105-MW
turbine at the “T-point” CC power plant in Takasago Machinery Works
of MHI.28

For reaction-type turbines, the packing segments in the shaft
glands, balance pistons, and low-height spring-backed under-shroud
seals (between the fixed blades and rotor) can be coated with an abrad-
able material, which decreases the effective clearance of the seal, but
wears away if there appears rubbing against the opposed labyrinth teeth
(ridges)—Figure 4-28. This design can effectively reduce the leakage flow
in the seal by approximately 20% compared to uncoated seals without

Pushing force due to
pre-pressure of the setting

Lifting force due to seal
differential pressure

Lifting force due to
hydrodynamic pressure

Figure 4-26. Leaf seal schematic. Source: E. Watanabe et al.?8
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Figure 4-28. A gland seal segment with and without abradable coating.
Source: P. Hurd et al.1®

compromising operational safety. This technology was introduced by
Siemens after several years of experience with abradable coatings for
small-capacity turbines. An extensive test program, to optimize durabil-
ity and wear behavior of the coating, has verified the effectiveness and
contact properties. The coating wears locally and gives way to intruding
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labyrinth teeth, leaving the adjacent seal surfaces and teeth fully intact.

The considered advanced seal technologies, such as retractable,
brush, and abradable seals, have already used in power plant practice,
even though nowadays mainly at refurbished turbines, but with sig-
nificant performance benefits. By example, Figure 4-29 demonstrates ap-
plication of these technologies to the shaft seals at the integrated HP-IP
cylinder of a BB44FA project of Siemens Westinghouse Power Corpora-
tion intended for retrofitting steam turbines in service of Westinghouse
with a nominal rate between 350 to over 680 MW.16 In particular such a
retrofit was carried out in 2004 at the Madgett power plant (Florida) as
applied to its subcritical-pressure 365-MW turbine # 1.40 Presently, the
considered sealing technologies are also offered for gland seal systems of
large steam turbines, including those of advanced steam conditions.1”

Besides reduction of the steam leakages through the seals, to in-
crease the cylinder efficiency, of importance is to avoid or at least mini-
mize the energy drops in the non-bladed steam path areas by reducing
their aerodynamic resistance and diminishing pressure drops. This pri-
marily concerns steam admission and outlet zones, bleeding chambers
and channels connecting them to the steam mainstream, and all the areas
where the steam flow turns. Upgrading and optimizing finally their sizes
and shapes is commonly fulfilled with CFD methods and computer pro-
grams. The LP exhaust hoods also require special thorough analysis, but
this subject is to be considered separately below.

Abradable

Figure 4-29. Application of advanced sealing technologies at the HP-IP
cylinder of a BB44FA project of Siemens for retrofitted steam turbines.
Source: P. Hurd et al.16
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As applied to the 907-MW Boxberg Q steam turbine of Siemens
(see Figure 2-10), optimizing the HP steam admission section led to
the development of a helical configuration that yielded a more uniform
flow distribution over the entire stationary blade ring area. New diffuser
geometry was developed for the HP and IP exhaust hoods specifically
to counteract backflow and vortex formation caused by flow separation,
making it possible to reduce pressure drops and energy losses due to
internal circulation flows. Special attention was paid to excluding any ex-
cessive aerodynamic resistances and vortex formation sources at all the
steam flow turns, between the main steam flow and bleeding chambers,
and so on.?

Attentive consideration and special analysis of many projects of
steam turbines in service allow revealing numerous places with exces-
sive steam leakages or energy drops which could be easily refurbished
with a resulted gain in efficiency. It can be said that the increases in the
turbine efficiency gained due to such specific individual measures are
counted in fractions of a percent. However, implementation of all these
design improvements taken together can raise the final turbine efficiency
quite remarkably, and modern steam turbines demand paying attention
to all these “small things” along with the “global” improvement of the
steam path design.

REDUCTION OF LOSSES IN CONTROL VALVES

Existing stop and control valves of steam turbines for fossil-fuel
power plants with substantially high main steam conditions are fre-
quently characterized with very great steam velocities in the narrow-
est section of the diffuser-type seat (that is, practically at the turbine
entrance) of approximately 100-140 m/s (330-460 ft/s). As a result, they
have a pressure drop of about 4-7%, and hence the available enthalpy
drop for the turbine decreases by about 7-10 kJ /kg.2® Some special inves-
tigations of this problem26:41-43 brought to the concept of profiled valves
with a cup featuring a perforated surface as an alternative to plate-type
valves. The proposed solutions can be illustrated by the example of the
unit of the main stop and control valves for 360-MW steam turbine 18K-
360 of Zamech (Poland) with subcritical steam pressure of 18 MPa (2,610
psi)—Figure 4-30. The unit comprises the stop valve 1 and control valve
2, arranged on both sides of the common saddle 3. The distinguishing
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features of the units are the following:

1)  profiled valve heads, whose surfaces, together with the surfaces of
the inlet and outlet parts of the saddle, forms an axially symmetri-
cal annular duct;

2)  perforation on the streamline valve head surfaces for damping pos-
sible flow pulsations;

3) a special system for additional loading of the valve under condi-
tions of high lifting, when the tapered bushing (4 in Figure 4-30)
obstructs the access of steam to the unloading valve, and

4)  confuser saddle instead of diffuser saddle.

The last solution, being entirely unconventional for control valves,
ensures their stable operation under any operating conditions. In order
to reduce the aerodynamic resistance of the fully opened valves, the
maximum steam velocity in the saddle throat was reduced from the
initial value of 150 m/s (490 ft/s) for the old-type valves to 70 m/s (230
ft/s) by increasing the fit diameters of the valves. As a result, the total
resistance of the considered unit did not exceed 1.5% of the inlet steam
pressure. Such a solution became possible due to application of an un-
conventional system for counterbalancing the axial thrust on the control
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Figure 4-30. A unit of main stop and control valves for 360 MW tur-
bine of Zamech (Poland) for subcritical steam pressure. Source: A.E.
Zaryankin et al. 42
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valve stem when its internal cavity is connected to the confuser saddle
duct, not through the central unloading orifice but through the holes
perforated on the streamlined surface of the valve head. Thus, at small
openings of the valve, its deep unloading from the acting steam pressure
forces is ensured, and there arises a possibility to increase the fit valve
diameters not increasing the servodrive power.

The single-seat angle valves of ABB (see Figure 3-5b) were also op-
timized in terms of power drops, flow losses, and sensitivity to vibration.
The design of their spindle seals diminishes the steam leakage amount
along the stem and reduces the required leakage piping to a minimum.
The diffusers after the main and intercept control valves (see Figures 3-
5b and 3-5c¢) also act as the inlet ducts to the inner casings. The turbine
design in these HP and IP areas significantly reduces the cost and dura-
tion of overhauls by allowing easy dismantling and reassembling. The
gland seal pipes of the valves are fitted directly to the valve body and
do not need to be removed for the overhauls.4445

The same to a great degree can be said about the combined stop-
and-control-valves unit of Siemens—see Figure 3-8c. Their number and
size are set according to the mass flow rate to diminish the maximum
steam velocity and hence the pressure drop and energy losses. Sealing
of the valve stems should minimize the steam leakages along the valve
stems.

Steam leakages through the seals of the HP valves’ stems are
commonly quite remarkable, especially for supercritical-pressure steam
turbines, and result in noticeable energy losses. In addition, the outside
steam given to the seals and flowing along the valve stem causes an
axial temperature unevenness in the valve steam-chests with a resulted
increase of unsteady thermal stresses in them. The presence of these
seals also makes the valve steam-chests cool faster when the turbine is
stopped. The temperature differences, arising between the turbine’s HP
cylinder and valve steam-chests in the cooling-down process, produce
certain difficulties at subsequent start-ups.

All these problems vanish if the valve stem’s seal is replaced with
a hermetic assembly without steam flows along the stem. This task was
successfully solved by specialists of All-Russia Thermal Engineering Re-
search Institute (VTI) together with LMZ with the use of a Liquid-Metal-
lic Seal (LMS)—Figure 4-31.4647 Jts behavior was experimentally tested
even under super-elevated steam conditions.*8 Due to a low friction
coefficient (less than 0.05), the LMS does not hamper the valve motion
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freedom. After thorough bench tests and long-term field tests at the HP
control valves on an actual supercritical-pressure 300-MW steam turbine
in service, since 1987 such LMSs were installed, in particular, at all the
HP control valves of six 300-MW turbines of LMZ at the Konakovo
power plant and four similar turbines of the Lukoml power plant. The
LMSs have been successfully operated without additional inspections
and maintenance between the overhauls (every six years). No forced
outages have taken place because of these seals. According to the power
plant data, the resulted increase in the turbine efficiency makes up about
0.2%. 1t is obvious that with the increase of the main steam conditions
the effect of applying the LMSs rises. Altogether, the leakless LMSs
were installed at 22 turbines of six types in the former Soviet Union and
abroad, including 18 turbines of supercritical steam pressure. Presently,
the LMSs are supposed to be used at new supercritical-pressure 300-MW
turbines designed by LMZ for replacing the aging ones in service, as

well as at newly designed steam turbines with the elevated steam condi-
tions.47/49-51
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Chapter 5

Last Stages and
Exhaust Hoods of
LP Cylinders

LAST STAGE BLADES

Utmost Length

Last stage blades (LSBs), being the key element of steam turbines,
in many instances dictate the turbine configuration, including the num-
ber of LP cylinders. They also to a great degree determinate the turbine’s
operating performances. At the taken rotation speed, n, the LSB length
is mainly limited by the blade material strength under the action of cen-
trifugal force. If the blade’s bucket is not shrouded and not tied with the
adjacent ones (that is, it is “free standing”), and its profile is invariable
lengthwise of the blade height, the tensile radial stress in the bucket’s
root section is accounted as equal to

where p is the material density, w = 2mn is the angular velocity, and I, and
d, are the blade’s length and mean diameter, respectively. In reality, the
LSB profile essentially changes along the height (Figure 5-1), decreasing
its area from the root value f, to the tip one f,. This can be approximated
by entering the factor for unloading the root stress

kdisl = 035 + 065 X (fr/ft)_l' (52)

With regard to this factor and taking the LSB annular exit area as F =
1d,l,, the tensile radial stress in the bucket’s root section is:

0, = kyiy x 21F x pn?. (5.3)
135
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Figure 5-1. Character-
istic last LP stages of
a large steam turbine
(@) and the LSB with
its profiles at the tip,
mean, and root diam-
eters (b).

The area ratio f,/f, commonly lies in the range of 7-10, which corre-
sponds to ky;; = 0.4. For the LSB buckets manufactured of stainless steel,
p = 8.0x10% kg/m?3, and then:

Gr

(02
~— T ~048x10"%2L,
27tk giim2p n? (5.4)

where o, is measured in Pa, n in s7, and F in m2.

Development of new blade steel materials with advanced strength
properties has promoted significant progress in the development of new,
longer blades. It follows that for a high-alloy steel, with the admissible
stress value equal to about 620 MPa, the maximum accessible exit an-
nular area of an LSB row can approach 11.9 m?2 (128 sq. ft.) for n = 50 Hz
and 8.3 m? (89 sq. ft.) for n = 60 Hz. If d/l = 2.7, these annular area values
can be achieved with the LSB length of 1,220 mm (48 in) for n = 3,000
rpm and 1,016 mm (40 in) for n = 3,600 rpm. These figures just coincide
with specifications of the actual steel LSBs developed by General Electric
in cooperation with Toshiba—Figure 5-2.1:2

The subsequent tables present main characteristics of some LSBs
developed by various manufacturers for full-speed steam turbines with
the rotation speed of 3,000 rpm (Table 5-1) and 3,600 rpm (Table 5-2).

Transition to the half-speed conception theoretically allows design-
ers to quadruple the annular exit area by doubling the LSB length. But
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Figure 5-2. A steel
LSB of GE/Toshi-
ba with the length
of 1,016/1,220 mm
(40/48 in) for the
rotation speed of
3,600/3,000 rpm, re-
spectively. Source: A.
Mujezinovicl

in practice, the maximal LSB length of half-speed
turbines does not exceed one-and-a-half length
of LSBs for full-speed turbines. The explana-
tion of such prudence lies in the fact that the
increased length unavoidably lowers the aero-
dynamic quality of the blades and makes their
design more complicate because of the large
length-to-mean-diameter ratio and an increased
pitch of the meridional stage profile. Nowadays,
the maximum length-to-mean-diameter ratio for
the longest full-speed LSBs reaches 0.41-0.415,
whereas for half-speed LSBs it remains at the
level below 0.36. With an optimal circumferen-
tial-speed-to-steam-velocity ratio, the increased
mean diameter means an increased enthalpy
drop and, as a result, a greater difference in the
specific steam volume values between the row
entrance and exit. High, supersonic values of
the steam velocities and their great variations
along the row height hinder the achievement of
optimal aerodynamic performances. In addition,
the erosion impact of wet steam becomes more
dangerous, the longer the LP stage blades and
the greater their tip circumferential speed. In
such a way, the closer the LSB is to its limiting
length, the smaller the gain in efficiency and the
higher the cost of these achievements. There still
exists a substantial margin for increasing the size
of half-speed steel LSBs, whereas for full-speed
steel LSBs this margin has practically run out.
Presently, new, longer LSBs for the half ro-
tation speed are mainly developed for large wet-
steam turbines of nuclear power plants (mainly,
as applied to the single capacity of 1,300 MW
and more for 50 Hz and 1,000 MW and more for

60 Hz).3 Along with this, these LSBs can also be employed for newly
designed and retrofitted CC steam turbines of fossil-fuel power plants
with the grid frequency of 60 Hz. As of now, such new turbines with the
single capacity of 1,000-1,050 MW are produced and installed only in
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Table 5-1. Main characteristics of some LSBs of various manufacturers
for steam turbines with the rotation speed of 3,000 rpm.

Length, mm | Material | Developer Annular | Length- Tip Circum- Notes
(inchj Exit Area | to-Mean- | ferential Speed,
per Flow, | Diameter s (firs)
m (ﬂg) Ratio
1,500 (59) | titanium LMZ 17.9(193) 0.40 .832(2,27) Under
development
1,423 (56) | titanium Siemens | 16.0(172) 0.40 785 (2,574) Under
development
1,372 (54) | titanium MHI 14.6 (157) 0.40 747 (2,449) Under
development
1,360 (53.5) | titanium | ALSTOM | 14.7(157) 0.40 754 (2,472) Under
development
1,219 (48) steel, GE/Toshiba | 11.9(128) 0.39 680 (2,230) Available
titanium since 2003 |
1,219 (48) steel MHI 11.3(122) 041 655 (2,150) - |
1,200 (47) steel, ABB 12.2(132) 0.37 697 (2,285) - i
titanium
1,200 (47) | titanium LMZ 11.3(122) 0.40 660 (2,160) In operation
since 1979
1,146 (45) steel Siemens | 12.5 (135) 033 720 (2,360) Available
since 2002
Free-standing |
1,130 (44.5) steel ALSTOM | 10.5(113) 0.38 642 (2,105) -
1,100 (43) steel Turboatom | 10.4(116) 036 645 (2,110) Under
development
1,092 (43) steel Hitachi 10.1 (109) 037 634 (2,079) -
1,093 (43) steel Siemens | 10.0(108) 0.38 630 (2.060) Free-standing
1,085 (43) steel Skoda 9.5 (102) 0.39 608 (1,993) -
1,067 (42) steel Toshiba 9.5(103) 0.38 613 (2,010) -
1,050 (41.5) steel ABB 9.7(104) 0.36 627 (2,056) Free-standing
1,050 (41.5) steel Turboatom | 8.4 (95) 0.39 576 (1,889) -
1,030 (40.5) steel MHI 9.4 (102) 0.36 618 (2,026) -
1,021 (40) | titanium GE 8.8(95) 0.37 591 (1,937) -
1,016 (40) | titamium Toshiba, 8.76 (94) 037 590 (1,935) -
Hitachi
1,000 (39.5) steel ABB 8.5 (91) 0.37 582 (1,908) Free-standing
978 (38.5) steel Siemens 10.0 0.30 665 (2,180) Free-standing
(108)
960 (38) steel, LMZ 7.5(81) 039 541 (1,773) -
titanium
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Table 5-2. Main characteristics of some LSBs of various manufacturers
for steam turbines with the rotation speed of 3,600 rpm.

Length, mm | Material | Developer Anmdar Length- Tip Circum- Notes
(inch} Exit Area | to-Mean- | ferential Speed,
per Flow, | Diameter m's (fi's)
m (r) Ratio
1,194 (47) | titanium Siemens | 11.1(120) 04 783 (2,567) Under
development
1,170 (46) | titanium Hitachi N/A N/A N/A Under
development
1,143 (45) | titanium MHI 101 (109) | 041 745 (2,445) -
1,067 (42) | titamium | Siemens | 103(111) | 035 780 (2,557) -
1,016 (40) | titanium | GE/Toshiba | 8.5(92) 0.38 693 (2,272) -
1,016 (40) | titanium Hitachi 8.4 (90) 0.39 687 (2,252) -
1,016 (40) steel GE/Toshiba | 8.3 (89) 0.39 682 (2.236) Available
since 2003
1,016 (40) steel, MHI 7.8(84) 0.416 652 (2,137) -
titanium
955 (38) steel Siemens 8.7(%4) 0.33 727 2384) Free-standing |
858 (34) steel Turboatom | 5.68 (61) 0.41 559 (1,832) -
852 (33.5) steel Hitachi, 6.2 (67) 0.37 594 (1,948) -
Toshiba
852 (33.5) steel GE 6.15 (66) 0.37 594 (1,948) -
815(32) steel Siemens 6.9(74) 030 662 (2,170) Free-standing

Japan (see, for example, Figure 2-12), but in the nearest future they will
most likely give way to TC steam turbines of the same and even larger
output (see, for example, Figures 3-1 and 3-3). Nevertheless, in the U.S.
and Japan there exists a considerable fleet of aging CC turbines, and new
LSBs can be needed for retrofitting them. Main characteristics of the lon-
gest LSBs of various developers for the rotation speed of 1,800 rpm are
given in Table 5-3.

For full-speed LSBs, there are no in sight other real ways to increase
radically their length and annular exit area than by transition to manu-
facturing the blades from titanium alloys (for example, Ti-5Al, Ti-6Al-4V,
or Ti-6Al-6V-2Sn). As a rule, titanium-alloy blades are merely coined
“titanium.” The density of titanium alloys is approximately 1.8 times
less that that of steel, with the same, or even greater, strength. Because of
this, the length of titanium buckets can be extended appreciably. On the
other hand, titanium alloys are considerably more expensive compared
to steel and are much harder in machining. Nevertheless, even the most
consistent former opponents of titanium LSBs have presently turned to
developing and implementing them, and every major turbine producer
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Table 5-3. Main characteristics of the longest LSBs of various manu-
facturers for half-speed shafts of cross-compound steam turbines for
60 Hz applications.

Length, mm | Material Developer Anmnlar -} Length- to- Tip Notes
(inch) Exit Area Mean- Circumferential
per Flow, Diameter Speed, m/s
w () Ratio (f/s)
1,525 (60) steel Siemens 20.3(219) 0.36 543 (1,780) Free-standing,
under
development
1,375 (54) steel MHI 17.8(192) 033 518 (1,698) -
1,370 (54) steel |  Siemens 17.3(187) 0.34 512 (1,679) Free-standing
1,320 (52) steel Hitachi, 16.7(180) 033 504 (1,652) -
Toshiba,
1,320 (52) steel ABB 16.4 (176) 033 497 (1,630) Free-standing
1,320 (52) steel GE 15.8 (170) 035 483 (1,584) -
1,270 (50) steel Siemens 1535 0.33 482 (1,580) Free-standing
(165)
1,220 (48) steel Hitachi NA NA NA Under
development
1,194 (47) steel ALSTOM, | 13.4(144) 033 449 (1.472) -
Westinghouse
1,170 (46) steel Siemens 13.4 (144) 032 453 (1,485) Free-standing
1,170 (46) Steel MHI 12.5 (134) 034 431 (1.413) -
1,170 (46) steel ALSTOM 122 (131 035 424 (1,390) -
1,143 (45) steel GE 12.3¢132) 033 431 (1,413) -
1,118 (449) steel Westinghouse | 11.8 (127) 0.33 422 (1,384) -
1,092 (43) steel GE, Hitachi | 11.5(124) 0.33 419(1,374) -
1,041 (41) steel MHI 10.0 (108) 0.34 386 (1,266) -
1,016 (40) steel Westinghouse | 9.6 (103) 0.34 380 (1.246) -

in the world employs or, at least, has at its disposal titanium LSBs com-
mercially available. Effectiveness of titanium LSB has been well proved
in the operational practice since the very early 1980s.412 An appearance
of a characteristic 1,093-mm (43-in) titanium LSB for the rotation speed
of 3,000 rpm developed by Hitachi is shown in Figure 5-3.13

An important additional advantage of titanium alloys is their lesser
susceptibility to erosion and corrosion compared to stainless steels. Be-
cause of this, some turbine designers propose to use titanium blades also
for intermediate LP stages operating in the Wilson region (where steam
goes over into the two-phase state, that is, becomes wet, and the danger
of SCC is maximum), even though in practice, as applied to modern
technologies, this looks too costly.

With the increase in the LSB length, not only does the tensile stress
caused by centrifugal forces grow, but the danger of WDE increases, too,
because of the increase in the tip circumferential speed. In addition, un-
der operating conditions with low steam flows and/or high back-pres-
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Cover

ié <§ Figure 5-3. Hitachi’s 43-inch tita-

Rated Speed ~ Nium LSB for the rotation speed
of 3,000 rpm. Source: M. Machida
et al.13

-

sure, longer LSBs are also more intensely heated because of friction and
fanning in the ambient steam. This also lowers the blades” strength and
requires special attention to be paid.

Roots, Shrouds, and Snubbers

For many years, the most widespread type of attachment bases for
LSBs were prong-and-finger (or fork-shaped) roots with a various num-
ber of prongs. For example, titanium LSBs of Hitachi with the length of
1,016 mm (40 in) and 1,092 mm (43 in), shown in Figure 5-3, were made
with seven- and nine-prong roots, respectively. However, in recent years
most LSBs have been designed with curved-entry fir-tree roots—see, for
example, Figure 5-2. This attachment type is now employed by most of
the world’s major steam turbine manufacturers, even though some of
them continue to use successfully fork-shaped roots.

For computational calculations of the blade stress state, the LSB
is digitally modeled together with its attachment base and the adjacent
steeples of the rotor with regard to possible clearances in the joint. An
example of such a 3D finite-element model for an 1,143-mm (45-in) steel
LSB of MHI for the rotation speed of 3,600 rpm with a fir-tree root is
presented in Figure 5-4.14 Another example of a similar model and the
resulted relative stress field for an 1,067-mm (42-in) long steel LSB (for
the rotation speed of 3,000 rpm) of Toshiba with the fork-shape root is
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presented in Figure 5-5. Sometimes, such models comprise several buck-
ets connected by a shroud, tie-bosses, or arch bands.

The curved-entry fir-tree dovetail is currently supposed to be the
most suitable attachment structure for the longest LSBs. The compactness
of the dovetail enables a thinner wheel configuration, reducing the cen-
trifugal stress in the rotor body. Furthermore, the fir-tree root is free from
sharp edges or pin holes. This is especially important for blades made of
titanium alloys, which are relatively brittle and sensitive to notches. In
determining the dovetail shape and its machining tolerance, the difference
in elasticity between the materials of the blade root and wheel disc or rotor
should be considered. Of significance for the curved-entry fir-tree dovetail
is a uniform distribution of load on all the blade root hooks. The stress
contours and maximum stress values related to the tensile strength for the
blade and wheel dovetails are shown in Figure 5-6a as applied to the 1,016-
mm (40-in) LSB of Hitachi under conditions of the rated rotation speed of
3,600 rpm.8 The maximum centrifugal stresses take place at the corner of
the top hook for the
blade root and at the
corner of the bottom
hook for the wheel
dovetail. Their values
are sufficiently lower
than the material ten-
sile strength. The load
on each hook ranges
from approximately

2 ==
20% to 30% of the to- H SSE.
. i s
tal load under normal 5_55 §E~
1
conditions. However, 555; E==
]
these fractional loads EE;'." I. —
A =
HIH

can be considerably
affected by errors
while machining the
dovetail, with result-
ed initial clearances
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Figure 5-4. Computational 3D model for cal-
culating the stress state and vibrational char-
on the individual ,teristics for MHI’s 1,143-mm titanium LSB
hook surfaces. In Fig- o MHI, with its root and adjacent steeple of

ure 5-6b the dotted the rotor. Source: By courtesy of Mitsubishi Heavy
line indicates the total 1, 1,,stries.
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load on all the hooks, and the solid lines refer to the load on the individual
ones. As the rotor speed increases, the lower hooks come into contact, and
the load on the hooks is rather equalized, but the share for the top hook
remains approximately 5% higher compared with normal conditions.

Modern blades, including LP ones, are mainly manufactured inte-
grally shrouded, that is, made with the shrouding elements milled to-
gether with the bucket’s airfoil (profiled body). The shrouding elements of
the individual blades are connected together by means of special outside
inserts and wedge-shaped grooves in the shrouds like a dovetail joint,
or the shroud pieces are designed with special wedge-shaped edges that
engage the blades in mesh under action of centrifugal forces. The second
way is predominantly applied to modern LSBs—Figure 5-7. In addition,
to increase the rigidity of the entire blade structure, the blades are supple-
mentary coupled with a kind of snubbers—integrally formed tie-bosses at
the mid-span of the blade height—see Figures 5-2—5-5. Their edges also
engage under action of centrifugal forces. As a result, when the turbine
rotates, all the LSBs are tied together, forming a continuous ring of blades.
One of the major advantages of such a continuous annular blade structure,
compared with blade groups (several units of several blades each con-
nected with wire ties) more conventional in the past, is that it has fewer
resonance points during rotation. The resulted structure with two contact
supports (tie-bosses at the blade mid-height and integral shroud at the
blade tip) provides well defined and easily controlled vibration modes
and significantly reduces the
buffeting stresses arising when
the LSBs are subjected to low-
steam-flow and high-back-
pressure conditions.

Nevertheless, such lead-
ing turbine producers as Sie-
mens and ABB for many years
have successfully employed
free-standing LSBs, not con-
nected by shrouds, mid-span
damping wire ties, or tie-
bosses.16-19 It is emphasized
that modern CFD computa- Figure 5-7. Connection of shrouding
tion methods combined with elements of LSBs with wedge-shaped
extensive model trials, to- edges.
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gether with precise manufacturing technologies, make it possible to
completely eliminate the need for any vibration damping elements, in-
cluding shrouds. Even though shrouding the blades typically reduces tip
leakage losses, for LSBs this is compensated by more effective peripheral
water separation for unshrouded blades. In turn, the mid-span damping
devices cause the increase of the airfoil thickness in their neighborhood,
considerably increasing the profile losses. In addition, all the obstacles
in the interblade channels (like tie-bosses or wire ties) disrupt the steam
flow and lead to additional energy losses. Of importance also is that
any local wetness concentration in the stage channels considerably con-
tributes to the blade erosion. In particular, this concerns wire-ties and
tie-bosses between the blades and brings another point in favor of using
free-standing LSBs, as well as the shrouded blades without any addition-
al ties in the preceding stages. Free-standing LSBs of ABB and Siemens
can be seen in Figures 2-10, 3-5a, and 3-6. Along with this, it seems likely
that free-standing LSBs can be acceptable only up to a certain threshold
length. So the newest titanium LSBs of Siemens, with the annular exit
area equal to 16.0 m? and 11.1 m? per flow for the rotation speed of 3,000
and 3,600 rpm, respectively, are characterized by an “interlocked” design
and feature an integral shroud, as well as a mid-span snubber.20.21

Unshrouded blades allow more precise determination of their
vibrational characteristics and thus a more reliable tuning out of the
blades. In addition, for unshrouded LSBs, it is easier to arrange their
non-contact continuous vibrational monitoring, in particular, for the
operating purposes.!?22 True, for fairness, it is worth noting that non-
contact vibration measuring systems are developed and applied for the
shrouded LSBs, too. In this case, the primary sensors are installed at the
wheel side.?3

Implementing Newer LSBs

The LSB geometry is derived from complex aerodynamic calcula-
tions. These aerodynamic calculations are confirmed by experiments at
test cascades and model turbines with model and actual buckets. If the
geometry of the developed blade is completely similar to that of the
model bucket, and their dimensions are in inverse proportion to the
rotation speed, all the aerodynamic, vibrational, and strength properties
of both the model and actual blades are the same. This enables creating
families of standard LSBs for different rotation speeds (3,600 rpm, 3,000
rpm, 1,800 rpm, and 1,500 rpm) based on a single model version to cover
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a wide range of the output and vacuum values.

The advent of newer, longer, more efficient LSBs allows replace-
ment of older ones at steam turbines in service in the course of their re-
furbishment. So, for example, in the process of refurbishing the German
power plant Mehrum’s 712-MW steam turbine of Siemens the original
LSBs were replaced with new ones with the resulted increase of the an-
nular exhaust area from 6.3 m? to 8.0 m? per flow.2* In the USA, Siemens
successfully retrofitted LP cylinders at five power plants, employing its
BB73-8.7m?2 project based on the use of 955-mm (38-in) LSBs with the an-
nular exhaust area of 8.7 m? (94 ft2) per flow.2> At the U.S. power plant
Labadie with two 570 MW of Westinghouse and two similar turbines of
GE, the existent 30-in (762-mm) LSBs were replaced with more advanced
34-in (864-mm) LSBs, with necessary changes in the preceding stages; the
resulted increase in the units capacity made up from 10 to 14 MW.26

For the last LP stages, it is especially important not only to obtain
their high efficiency under the nominal (rated) operating conditions,
minimizing the energy loss with the exit velocity. It is also necessary
to ensure stable stage operation at reduced volumetric flow amounts,
as well as maintain the stage efficiency as high as possible under these
variable conditions. Significant changes in the calculated steam flow pat-
terns, under low-flow operating conditions, with appearance of reverse
vortex motion in the tip and root sections, capturing even the nozzle
row and the preceding stage blades, are shown in Figure 5-8. Besides
the streamline pattern, with the steam flow amount there also change
the steam velocities and their ratio to the current acoustic velocity, that
is, the Mach number.

Modern large turbines feature high length-to-mean-diameter ratios
for the LSBs—see Tables 5-1 and 5-2. The value of this ratio can be con-
sidered to be an indicator of the three-dimensionality for the steam flow
through the last stage, as well as through the LP steam path as a whole.
The higher the chosen ratio value, the more complicated is the aerody-
namic design of the steam path. Because the steam velocity diagrams,
steam flow patterns, and values of the Mach number (the steam velocity
related to the acoustic velocity corresponding to local steam conditions)
essentially vary lengthwise of the stage height, it is understandable that
the applied blading profiles also must be different. The inserts in Figure
4-6 demonstrate the profile types proposed to obtain the minimum pro-
file losses in the wide range of Mach number values for the different LSB
sections. Development of new, often quite nontraditional, profiles (es-
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Figure 5-8. Appearance of reverse vor-
tex motion in two last LP stages at low
(14%) volumetric steam flow amount.

Source: A.V. Shcheglyaev?”

Efficiency ratio 1
{(n coventional blade design point)

pecially for the longest LSBs
operating with the highest
values of the Mach number
and their sharp variations
along the stage height) brings
considerable gains in the
stage efficiency, as it is seen,
for example, in Figure 5-9
with comparing the stage ef-
ficiency of conventional and
newly developed LSB of Hi-
tachi with the length of 660
mm (26 inch) for the rotation
speed of 3,600 rpm.

For LSBs, the use of
modern, inclined and bowed
vanes is especially desir-
able and effective. Saber-like
vanes can bring a noticeable
increase in the stage effi-
ciency (see Figure 4-13) and

o} Experimental vatue
2} Measured value
Design point blade
0.6 I I
0.2 0.3 0.4 0.5 0.6

Speed ratio (axial flow speed/circumferential speed)

Figure 5-9. Comparison of stage efficiencies for newly developed, ad-
vanced and conventional 26-in LSBs of Hitachi. Source: M.Machida et

al13
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a decrease of energy losses with the exit velocity, even without replace-
ment of the existent LSBs.

In the early 1990s, special experimental investigations were con-
ducted in the UK on a model turbine as applied to the planned refur-
bishment of the LP steam paths for British 500-MW and 600-MW steam
turbines with replacement of the existing 914-mm (36-in) long LSBs with
945-mm (37-in) ones. Figure 5-10 presents some results of these experi-
ments for three last LP stages with the 945-mm LSBs as a function of the
steam flow amount characterized by the steam pressure ratio over the
modeled stages. Under consideration are three factors: the use of saber-
like vanes in the next-to-the-last and last stages, as well as the conical
meridional profiling of the steam path outline. For the rated operating
conditions with py!/ p,1=16, corotational leaning and bowing of the
next-to-the-last stage’s vanes increased the efficiency by about 1.7%; the
same measure for the last stage gave additional 1%, and peripheral me-
ridional profiling of the steam path added 0.5%.

Turbine producers conduct 3D aerodynamic calculations of the LP
steam paths with regard to the steam viscosity, taking into consideration
the complex shape of the row profiles, appearance of the local supersonic
velocities, and wave phenomena which accompany them. Some comput-
er programs are also intended to solve the reverse problem—to obtain
the row profiles on the basis of the set streamlines and distribution of the
steam flow conditions. Because of the extreme complexity of the consid-
ered problems, all the developed and applied approaches and computer

Figure 5-10. Changes of ef-

ficiency with the steam flow an. %

amount for a model of a three- o?-- a4

stage LP steam path to be ;[ O ©q 3
. . 0 g0

retrofitted with the use of 945- © B0 g

mm LSBs. 2k /D + 2

1: a conventional (initial) version, 2: a Pt

with leant and bowed vanes of the FoF

next-to-the-last stage, 3: with leant 1r 7 *

and bowed vanes of the next-to- & /]

the-last and last stages, 4: the same o >>§

with a conical meridional contour /

of the steam path’s outline. Source: _ A : : : )

B.M. Troyanovskii8 5 10 15 20 25 pj/pf
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programs unavoidably adopt some more or less serious assumptions.
Nevertheless, they allow researchers and designers to obtain detailed
space nets of meridional streamlines for the given boundary conditions,
find lines of the constant relative velocities A or M (isotaches) and pres-
sure values (isobars) for different sections, distribution of energy losses
along the stage height, and so on. Three-dimensional computations also
result in the field of velocities in the exit edge trail, which opens a pos-
sibility to optimize the exit edge shape. Relative steam velocity fields for
the tip, median, and root sections of a characteristic modern LSB were
presented in Figure 4-5; another example of the steam velocity distribu-
tion, as applied to a 815-mm (32-in) LSB of Siemens, is shown in Figure
5-11, and Figure 4-14 shows the isotach field for the LP steam path of
three stages developed by MHI with the titanium LSBs 1,143 mm (45 in)
long for the rotation speed of 3,600 rpm.

Figure 5-11.
Velocity distri- ~ Bjade Tip
bution for tip

and root (hub)
sections of an
815-mm (32-in)
LSB of Sie-
mens for 3,600
rpm. Source: H.

Oeynhausen et
al.2?
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Blade:

Diacharge
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Channel
Exhaust
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LP EXHAUST PORTS

The LP exhaust ports (hoods) should feature sufficiently large axial
sizes and smooth turns of the steam stream to minimize the exit energy
losses. However, the exhaust ports are quite limited in their sizes; one
of these limits is associated with the necessity of an easy access to the
adjacent turbine bearings without an excessive increase in the turbine
length. In addition, intricate spatial geometry of LP exhaust hoods makes
the problem of their optimization fairy complicated. An example of a
characteristic exhaust hood structure is presented in Figure 5-12. The
problem of modeling mathematically and optimizing the LP exhaust
hoods is also substantially complicated by a high level of the exit steam
velocity after the LSBs, significant unevenness of this velocity field
across the steam stream, with supersonic steam velocities near the tip
and mainly subsonic ones near the hub (see Figures 4-5 and 5-11), and
tangible changes of the steam flow pattern with the steam flow amount
(or turbine load). Characteristic outlines for LP exhaust ports of differ-
ent turbine producers with various design solutions for steam turbines
with traditional “basement” condensers can be seen in Figures 2-2, 2-5,
2-6, 2-8, 2-10, 2-12, 3-1—3-6, 3-11, 3-16, 3-19, 3-20, 3-25, 3-29, and 4-12a.
Rather non-conventional axial and lateral side exhaust ports are shown
in Figures 3-22, 3-26, 3-28, 3-31, and 3-33.

For exhaust ports with downward and sideward steam flowing,
that is, with lower (basement) and lateral (side) condensers, steam aban-
doning LSBs disperses in the
radial and axial directions
and then turns to reach the
condenser. Coincidentally,
the steam stream, having
been annular, becomes rect-
angular in the cross section. If
the turbine is furnished with
side condensers, the space
angle of the steam stream
turn is less than in the case
of basement condensers. For

turbines with an axial ex- Figure 5-12. An example of structure

haust and axial condenser, ¢4, 5 characteristic LP exhaust hood.
the steam flow after the LSBs Source: VE Kasilov30
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remains axially symmetrical and does not have to turn; hence their
changes in the steam flow structure are much less significant.

The exhaust port efficiency is commonly characterized by the
energy loss factor, ¢, which, in turn, can be expressed via correlation
between the steam pressure values at the port’s exit and entrance (that
is, in the condenser, p_, and after the LSBs, p,, respectively) related to the
inlet kinetic energy of the steam flow, that is, the turbine’s energy loss
with the exit velocity, ¢,. This value, called the relative decompression,
or hydraulic resistance factor, can be negative or positive and is approxi-
mately estimated as follows:

Sdec = 1 -6 = (pc - 1) /(c)?/20y), (5.5)

where v, is the specific volume of steam after the LSBs. If the value of ¢
is less than 1.0 (that is, p. > p, and ¢4, > 0), this indicates that the energy
loss with the exit velocity is partially compensated in the exhaust port.
But if ¢ > 1.0, p. < p, and ¢4, < 0, the exhaust port loss is added to the
energy loss with the exit velocity.

For characteristic exhaust ports of modern LP cylinders with base-
ment condensers, ¢ is commonly close to 1.2. Along with this, poor
aerodynamic design of the exhaust hood can produce a very noticeable
pressure drops between the LSBs and the condenser, with a remarkable
growth of ¢. On the other hand, aerodynamic improvement of the exhaust
port, optimal configuration of a diffuser at the LSB exit, and the use of
special baffles and other anti-vortex facilities in LP hoods allows decreas-
ing their energy loss factor value to 1.0 and even lower. The diagram of
Figure 5-13 presents some bench test results of MEI illustrating the influ-
ence of the dimensionless steam velocity at the exhaust port entrance on
the total energy loss factor for a model exhaust hood with and without a
diffuser at the hood entrance. With the increase of the steam velocity (it
is supposed not varying across the entrance section), the pressure drop
along the hood slightly decreases until a certain threshold value and
then sharply skyrockets because of the flow separation and appearance
of vortices in the steam passage. A probability of steam flow separa-
tion rises as the inlet steam velocity closes to the acoustic velocity and
increases with the presence of various obstacles (piping, LP feedwater
heaters, fastening elements, and so on), settled within the exhaust hood
and condenser neck. The resulted vortices obstruct the passage, and the
actual steam pressure at the exhaust port exit turns out to be less than it
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Figure 5-13. The total Gr
loss coefficient of a 1.8
model exhaust hood 1.6
as a function of the

dimensionless veloc- 1.4
ity at its entrance. 1.2
1: no diffuser in the ex- 1.0
haust hood, 2: the ex-

haust hood with a dif- 0.8

fuser. Source: A.E. Za- 0.6 1 1 1 1 1 L )
ryankin et al.31 02 03 04 05 06 07 08 A

could be expected. With the diffuser, this phenomenon rather pads out,
and what is more important the energy loss level turns out to be consid-
erably lower for the entire steam velocity variation range.3!

The aim of a well-designed diffuser is to accommodate effectively
high steam velocities at the turbine exit, gradually retard the steam
flow, and recover as much of its kinetic energy as possible. However,
a wrongly designed diffuser itself can cause flow separation and addi-
tional energy losses. To prevent this, some turbine designers, including
GEC Alsthom and Skoda, arranged steam extraction from the concave
diffuser surfaces.2832-34 For the same purpose, it is proposed to install
special annular vanes (baffles) just downstream of the LSBs with nega-
tive overlapping—internal and external diffuser contours.33 In addi-
tion, exhaust hoods are provided with vortex dampers in the form of
a specially arranged grid of fins in the exhaust port’s bottom part, as
shown in Figure 5-14.

For turbines with lateral exhaust ports and side condensers, the en-
ergy loss factor values are commonly substantially less than 1.0, making
up about 0.7. The high efficiency ratings of steam turbines with lateral
exhaust ports and side condensers were, in particular, confirmed by the
long-term operational practice and field heat-rate performance tests of
500-MW and 1,000-MW wet-steam turbines of Turboatom with side con-
densers at several nuclear power plants of the former Soviet Union.3

Efficiency of axial exhaust ports and ways to increase it were
analyzed in many details by GEC Alsthom in the process of develop-
ing a “compact” two-cylinder 315-MW turbine of a EUREKA-Turbine
project3236—see Figure 3-22. Detailed experimental and computational
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Figure 5-14. Arrange-
; mMment of a antivortex
grid and baffles in the
= bottom part of an ex-
/“.‘ haust port with down-
2P 2 ward steam flow.
t‘ﬁé\%/ 1 and 2: internal and ex-
1 R\t‘;‘\l\é!_x\__’/g, ternal annular contours of
2 baffles, 3: antivortex grid,
4: stiffening rods of the ex-
haust hood. Source: A.E.
Zaryankin et al.3>

Rt

investigations of axial exhaust ports were also conducted by GE as ap-
plied to the SS CC turbosets.?” An axial exhaust hood was also to be
experimentally investigated and optimized at the experimental 105-MW
steam turbine of MHI—see Figure 3-33.38

In the past, a common approach to the exhaust hood design was
rather purely experimental and empiric. To optimize a new design, the
internal flow passages of the hood were duplicated in an exact scale
model, which was tested in an air flow test facilities, and the model
design features were consequently varied. In doing so, any calculations
bore rather secondary and qualitative character, because accessible com-
putational methodologies and computer possibilities did not match the
problem’s complexity. Gradually, with the use of more advanced compu-
tational models, more powerful computers, and more refined calculation
methodologies, they have become more trustworthy and turned out into
a major instrument for exhaust hood improvements.

Figure 5-15 demonstrates a computational grid developed and
employed by ABB for modeling mathematically steam flows in a
downward-flow exhaust hood as a whole, as well as a diffuser after
the 1,200-mm LSBs.3? For most of existent computational models and
programs for steam turbine’s exhaust ports, the field of steam velocities
at the exhaust hood inlet, that is, after the LSBs, is artificially set as the
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boundary conditions for each specific case of the considered operating
conditions—steam flow amount and back-pressure. The next step should
bring to a joint computational model of an exhaust port and the LP steam
path or, at least, its last stage as a whole.

Figure 5-16 demonstrates the calculated streamlines for LP exhaust
ports with the downward steam flow as applied to large steam turbines
of Siemens without and with special anti-vortex baffles positioned in
the upper centre of the enclosure and underneath the lower part of the
diffusers downstream of the LSBs. These baffles are intended to reduce
whirl of the outflowing steam and reduce the local pressure drops. This
improvement was first implemented at the German nuclear power plant
Emsland’s 1,300-MW wet-steam half-speed turbine, but it is quite accept-
able for large steam turbines of fossil-fuel power plants with great steam
flow amounts to the condensers.340

I
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(a)

Figure 5-15. Calculation mesh grids of ABB for an LP steam path exit
(a) and exhaust hood diffuser (b). Source: E. Krimer et al.39
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Figure 5-16. Streamlines in the LP exhaust port with the downward
steam flow for large steam turbines of Siemens without (a) and with
(b) special antivortex baffles. Source: H. Oeynhausen et al.40

LAST STAGE BLADE PROTECTION
AGAINST WATER DROP EROSION

The tip circumferential speed of modern LSBs reaches 700 m/s
(about 2,300 ft/s) for steel ones and even 800-830 m/s (2,620-2,730 ft/s)
for titanium LSBs (see Tables 1-5 and 1-6). Even for half-speed shafts of
CC turbines, where the maximal speed values are relatively lower, they
reach 500-520 m/s (1,640-1,700 ft/s). In addition, although the mean
steam wetness in last stages of modern turbines is never more than 12-
14%, the local steam wetness at the stage periphery can be significantly
greater and more dangerous, because the liquid-phase contents and the
size of water drops in the two-phase flow of wet steam increase toward
the blade tip. The coarse-grained water, which mainly concentrates in
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the blade tip region and presents the main threat of blade erosion, lags
behind the steam stream and, as a result, impacts the blade back at the
row inlet. (More detailed consideration of these processes can be found
in the author’s book on wet-steam turbines, as well as in special mono-
graphs devoted to turbine steam path damages.*142)

In order to protect steel LSBs against water drop erosion (WDE),
they are shielded with Stellite laminas, or strips, brazed to the blade
surface—Figure 5-17. The erosion resistance of Stellite exceeds that of
stainless steel by 8-9 times and is considerably higher compared with
titanium alloys. Water drop erosion mainly affects the upper third of
the LSB back near the leading (inlet) edge, and the Stellite laminas are
attached just at these surfaces. A disadvantage of this method is that
the protection strips or shields create some discontinuity in the blade
profile, resulting in increased profile losses. In addition, during the
operation process, individual laminas sometimes break away from the
blade surface, causing local abrasion of the profile, as well as noticeable
changes in the blade’s vibration characteristics. To avoid these com-
plications, Stellite laminas are made flush with the blade surface (see
Figure 5-17¢) or the blade’s leading edge is substituted by a bar-nose
welded to the bucket body—see Figure 5-17d-f. Such a profiled nose
combines an erosion resistant insert with a weld filler of Inconel 82,
which is a very ductile material with high fracture toughness.*! Weld-
ing allows complete restoration of the airfoil profile, leaving no surface
discontinuity. The use of ductile weld filler also prevents the blade’s
parent material from crack propagation through the leading edge in
the event of extensive water impact. Instead of covering with Stellite
laminas, the blade surfaces are also sometimes hardened with electric-
spark machining, even though this way seems to be less effective.

Typical patterns of WDE at its diverse stages as applied to the
LSB’s leading edge are presented below in Figure 12-22. Along with
this, of importance is that, besides the area immediately adjacent to
the leading edge, erosion often expands to a wider portion of the blade
back commonly unprotected by Stellite strips or a bar-nose. Figure 5-18
demonstrates this pattern of erosion for the tip part of unshrouded and
integrally shrouded LSBs. This erosion is mainly caused by water drops
drawn by centrifugal forces to the stage periphery and then pulverized
by the leading edge of the blade. Special calculations of Russian Central
Boiler and Turbine Institute (TsKTI) allowed tracing the way of these
drops of various sizes in the gap between the rows and within the in-
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(b)

The "J" shield, formed to cover
the entire inlet nose.

A flat plate brazed to the
suxtion face. Effort may or may
not be made to form an
aerodynamic inlet.

A recessed shield, designhed
to extend around the inleet
nose, and fit into a machined
recess to preserve the nose
aerodynamic form.

A forged inlay nose, arranged
to provide a greater mass of
protective material at the
points which are eroded.

(e) (f)

A formed nose covering both
the pressure and suction
faces. The shield would be
forged material welded to the
vane.

A full inlet nose produced from the
protective shield material. This type
of improvement is produced by
welding. Nose is at least as deep
as the original shield.

Figure 5-17. Various forms of shielding the LSB’s leading edge. Source:
W.P. Sanders*?

terblade channel;#3 their trajectories can also be seen in Figure 5-18. The
largest drops have a size of 220-230 mkm (about 9 mil) and a velocity
of approximately 140 m/s (460 ft/s), which is much less then that of
the main steam entering the blade, and these drops mainly hit the zone
commonly protected by Stellite. Smaller drops acquire a greater veloc-
ity of about 180 m/s (590 m/s), and most of them fall onto the blade’s
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back side downstream of the Stellite laminas. Noteworthy is that blades
covered with shrouds have approximately a twofold higher rate of
wear downstream of the Stellite lamina than unshrouded blades have.
It is caused by larger sizes of drops and greater amount of moisture
held by the shroud and, especially, the greater impact velocity. Anyway,
the fulfilled analysis, as well as the operational practice, is an obvious
evidence of the necessity to increase the width and thickness of the
protective shields on the steel blade’s back surfaces.

Along with the leading edge in the tip zone, LSBs also suffer
from WDE of the trailing (outlet) edge in the root and median zones.
This phenomenon is mainly stipulated by the reverse motion and
vortices in the stage’s root part under low-flow operating conditions
(see Figure 5-8). The reverse
steam streams commonly bring
large-sized water drops that
erode LSBs, especially their thin
outlet edges. These unfavor-
able processes are additionally
promoted by steam discharged
into the condenser from the
hot reheat or main steam-lines
through the turbine bypasses,
which come into operation
exactly at low-flow transients.
Discharged steam is cooled by
sprays, and the resultant steam-
water mixture is often injected
by the reverse steam streams to
the LSBs. That is why the cor-

L
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Figure 5-18. Erosion wear of the
tip section of LSBs without (a)
and with (b) shroud.
Calculated trajectories of water
drops with diameters: 1 — 20 mkm,
2 —50 mkm, 3 — 60 mkm, and 4 — 70
mkm. The asterisk designates the
outline of erosion.

Source: N.V. Averkina et al.#3

(a) (b)
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rect location and design of these devices in the condenser port is so
important.

Titanium alloys are less prone to WDE than stainless blade steel
is, even though titanium is inferior to Stellite in this regard. The first
commercially employed titanium LSBs were originally protected by a
nithinol coating, but long-term experience have proved the possibility
of their use without anti-erosion protection.#>7 Nevertheless, nowa-
days, for the longest shrouded LSBs with the tip circumferential speed
of 700 m/s and more, some developers recommend protecting the
shroud and the very tip portion of LSBs with an erosion shield made
of Ti-15Mo-5Zr-3Al, which is electron-beam welded to the leading
edge. An example of such a shield is shown in Figure 5-19 as applied

to Hitachi’s 1,116-mm long titanium LSB.

MATERAL O Although the operational experience for

these LSBs is not as long as that for con-

area oF propLer  ventional 12% Cr steel blades with Stel-

lite protection, the first operational data

match the predicted erosion rate for more

than 120,000 operation hours—Figure 5-
20.

The erosion rate at the leading edge of

LSBs can be influenced by certain design
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Figure 5-19. Protection against WDE of
the tip section and shroud of Toshiba’s
1,016-mm titanium LSB. Source: T. Suzuki
et al.8
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measures. For example, according to Toshiba,#* this rate noticeably
reduces with an increase of the gap between the stationary and rotat-
ing blades, that gives water drops leaving the nozzles more space to
be extracted from the steam flow. This effect was well confirmed by
experiments at the model turbine. It is commonly combined with pe-
ripheral and intrastage water separation and removal from the steam
flow—Figure 5-21. The more effective these countermeasures are, the
less is the erosion rate.

Peripheral water separation and removal from the LP steam path
take place thanks to the circumferential component of the wet-steam

To condenser
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| suction slots only)
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velocities—under action of centrifugal forces drawing the water drops
out to the stage periphery. This separation takes place within the stages,
in the gaps between the stationary and rotating blade rows, as well as
after the rotating blades. The efficiency of this (peripheral) kind of water
separation depends on the steam wetness, steam velocity and circum-
ferential rotation speed at the blade tip, the share of the coarse-grained
water drops in the wet steam flow, the shape, size, and location of the
water-taking channels and water traps (Figure 5-22), as well as numerous
other factors.

Figure 5-22. Peripheral water trap positioned after the LP stage.

The separated water is captured in the water trap belts above the
rotating blades. But along with this captured water, they also withdraw
some amount of steam, usually estimated as much as about 0.5% of the
total steam flow amount through the stage. The energy of this steam
can be partially employed if the withdrawn water-steam mixture is
forwarded into the regenerative feedwater heaters. The regular steam
extraction chambers for steam bleedings from the LP cylinder to the
first LP feedwater heaters also play a role of water traps. Noteworthy
is that open chambers of the water trap belts somewhat impair the
aerodynamic properties of the steam path. For these reasons, some
researchers propose not using these chambers (apart from those used
for steam bleeding) and substitute them with specially fluted surfaces
above the rotating blades for the deposition and subsequent removal
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Figure 5-23. Possible
design for a surface-
type peripheral wa-
ter trap for LP steam
path. Source: L1. Kirill-
ov and G.G. Spenzer®>

of water.¥> A possible appearance of such a surface-type water trap is
shown in Figure 5-23. The captured water is to be gathered and drained
from the casing ring.

Along with peripheral water separation and removal, the last and
next-to-the-last LP stages of modern turbines are often provided with
intrachannel water separation. For this purpose, the diaphragms of
these stages are made with hollow nozzle vanes: stamped-and-welded
(Figure 5-24) or solid-and-drilled (Figure 5-25). The nozzle vane surface
is connected by slot, or apertures, with the internal vane space, whose
ends are drained to the turbine condenser. As a result, the water film
is withdrawn from the nozzle surface instead of pulverizing into drops
and eroding the subsequent rotating blades. Different designers locate
the water-taking suction slots at different areas of the nozzle surface:
on the back surface near the inlet (as shown in Figure 5-24), on the
face surface where the steam flow turns (see Figure 5-25), immediately
in the exit (trailing) edge, and so on. To raise the separation efficiency,
it is reasonable to have at least two slots at different areas. Yet under
conditions of common internal vane space, they should be located at
the places on the vane surface with the equal steam pressure, to avoid
water pumping over one slot to another. Such suction slots on the back
and face surfaces of the nozzle vane can be seen in Figure 5-21 as ap-
plied to Toshiba’s 1,016-mm (40 inch) titanium LSB. The intrachannel
water extraction decreases the relative erosion rate by as much as about
twice, and additional peripheral water extraction with an increased
distance between the stationary and rotating blades further decreases
this rate by another 10-20%.

The separation efficiency of the intrachannel water removal also
significantly depends on the amount of steam withdrawn together
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Figure 5-24. Hollow welded stationary blades with intrachannel water

1 - water-taking apertures, 2 - water-taking internal channels.

with water—this efficiency increases with
the steam amount until a certain threshold
and then remains almost invariable. In it,
all the quantitative characteristics of these
dependences substantially change with the
shape of the suction slots and their position
on the nozzle surface.4446

Nevertheless, the water separation
factor ¥ for hollow nozzle vanes with
intrachannel water separation could be
approximately assessed with the use of a
diagram like that shown in Figure 5-26 as a
function of the steam pressure at the stage
inlet, py, and the Mach number value for
the mid-section exit of the nozzle row, M;

Figure 5-25. Characteristic LSB with intra-
channel water separation and removal of
LMZ. Source: LI Pichugin et al.b
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Figure 5-26. Estimation of the water separation factor for intrachannel
water separation (hollow nozzle vanes with two suction slots). Source:
B.M. Troyanovskii et al.4’

= (¢q/ay) - It is assumed that the vane profile have two suction holes
with the slot width of about 0.7-0.9 mm (28-36 mil): on the profile back
and in the trailing edge along the entire vane height for relatively short
stages or in the top third or half of the stage height for relatively long
stages (I/d,, > 0.17). Sure, there are many other factors influencing the
separation efficiency (such as the geometric forms of the nozzle vanes
and the slots themselves, the moisture dispersion, the velocity ratio,
the Reynolds number, and so on), but they can be considered only as
applied to specific stages with their actual geometry and operating
conditions.347

Some disadvantage of intrachannel water separation is that a cer-
tain part of steam is withdrawn from the steam path together with the
removed water, somewhat decreasing the last stage’s output. Besides, a
lower pressure inside the hollow nozzle vanes can cause cooling their
outer surfaces with resulted additional water condensation.

In addition to, or instead of, the intrachannel water separation
and removal, Siemens also proposes to warm the last LP stage’s
stationary nozzle vanes with steam from one of the LP steam extrac-
tions. The schematic diagram of warming the hollow nozzle vanes is
presented in Figure 5-27. A similar approach was realized at one of
300-MW supercritical-pressure steam turbines of Turboatom installed
at the Stavropol power plant in Russia.#8 The internal space of the
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hollow nozzle vanes of the last LP stages (see Figure 5-24) was pro-
vided with heating steam from the preceding LP steam extraction,
and the suction slots on the vane surfaces were welded up. Special
calculations showed that commonly almost all moisture with the wa-
ter drop diameters of 25 mkm and more deposes on the last stage’s
vane surfaces and in the form of films and rivulets flows along these
surfaces toward the trailing edge. Its amount for each vane accounts
to approximately 2.85 g/s. Warming the vanes allows evaporating an
average of about 75% of the entire moisture to be an erosion hazard
for the LSBs. Distribution of the number of the LSBs by their ero-
sion rate in the peripheral zone for the LP flow with heating the last
stage’s nozzles vanes compared with that with standard intrachannel
water removal from the vane surfaces is presented in Figure 5-28. The
average values of wear in the peripheral zone were equal to 3.5 mm
(0.14 in) and 9.5 mm (0.37 in), respectively. The total amount of the
heating steam was assessed as equal to approximately 520 kg/s for
one LP flow, which is about 0.3% of the entire steam flow through the
stage and equivalent to 30 kW of the last stage output. At the same
time, a decrease of the energy loss with wetness completely com-
pensates this value with a good excess. It seems possible to increase
further the efficiency of heating by means of some improvements in
the heating steam inlet and outlet design.

From
LP turbine
extraction

Internal drain \ Inner ring

Outer ring

Figure 5-27. Proposed warming of hollow nozzle vanes for last LP
stages of Siemens turbines. Source: H. Oeynhausen et al.??
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Figure 5-28. Distribution of the number of the last stage blades by
their erosion rate in the peripheral zone before (a) and after (b) imple-
mentation of heating their vanes. Source: N.V. Averkina et al.48
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Chapter 6

Thermal Expansion,
Bearings, and Lubrication

ARRANGEMENT OF THERMAL EXPANSION

Traditional arrangement of thermal expansion for a multi-cylinder
turbine is shown in Figure 6-1. In this case, the turbine is taken consisting
of three separate cylinders: HP, IP and LP ones. Their specific internal de-
sign is of little significance as applied to the considered problem. The HP
cylinder leans with the paws of its outer casing on the pedestals (chairs)
of the adjacent first (front) and second bearings. The LP cylinder in this
specific case has embedded bearings whose pedestals are made together
with the bottom part of the cylinder’s exhaust hood. The front bearing
pedestal of these two is welded together with shoulders for supporting
the IP cylinder’s rare paws. By alternative, the bearings adjusting to the
LP cylinder can be made outside, that is, not embedded into the exhaust
hood, but installed directly on the foundation frame, and the inner or
outer casing of the LP cylinder, depending on its design, also leans on
the bearing pedestals. This design scheme seems to be preferable for
modern turbines, providing more rigid support for the rotor and mak-
ing assemblage and disassemblage of the turbine more convenient. The
front paws of the IP cylinder’s outer casing rest on the second bearing
pedestal adjacent to the HP cylinder.

To be more precise, the casing paws lean on transversal keys at-
tached to the bearing pedestals, and these keys guide lateral thermal ex-
pansion of the casings. In addition, the bearing pedestals are connected
with the cylinder casings with vertical keys in the turbine axis plane. In
turn, the bottoms of the bearing pedestals are furnished with longitudinal
keys, which make the bearing pedestals slide on the foundation frame
along the turbine axis, providing a possibility of axial thermal expansion
for the turbine when its metal temperatures vary (mainly in the course of
start-ups and cooling when the turbine is stopped). The starting point of
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axial thermal expansion is the turbine fix-point under the LP cylinder; it
is arranged by intersection of the vertical plane through the turbine axis
with the axis through additional transversal (lateral) keys. Hence the LP
cylinder’s casing, whose metal temperatures vary only slightly at any
operating conditions and differ little from the metal temperatures at the
“cold” state (after long outage), remains immoveable. If the turbine has
a few LP cylinders, each of them has a separate fix-point, and pedestals
of the bearings between the LP cylinders have some flexible elements
allowing these cylinders to expand a bit toward one another.

With such a scheme, when in the course of start-ups the turbine
is heated and the casings of its high-temperature cylinders increases
their axial sizes, these casing leaning on the bearing pedestals via the
transversal keys push these pedestals and make them slide along the
longitudinal keys in the axial direction, as if pushing off from the fix-
point(s). When the stopped turbine is cooled down, the cylinder casings
shorten their length and “pull” the bearing pedestals back toward the
fix-point(s).

In turn, the turbine shaft expands from the thrust bearing, which is
commonly located within the intermediate bearing pedestal between the
HP and IP cylinders and moves together with this pedestal. As a result
of different metal temperatures of the stator’s and rotor’s components,
different coefficients of linear expansion for the rotor’s and casing’s steel
materials, and different directions of thermal expansion (in the consid-
ered case of Figure 6-1, this refers to the IP cylinder), in the thermal
expansion process the axial clearances in the steam paths of the turbine
cylinders vary. To estimate these variations, the cylinders are furnished
with relative rotor expansion (RRE) sensors settled at the remote (from
the thrust bearing) end of each cylinder. Along with measuring the RRE
values, it is also necessary to have a possibility to monitor the “absolute”
thermal expansion of the turbine upon the whole (as applied to the front
bearing pedestal), as well as sometimes the IP cylinder.

The total length of modern TC five-cylinder turbines, not counting
the generator, reaches about 40-48 m (130-157 ft). This primarily con-
cerns 1,000-MW-class steam turbines, with a once-throw or loop-flow HP
cylinder (or an integrated SHP-HP cylinder for USC-pressure turbines),
double-flow IP one, and three double-flow LP cylinders. Along with this,
there exist five-cylinder turbines of a less output with only two LP cyl-
inders and three cylinders subjected to thermal expansion: for example,
VHP, HP-IP, and IP2 as applied to the double-reheat cogeneration tur-
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Figure 6-1. Traditional arrangement of thermal expansion for a multi-
cylinder turbine.

1, 2, and 3: HP, IP, and LP cylinders, 4: journal bearings, 5: combined journal-
and-thrust bearing, 6: couplings, 7: casing paws leaning on bearing chairs via
transversal keys, 8, 9, and 10: RRE sensors for the HP, IP, and LP cylinders, re-
spectively, 11: the turbine’s fix point, 12: longitudinal keys, 13 and 14: indicators
of absolute thermal expansion for the IP and HP cylinders, respectively.

bine shown in Figure 2-8. For such turbines, the problem of thermal ex-
pansion is especially topical. A three-cylinder turbine of a 600-MW class,
with separate HP and IP cylinders and single double-flow LP one, can be
about half this length—see Figure 3-6, and for a two-cylinder turbine of
the same class, with an integrated HP-IP cylinder and one double-flow
LP, its length can account to about 15 m (50 ft). The turbine length can be
partially reduced owing to the use of common bearings for the adjacent
rotors—see, for example, Figures 2-10, 3-5, and 3-6. Depending on the
turbine configuration and with regard to the coefficient of linear expan-
sion of steel equal to about 12°C~1, the total absolute thermal expansion
of the turbine (as applied to its working metal temperatures compared
to the “cold state”) can reach 25-55 mm (1-2 in).

Modern large steam turbines of supercritical and USC main steam
pressure, with their thick-wall casings and bulky rotors, feature signifi-
cant weight of their high-temperature cylinders, and these entire weights
lye down on the bearing pedestals, producing significant forces of fric-
tion on the sliding surfaces and hampering the axial movement of the
bearing pedestals along the foundation frame. As a result, many large
steam turbines in service, especially some relatively older those, can en-
counter serious problems with the freedom of thermal expansion. This
shows itself in the broken, leap-like movement of the bearing pedestals
while the turbine is being heated or cooled—Figure 6-2. Hampered
thermal expansion can result in some distortion of the casings, torsion
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of the foundation frame’s crossbars, increased vibration, damage of the
turbine bearings and couplings, and so on. Problems with the freedom of
thermal expansion frequently hamper the turbine’s start-ups because the
monitored RRE values for the HP and IP cylinders attain their limits.
Special investigations for diverse large steam turbines in service
showed that the major causes why the turbine loses the freedom of
thermal expansion can be: the increased friction on the sliding surfaces
between the bearing pedestals and foundation frame, increased trans-
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Figure 6-2. Leap-like thermal expansion of an 800-MW supercritical-
pressure steam turbine in the course of a cold start-up.

1 and 2: measured characteristic metal temperatures of outer casings for HP and
IP cylinders, respectively, 3 and 4: measured absolute thermal expansions of HP
and IP cylinders.
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versal load on the turbine from steam-lines connected to the turbine
cylinders, poor transfer of the axial thrust from one cylinder to another,
and insufficient rigidity of the foundation crossbars. For turbines of dif-
ferent types with different arrangement and operational conditions, the
contribution of different causes can be different.! The more the turbine
output and the higher its main steam conditions, the more massive and
rigid its adjoined steam-lines become. This especially concerns cold and
hot reheat steam-lines. If their thermal expansion is ill-compensated,
they vitally affect the turbine in its thermal expansion. As a result, it
happens that the bearing pedestals are squeezed in their motion along
the base frames. This influence is especially great if the steam-lines are
settled asymmetrically relative to the turbine axis—for example, if the
turbine is arranged along the turbine hall, that is, the boiler happens to
be from one side of the turbine. It is difficult, if not impossible, to avoid
such an arrangement for largest turbines of a great length that cannot be
settled across the turbine hall in front of the boiler. The transversal forces
from the steam-lines, as well as asymmetrical loads on the left-hand and
right-hand paws of the high-temperature cylinders, sometimes become
the main obstacle for free thermal expansion of the turbine.

As a result of conducted investigations, a set of diagnostic, design,
and technological measures were developed and carried into effect at
different steam turbines in service to reveal the specific causes of their
problems and eliminate them.2 Among the most widespread and ef-
fective countermeasures are the placing of special fluoroplastometallic
bands or removable plates on the sliding surfaces under the bearing
pedestals, electrochemical processing of the keys’ surfaces, adjustment of
the support-and-suspension system for the steam-lines connected to the
turbine, and tightening of the foundation frame.

An example of using the mentioned antifriction fluoroplastometal-
lic band is described in one of the author’s previous books.? Such a band
presents a composite antifriction structure consisting of three layers: a
steel band covered on two sides with a layer of copper or brass no less
than 0.01 mm thick, a porous layer of bronze granules 0.063-0.16 mm in
size, which are baked to the copper or brass plated steel base, and a layer
of fluoroplastic with a MoS filling agent that covers the bronze granules
and fills the free spaces of the bronze layer. According to bench tests, the
coefficient of friction for this material at the temperature varying in the
range of 20-to-250°C (70-480°F) and under pressure of 2-5 MPa (290-725
psi) lies in the range between 0.08 and 0.13. These bands have been suc-
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cessfully used at many power plants with different types of large steam
turbines to make their thermal expansion smoother.

Some turbine producers also furnish their turbines with special
rods to pass the pushing and pulling forces directly from one cylinder
to another besides the intermediate bearing pedestal, which in this case
follows after the cylinders. To reduce the friction forces on the sliding
surfaces, some turbine producers cover these surfaces with hardened
steel plates (or strips) lubricated by solid substances.

Along with this, in increasing frequency, the problem of thermal
expansion for modern large steam turbines is solved in a principally
another manner. In particular, such a new scheme has been carried into
effect at the 1,000-MW-class steam turbines of Siemens, including, for ex-
ample, those for the power units Boxberg Q, NiederauSem K, Yuhuan, as
well as turbines of a more moderate output—see Figures 2-10 and 2-22.4
9 According to this scheme, the bearing pedestals are rigidly mounted
on the foundation frame, whereas the outer casings of the HP and IP
cylinders, as well as the inner casings of the LP cylinders, leaning on the
bearing pedestals, are free to slide along their upper surfaces in the axial
direction with the help of longitudinal keys. The common anchor point
and the origin for the axial thermal expansion is the pedestal of the in-
termediate bearing between the HP and IP cylinders, which is designed
as a combined journal-and-thrust bearing. Because in this case both the
casings and rotors of the HP and IP cylinders expand together in the
same directions, this decreases variations of RRE for both of these cyl-
inders and thereby allows decreasing the axial clearances in their steam
paths. As to the LP cylinders, their outer casings rest on the condensers,
and in order to arrange thermal expansion of the LP rotors and inner
casings in the same direction and reduce the RRE and variations of axial
clearances in these cylinders, the special pushing rods in the LP cylinder
bottoms connect all their inner casings together—see Figures 2-10 and
2-22. Figure 6-3 illustrates how the pushing force is applied to the LP
inner casing making it expand to the generator (in the same direction
as the rotor) without any effect on the assembly of the outer casing and
condenser.

It might be well to note that the scheme with the fixed bearing ped-
estal between the HP and IP cylinder was earlier applied by LMZ for its
1,200-MW TC supercritical-pressure turbine, but then the front (first) and
third bearing pedestals were remained sliding. Similar design solutions
were also introduced to some other large steam turbines, including, for
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Figure 6-3. Arrange-
ment of axial thermal
expansion with push-
ing rods for LP cylin-
ders of modern large
steam turbines of Sie-
mens.

1: inner casing, 2: protec-
tion shell, 3: compensator,
4: push rod. Source: H.
Oeynhausen et al.*

example, 850-MW turbines of MAN operated at the U.S. power plant
Martin Creek.3

Of significance is that the increased forces of friction, transversal
load on the turbine from the adjoined steam-lines, and other obstacles
hampering the thermal expansion freedom do exist as applied to the
sliding surfaces between the cylinder casing paws and bearing pedes-
tals, as they do as applied to the surfaces between the bearing pedestals
and foundation frame. So the mentioned problems and ways for their
solution deserve serious attention to be paid as applied to the thermal
expansion arrangement with the fixed bearing pedestals as well.

IMPROVEMENT OF JOURNAL BEARINGS

With an increase of the turbine capacity, the diameters of rotor jour-
nal necks and hence journal bearings increase too, and there increases the
load on them. So, for example, development of a 735-MW TC steam tur-
bine for the Thailand power plant Ratchaburi (the maximum continuous
rate equal to 841 MW) made MHI apply the rare journal bearing (at the
LP cylinder’s end connected to the generator) with the diameter of 535
mm (21 in), which is declared the maximum diameter for turbines with
the rotation speed of 3,000 rpm.10 Along with this, the 1,200-MW super-
critical-pressure steam turbine of LMZ (as well as 1,000-MW, 3,000-rpm
wet-steam turbines of LMZ for nuclear power plants) has the journal
bearings with diameters of 620 and 575 mm (24.4 and 22.6 in), whereas
the rare journal bearings of standard 800-MW supercritical-pressure
steam turbines of the same producer have been made with a diameter
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of 520 mm (20.5 in).1!

To provide vibrational reliability of large steam turbines and de-
crease the losses with friction in the bearings, many large steam turbines
have been furnished with segment, or multi-wedge, bearings. In this
case, the journal neck interacts not with an entire bush of the bearing
but with a few self-adjusted segments, each of which can turn inde-
pendently relative to its rib of leaning. The lubricant is brought to each
segment, forming separate oil wedges. In such a way, the journal neck
appears held by a system of the oil wedges. This noticeably increases ro-
tation stability. With all these merits, segment journal bearings are much
more complicated in their design and require more accuracy in their
assemblage compared to more traditional bush journal bearings with an
elliptical bore. Along with this, the operational practice shows that as a
rule these (segment) bearings do not have an advantage in the efficiency
over bush bearings. Improvement in design of bush bearings with an
elliptical bore has allowed diminishing the turbine vibration to the level
even lower than that with the segment bearings, simultaneously reduc-
ing the lubricant flow amount and the losses for friction in the bearings.
This made it possible to replace the existent segment bearings at some
large steam turbines in service with the bush bearings of the improved
design—Figure 6-4. In particular, such replacement was accomplished
for supercritical-pressure steam turbines of LMZ with the output of 300,
500, 800, and 1,200 MW. Results of field tests for such bearings with
an elliptical bore, lubricant supply immediately to the hydrodynamic
wedge, and additional removal of the spent lubricant as applied to such
large turbines are presented in Table 6-1. Replacement of the existent
bearings with those of an improved design decreased the specific losses
for friction in the bearings from 0.28-0.4% of the turbine rating output to
0.175-0.19%.12

To increase the load-carrying capacity and reliability of journal
bearings at low speeds of rotation, it was also proposed to cover their
working surface with special micro-relief directed from the both of bear-
ing end-faces to the middle. Such a measure was implemented at some
supercritical-pressure steam turbines with the output of 300, 800, and 1,200
MW at a few power plants, as well as at a 1,000-MW wet-steam turbine
for nuclear power plants, resulting in more favorable operating conditions
with the turbine shaft rotated by the turning gear. As this took place, there
also decreased the flow amount of the jacking oil and increased the rotor
lift by the jacking oil. Effectiveness of this measure has been confirmed by



Thermal Expansion, Bearings, and Lubrication 177

s U |1

Figure 6-4. Schematic of a stan-
g dard journal bush bearing of an
improved design for large steam
turbines of LMZ.
1 and 2: top and bottom halves of
the bearing ring, 3 and 4: upper and
lower semi-bushes, 5 and 6: supply
passages for lubricant and jacking
oil, 7: lubricant feed. Source: A.S.

Ju/ Lisyanskii et al.ll

Table 6-1. Experimental data for bush bearings of an improved design
as applied to two types of large steam turbines of LMZ.

Turbine
Capacity, MW 800 1,200
Diameter of the journal
necks, mm 450 475 500 520 435 450 575 620
Number of journal bearings 3 1 2 2 1 1 3 3
Total lubricant flow
amount, m3/h 175 290
Total losses for friction
in bearings, kW 1,400 2,350
Temperature of bearing
Babbitt, °C 70-76 72-78

Based on data of A.S. Lisyanskii et al.l



178 Steam Turbines for Modern Fossil-Fuel Power Plants

a long-term experience at several turbines with a decrease in the wear of
the working bearing surfaces by about 10-15%.12

PREVENTION OF OIL FIRES DUE TO THE USE
OF FIRE-RESISTANT FLUIDS AS LUBRICANT

Turbine-generators of power plants are equipped with highly spread
and ramified hydraulic and lubrication systems whose total volume in
many cases reaches and even exceeds 40 m3 (about 10,000 gallons) for
a unit. The use of standard, highly combustible petroleum-based oil in
these systems produces a serious hazard of oil fires in turbine halls. Of
significance are a considerable length of the oil pipes, a huge number
of flange joints, and their close proximity to hot surfaces of steam-lines,
turbine casings, and electric facilities. If the escaping oil falls on such a
surface, a severe fire is likely to occur.

According to some insurance company data, between 1971 and
1997 worldwide there occurred 83 power plant turbine-hall fires that
could be traced at least in part to the turbine’s oil system; other sources
count 97 oil-related fires between 1972 and 1996, and these statistics
likely do not cover all the incidents that actually took place.13-15 Accord-
ing to EPRI’s report of 1983, only six of oil fires occurring at U.S. power
plants in 1985-89 required the total repair costs of $172 million, and the
average duration of forced outages caused by these fires amounted to
about 270 days.!# According to the FM Global insurance company, in
the period of 1988-2003 at least 19 U.S. power plants with turbines rang-
ing from 40 to 820 MW experienced catastrophic fires involving turbine
oil systems; the mean outage due to the fires was over six months, with
three units having to be retired prematurely.!® The fires primarily strike
main equipment (turbines and generators), turbine-hall auxiliaries and
their piping, but frequently also extend to cable trays and control room,
wreck the roof and steel structures, etc.

Qil fires in turbine-generator islands of power plants can be pre-
vented almost entirely by means of replacing petroleum oil in turbines’
hydraulic and lubrication systems with synthetic fire-resistant fluids
(FRFs).1517

Nowadays, essentially all the world’s leading turbine producers
use FRFs in hydraulic lines of their turbines’ electric-hydraulic govern-
ing systems, and over 1,000 steam and gas turbines have operated with
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diverse FRFs in their governing systems. This measure eliminates the
most dangerous high-pressure oil source of oil-fires in turbine-halls. The
high-pressure hydraulic and low-pressure lubrication systems are sepa-
rated from each other, and petroleum oil is left as a lubricant. As a result,
a probability of oil-fires remains considerably high. Moreover, this risk
even increases as the average turbine capacity grows since larger tur-
bines have more voluminous and ramified lubrication systems. The fire
danger further rises for large turbines equipped with jacking oil pumps
for lifting the shaft rotated by the turning gear. According to some sta-
tistical considerations, 14 if in the 1950s one oil-fire came to about 200
turbine-years of operation; in the 1960s this figure decreased to 140, in
the 1970s—to 100, and now the oil-fire risk for a typical U.S. 600-MW
steam turbine is assessed as equal to about one per 40 turbine-years.

The operation conditions for lubricants in the turbine-generator
bearings are much more severe than those in the hydraulic systems:
more heating, aeration, water contamination, and so on. Therefore, the
demands on FRF properties used for lubrication are greater. At present,
the FRFs are more expensive than petroleum oil, and in addition, the
turbine lubrication systems are much higher-volume compared with hy-
draulic ones. These are the main reasons that hampered the FRF advance
as lubricant. Along with this, it is well known that phosphate-ester-
based FRFs feature excellent lubricating properties, and some European
countries, Germany in particular, and the former Soviet Union have ac-
cumulated a wealth of experience in employing the FRFs in the turbine
lubrication systems.!8-21 Notably, modern phosphate-ester-based FRFs
belong to the same toxicity class as conventional turbine petroleum oils
and do not require any special precautions in service.

In particular, since the mid-1980s the FRF called OMTI, developed
in All-Russia Thermal Engineering Research Institute (VTI), has been
used in the hydraulic circuits of governing systems for more than 200
steam turbines with the single capacity of from 140 to 1,200 MW. In do-
ing so, some of these turbines have also employed OMTI in the lubrica-
tion systems from the very beginning of their service, while the others
were converted to the use of OMTI as lubricant after years of operation
with petroleum oil. At some turbines, the hydraulic and lubrication sys-
tems remain separated from each other, whereas in other cases they have
common tanks. Schematic of a lubrication system with the use of OMTI
for a 300-MW supercritical-pressure turbine is given in Figure 6-5.

In Germany, according to VGB, there are at least 38 power plants,
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Figure 6-5. Schematic of a lubrication system with the use of FRF
OMTI for a 300-MW supercritical-pressure two-cylinder turbine.

1: steam turbine with emergency lubricant reservoirs above the bearings, 2:
generator, 3: exciter, 4: turbine-driven boiler-feed pump, 5 — lube coolers, 6: DC-
and AC-motor-driven lube pumps, 7: DC- and AC-motor-driven lube pumps
for the generator’s lube seals, 8: lube tank, 9: emergency lube drain, 10: to the
generator’s lube seal system.
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including nine nuclear ones that use FRFs as lubricant, which are primar-
ily triaryl-phosphate-esters.2!

Noteworthy is a rich experience of employing the FRF as lubricant
for gas turbines at gas-pumping stations, including those in the USA
and Canada.?! One of such gas turbines with the output of 5.5 MW com-
missioned in 1986 at Klybeck station in Bazel, Switzerland, operated its
whole design lifetime of 100,000 operating hours on its initial charge of
lube oil Reolube manufactured by Great Lakes Chemical Corporation as
a derivative of OMTI.22

Fire-resistant fluids offer much better fire protection than petro-
leum oils because of their much higher self-ignition temperature equal to
approximately 750°C (1,380°F) compared to 370°C (700°F) for petroleum
oils. Even if such fluid spills on a high-temperature steam-line or other
hot surfaces (the most frequent scenario of the oil fires), it does not ignite,
and even once ignited by a local extra-high temperature spot or open
fire, it does not keep burning.

At current production quantities, synthetic FRFs cost about $6,000
per metric ton. A characteristic 600-MW steam turbine’s lubrication
system holds about 35 t of lubricant, and together with turbine-driven
boiler-feed-pumps—up to 50 t. With a safety margin for the case of un-
foreseen losses, the plant will need about 75 t over ten years of operation.
This way, total expenditures will amount to about $450,000. With mod-
ern ion-exchange-based resin adsorbents, expected FRF losses should not
exceed 3 t per year, resulting in additional annual expenditures below
$20,000 in the subsequent years. With a fire probability of 0.025,14 this
sum does not seem significant considering potential fire-related damage
costs of $20-70 million, not counting the cost of power generation inter-
ruption during the months of the ensuing outage.

Successful implementation of FRFs in the turbine lubrication sys-
tems to a great degree depends on the turbine manufacturers, which
should closely collaborate with FRF developers and producers and
take into account specific properties of specific FRFs, their differences
from properties of petroleum oil. In particular, such thorough work was
accomplished by LMZ together with VTI in the process of implement-
ing OMTI at fossil-fuel and nuclear power plants, including standard
machines of 800 and 1,000 MW.1923 Similarly, in Germany, it took close
collaborative efforts of turbine manufacturers, power plants (VGB mem-
bers), and insurance companies to implement FRFs for both lubricating
and governing turbine systems.13.20.21
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The fire resistance of FRF opens many attractive opportunities for
turbine designers. It makes possible such design decisions as, for ex-
ample (see Figure 6-5):

e replacing the main oil pump on the turbine shaft with motor-driven
pumps incorporating a higher level of redundancy,

e arranging the emergency lube reservoirs within the bearing casing
covers (see Figure 2-4) to provide the bearings with lubricant in the
case of turbine coast-downs without lube-pumps (with petroleum
oil, such reservoirs would present a great fire hazard),

e settling the lube tank with more freedom up to taking it away into
a separate room.

These and some other measures facilitate the steam turbine design-
ers’ and power plant developers’ efforts to assure the turbine’s operating
reliability and general safety, including removal of the fire hazard. For
combined-cycle units using FRF as lubricant, both the steam turbine and
gas one(s) can have a mutual lubrication system.

Noteworthy is that FRFs possess excellent lubricating properties
such as stickiness, lesser coefficient of friction under incomplete lubrica-
tion, ability of standing greater specific loads, and others. These features
are especially significant for large multi-cylinder steam turbines with an
enhanced misalignment risk, especially at start-ups and shutdowns, as
well as at coast-downs without jacking pumps.

It is also important that FRFs enable operation with higher tem-
peratures in the bearings. With the increase of the rotor journal diameter
over 500 mm (20 in), the flow of petroleum-based lubricants in the gap
between the journal and the bearing shell changes its nature and becomes
more turbulent. As a result, the energy losses in the bearing rise, caus-
ing additional heating of the lubricant and the need for greater lubricant
flow amounts that entails a further rise of the losses. With FRFs, flow
amounts can be decreased by 25-30%; higher temperatures are allowable;
the lubricant can be input directly into the lube wedges, and the energy
losses in the bearings remarkably decrease, enabling a 1,000-MW-class
turbine to recover a few megawatts.

While passing through the bearings’ lube wedges, a petroleum
lubricant absorbs air. It is also contaminated with water coming through
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the end seals, especially during start-ups and shut-downs. While the lu-
bricant is in the tank, this air and water should have time to separate and
be removed. Otherwise, intensive aging of the lubricant and sludging in
the pipelines begin. To prevent these problems, special additives are pe-
riodically made up to petroleum oil; however, they are to a great degree
removed with the water. On-line monitoring of the additives” content in
the oil is rather difficult, and if the additives are not introduced in time,
separation of the air and water becomes worse. Thereby, the water (which
is heavier than oil) accumulates at the tank’s bottom and can reach the
oil pumps and bearings. Often, the water is forcedly removed with the
help of special centrifuges, but this technology entails huge oil losses. By
contrast, FRFs possess technological properties, including good deaerat-
ing and demulsifying abilities and antioxidant stability in the presence
of water, which avoid these problems without additives. Since FRFs are
heavier than water, the latter comes off by evaporating from the surface
in the tank and is withdrawn by exhausters. All these peculiarities ease
maintenance of the lubrication systems, reduce the lubricant losses, and
facilitate lifetime extension.

At the same time, some physical and chemical properties of FRFs to
a degree differ from those of petroleum oil that should be taken into con-
sideration while designing or modifying the turbine lubrication systems
for FRF. First, FRFs are heavier than petroleum oil by approximately
30%. Correspondingly, it has a greater value of dynamic viscosity, which
determines the rotor lifting and the quantity of heat given off under
hydrodynamic lubrication conditions. All other things being equal, this
would require greater upper and side gaps in the bearings, although
in reality equal gap values are often sufficient. A greater density also
reduces the speed of air removal for FRFs, making it desirable to use
more efficient air separators in the lube tank. In addition, because of the
greater density, the centrifugal lube pumps will produce a greater head
pressure. Noteworthy is also that the specific heat capacity (related to
the unit of volume) of FRFs is even higher than that for petroleum oil. It
might also be well to emphasize that FRFs have much greater dissolving
ability compared with petroleum oil. This refers to many sealing, insulat-
ing, and painting materials.

Finally, it is pertinent to note some electro-physical properties of
FRFs that does not allow them to replace transformer oil. Coefficient of
cubic resistance for FRFs is lower than that for fresh petroleum oil and
close to that for water-contaminated one. Such dielectric properties could
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present some problems for hydrogen-cooled generators with the voltage
above 20 kV if FRF finds its way to the inner space. For such generators,
it is preferable to have a separate small system of butt-end seals with
petroleum oil. This is unnecessary if the generator voltage is less than
20 kV, and these problems do not occur at all for water- and air-cooled
generators.
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PART 11

STEAM TURBINE TRANSIENTS AND
CYCLING OPERATION






Chapter 7

Operating Conditions and
Start-up Systems for
Steam-Turbine-Based
Power Units

TYPOLOGY OF OPERATING CONDITIONS

A totality of steam turbine operating conditions and possible tran-
sitions between them can be presented in a graphic form, as shown in
Figure 7-1. Such a formal presentation occurred useful to develop knowl-
edge bases for the transients of power steam turbines as applied to de-
velopment of their systems for automated control and surveillance based
on expert systems and elements of artificial intelligence.!2 In particular,
such automated systems have to distinguish and identify the current op-
erating conditions of the turbine, and this leads to a necessity of their for-
mal definition. Distinguishing the operating conditions is also necessary
for arranging on-line informative support for the operational personnel,
automatic off-line (post-operative) analysis of the turbine transients, and
executing some other informative functions. At the same time, some
formalization seems to be very helpful for better comprehension of the
turbine’s operating conditions, better insight into their essence.

First of all, it is necessary to subdivide the whole totality of op-
erating conditions into stationary (or steady-state) and transient (or
unsteady-state). Strictly speaking, none actual operating conditions are
absolutely stationary. In reality, they are almost always accompanied
with some fluctuations caused by variations of outside conditions (for
example, quality of fuel consumed by the boiler), as well as operation of
automatic governing systems. This phenomenon is often neglected, but it
deserves the very serious attention. In particular, stochastic fluctuations
of steam temperatures during so-called stationary operating conditions

189
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Figure 7-1. Typology graph of a steam turbine’s operating conditions

and their possible transitions

1 - pre-start heating up of the main steam-lines and HP stop-valve steam chests,
2 - running up to the synchronous rotation speed (including possible additional
heating up of the hot reheat steam-lines at an intermediate rotation speed with-
out supplying the IP and LP sections with steam), 3 - start-up loading with
simultaneous raising the main and reheat steam temperatures and main steam
pressure up to the rated values, 4 - turbine operation under stationary load, 5
and 6 - load changes within and beyond the governed range, 7 - cooling down
of the stopped turbine, 8 - cold state of the turbine.

Types of transitions: a — “regular”, b - “preventive”, c - “accidental”

should be taken into account while assessing the turbine’s long-term
strength and fatigue. The values of these fluctuations and their disper-
sion mainly depend on the quality and current tuning of the unit’s au-
tomatic governing systems and can vary over a wide range for different
power units and different time periods of their operation.

It would also be wrong to consider the operating conditions sta-
tionary as soon as the turbine load and steam conditions stop varying.
In reality, there exists a certain time period necessary to stabilization of
the turbine’s temperature state; this usually takes tens minutes to settle
at the new level. This should be taken into consideration, for example,
while setting the limits for load changes within the governed range, as
well as arranging heat-rate performance tests.3

In the considered graph of Figure 7-1, three large circles embrace
three major groups of operating conditions:

. start-up operations,
° subsequent turbine operation under load, including shut-down,
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and, finally,
. outage.

Two kinds of operating conditions marked by squares can be
called stationary. They are: operation under stable load and invariable
(or supposed to be invariable) steam conditions and cold stable state of
the stopped turbine. A diamond denotes cooling down of the stopped
turbine on the stage with practically invariable external conditions for
the turbine but with its unsteady temperature state. And, finally, little
circles denote stages of the real transients, such as the turbine’s start-up
operations, load changes within and beyond the governed range, and
different kinds of shut-downs.

Transitions between the different operating conditions, in turn, can
be classified as:

a) “regular,” corresponding to common technological sequences and
marked by solid lines in Figure 7-1,

b) “preventive,” executed by the operator or automated control devices
in the case of potentially dangerous deviations from normal pro-
cesses and drown by dotted lines, and

c) “accidental,” executed by automatic defense or emergency control
devices—touch-dotted lines. (It might be well to note that the em-
ployed coins for the transition types are not generally accepted, and
they are used here purely conventionally.)

For some purposes, it can be also necessary to subdivide the
turbine transients into the scheduled and forced ones. The first group
includes start-ups from different initial temperature states, load changes
according to the dispatcher’s schedule of power generation in the power
system, and scheduled shut-downs for stand-by or overhauls and inspec-
tions. These transients are intentional, foreseen, and fulfilled under the
manual or automated control with a direct participation of the opera-
tional personnel. By contrast, the forced or occasional transients cannot
be foreseen and scheduled. They are mostly carried out under control
of automatic (not automated) governing systems and defense devices.
The forced transients are caused by unexpected or occasional changes in
the operating conditions of the power system or sudden changes in the
inherent state of the power unit’s equipment. This group also comprises
load changes under action of automatic systems of governing the load
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and frequency, as well as various automatic load discharges under ac-
tion of emergency control devices of the power system and unplanned
automatic shut-downs or unloading under action of the unit’s defense
system if any of the power unit’s equipment fails to operate and cannot
be substituted. Hence the term of scheduled transients partially covers
the regular ones, whereas all the rest transients could be considered
forced.

At the same time, it is not always possible to draw a definite
boundary line between the scheduled and forced transients, for example,
in reference to shut-downs. So, if the unit’s equipment is suddenly dam-
aged but this damage does not demand on urgent withdrawal of this
equipment from service and does not induce the action of the defense
system, the unit can be unloaded and shut down by the operational per-
sonnel with some postponement, and then this shut-down is formally
counted as the scheduled one, even though matter-of-factly it is forced.
Similar situations arise, for example, in cases of enhanced vibration of
the turbine shaft or bearings: these events can lead to the forced auto-
matic shut down under action of the defense devices. At other units,
with other principles of constructing their defense systems, the enhanced
vibration will lead only to an alarm signal with a subsequent “foreseen”
shut down by the operator.

As applied to the purposes of automated control and surveillance,
with all the advantages of graphic forms, it can be more convenient to
use matrix (table) forms. The same transitions between the turbine’s op-
erating conditions as shown in Figure 7-1 can be presented in the form
of a matrix like Table 7-1. In a similar manner, the operating conditions
can be distinguished and identified with the use of a sub-algorithm con-
structed in a matrix form of Table 7-2. In doing so, it is easier to provide
and check up the completeness and consistency of the used conventions
compared with a graphic form of logic block diagrams.

In the matrix of Table 7-2, each operating condition is notable for
an AND-combination of the presence or absence (denoted by the signs
of “+” and “-,” respectively) of the marked specific conventions. In a
few cases, it occurs necessary to use additionally information about the
type of the preceding operating conditions to identify the current ones.
In Table 7-2, there are also some symptoms pointed out by the signs “+”
and “~” in brackets; they are also characteristic for the considered operat-
ing conditions but are not necessary for their identification. Checking out
if these conventions are satisfied can be used for verifying the trustwor-
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Table 7-1. Matrix of transitions for steam turbine’s operating condi-
tions

Inputs

Outputs 1 2 3 4 5 6 7 8
1 b a — — — — b
2 b b, ¢ a — — — b b
3 b b — a b b, ¢ —
4 — — — — a, c C —
5 — — a — a, c a, c
6 — — — a, C a — a, C —
7 a — — — — — — a
8 a — — — — — — —

Note: designations of operating condition numbers (1-8) and transition types (a-c) are the
same as in Figure 7-1.

Table 7-2. Matrix of identifying steam turbine’s operating conditions

Operating | f1;p>150°C | B;> | HP | n>50 | FG| N> | £>500°C | N'>| Atyr< | Preceding
conditions| #p>150°C |B¢in| SV | 1pm | =1 | Nygumin| tn>500°C | N'pyin| [Atyiglaoy | operating
closed conditions
1 + - | - e - =)
2 + - + | - e e
3 ) (O N I I I C5 T - 2
4 ) @l e+ + - + (3,5, 6)
5 ) @l e+ + + (3,4, 6)
6 (+) | +) | + - + (3, 4, 5)
7 + - + U SN ) @) )
8 - - + CRECANNC ) e -

Notes: designations of operating condition numbers (1-8) are the same as in Figure 7-1;
tyyp and tpp are characteristic metal temperatures of the HP and IP sections’ outer casings,
respectively; B¢ and B, are the fuel consumption and its minimal significant value; HP
SV—the state of the HP stop valves; 1 is the rotation speed; FG is the sign that the genera-
tor is connected to the grid; N and Ny, i, are the turbine load and its lower limit for the
governed range; t; and ty, are the main and reheat steam temperatures; n" and n’,;, are
the rate of load changes and its minimal; Aty and [Afygl,,, are the effective radial tem-
perature difference for the HP rotor and its admissible value when the turbine is operating
in the governed range; “+” means the convention is satisfied, “~” means the convention is
not satisfied, “...” means it does not matter if the convention is satisfied or not.
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thiness of the used information.

The contents of graph Figure 7-1 and matrices Tables 7-1 and 7-2
are to a great degree tied with some specific types of power units with
their start-up systems and operating technologies. As applied to other
objects, these constructions can require some corrections. In addition,
the list of the transient operating conditions described by the considered
graph and matrices can be expanded with including some additional
operations as, for example, forced cooling-down of the turbine under
load and/or when the turbine is stopped, rotating the turbine by the
generator as a motor during stand-by outages, and so on.

The most intricate kind of the turbine transients is start-ups. Their
technological operation sequence should be subdivided into a few stag-
es, essentially differing from one another in their contents and conditions
of carrying out. The main stages of start-ups are:

*  pre-start warming up of the turbine steam-lines, crossover pipes,
valve steam-chests, and even turbine cylinders while the turbine
is rotated by the turning gear (if steam is allowed to come to the
turbine cylinders, the “pre-start” warming is accompanied with
a rotation speed increase up to some intermediate value, but this
increase remains practically uncontrollable),

*  rolling up of the turbine with a controllable raise of the turbine’s
rotation speed up to the synchronous value and synchronization of
the generator, and, finally,

e loading up the turbine to the set stable load with raising simulta-
neously the main and reheat steam parameters, whereas all the
preceding operations are mainly run (or could/should run) with
invariable start steam conditions.

This division of start-up operations into the stages can also be
made more detailed, depending on the pursued aims, or even can vary,
depending on the start-up technology, which, in turn, mainly depends
on the unit’s steam-generator type, start-up system, and the turbine’s
design features.

Each start-up (excepting the very first one after the turbine is as-
sembled) is preceded by the turbine shut-down and outage, when the
turbine cools down. Depending on the outage duration, start-ups are
commonly subdivided into three categories named cold, warm, and hot
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start-ups. As a rough guide, the start-up is classified as cold if the time
period after the previous shut-down exceeds approximately three days
or the maximum pre-start metal temperature of the high-temperature
turbine elements (primarily, the HP and IP outer casings) does not ex-
ceed 120-160°C (250-320°F). By contrast, the start-up is considered hot if
it is preceded by the outage of less than eight-to-ten-hour duration. All
the intermediate start-ups are known as warm.

In a narrower meaning, the terms “hot” and “warm” often refer to
start-ups after shut-downs for “nights” and “weekends,” that is, after 5-
8-hour and 50-54-hour outages, respectively. These time periods are most
typical when power units participate in covering deep variations of power
consumption and are shut down for relatively long load ebb periods.

All the three main start-up types considerably differ in the contents
and duration of their technological operations. In particular, hot start-
ups run without pre-start warming of steam-lines, valve steam-chests,
and crossover pipes. Sometimes, it may be expedient to separate the
fourth start-up type in addition to three above mentioned ones, namely
start-ups from the hot stand-by state. They are carried out after the outage
for less than two-three hours, when both the steam parameters after the
steam generator and metal temperatures of the turbine have not had
time to decrease noticeably.

As a matter of fact, the start-up technology is determined not by
duration of the previous outage, but the pre-start temperature state of
major turbine elements and steam-lines. These temperature states to a
great degree depend on the technology of shutting down the turbine and
quality of thermal insulation of individual turbine design elements and
steam-lines. For this reason, the boundaries between the start-up types
should be defined taking into account the differences in their scenario
and technology, caused by a possibility to keep the main and reheat
steam temperatures at the early start-up stages matching the tempera-
ture state of the most thermally stressed (“critical”) turbine elements. By
way of illustration, this can be considered as applied to the main steam
and HP metal temperatures.

When the turbine is started up, in order to prevent excessive ther-
mal stresses in the HP section’s critical components (primarily, the HP
rotor), the initial (start) main steam temperature should match their
metal temperature, exceeding it by the set value of Aty". This value
substantially depends on the turbine’s design features, as well as the
unit’'s main steam parameters, start-up system, and start-up technol-
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ogy. By convention, this value can be taken equal to, for example, 100°C
(180°F) like it is for many supercritical-pressure steam-turbine units.# In
addition, to be sure that the main steam temperature is well controllable
and to prevent possible water induction into the turbine, the main steam
temperature should exceed the saturation temperature at the initial main
steam pressure by not less than 40-50°C (70-90°F).

If the value of the initial temperature difference between main
steam and the HP cylinder metal is taken equal to At,™ = 100°C, this
means that, for example, in order to start up a cold turbine with the HP
metal temperature of 80°C (175°F), the main steam temperature should
not be higher than 180°C (355°F). However, to observe this limit and
assure the required excess over the saturation temperature, the initial
main steam pressure should be less than 0.35 MPa (50 psi). This pres-
sure is evidently insufficient to raise the turbine’s rotation speed to the
synchronous value. In addition, as a matter of fact, modern large power
boilers with their attemperators can provide a stable steam flow amount
to run up the turbine to the synchronous speed with the main steam
temperature not less than 280-300°C (535-570°F). So the set convention of
exceeding the initial main steam temperature by At," = 100°C over the
pre-start HP metal temperature can be satisfied only if the latter is more
than 180-200°C (355-390°F). On the other hand, the initial main steam
temperature can not and must not be higher than the rated (nominal)
value. Moreover, when the boiler is operated with a respectively small
initial steam flow amount, the main steam temperature does not reach
the rated level, but amounts to, say, 500°C (930°F), with the rated main
steam temperature of 540°C (1,004°F). In this case, the required excess
of the main steam temperature over the HP metal temperature can be
satisfied only if the latter is lower than 400°C (750°F). Thus, if the acces-
sible initial main steam temperature values range between 280 and 500°C
(535-930°F), the set requirement can be satisfied only if the HP cylinder’s
pre-start metal temperature lies in the range between 180 and 400°C (355
and 750°F). These figures are to be taken as the upper boundary of cold
start-ups and lower boundary of hot start-ups, whereas all the intermedi-
ate values refer to warm start-ups, as shown in Figure 7-2.

The described approach is thought to be more substantiated in
terms of start-up technology. In the case of cold start-ups, when the
steam temperature is too high to match the turbine metal temperature,
the turbine should be held for some time before raising its rotation
speed to the synchronous value and switching on the generator to the
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Figure 7-2. Definition of start-up types.
t., — characteristic metal temperature of the turbine, ™ — its pre-start (initial)

value after cooling for t hours, f — steam temperature at the boiler’s exit, t "™

and tstmin - its nominal (rated) and minimal controllable values, tstin — its set

initial (pre-start) value.

grid, that is, while the heat transfer conditions from steam to the turbine
metal are relatively low. In addition, this prevents the turbine from an
uncontrolled rise of the RREs caused by different heat transfer conditions
for rotors and stator components. It is also necessary to heat the rotors
(especially, the IP and LP ones) at the intermediate rotation speed over
the fracture-appearance transition temperature (FATT) level to prevent a
danger of their brittle fracture under combined action of tensile centrifu-
gal and thermal stresses in the rotor depth.

By contrast, at hot start-ups, when the boiler cannot provide the
steam temperature high enough to match the initial metal temperature
state, the turbine should be run up as fast as possible to pass rapidly the
start-up stages with significant steam temperature drops and avoid un-
desirable chilling of the turbine with appearance of high tensile thermal
stresses on the “heated” surfaces.

As for intermediate, warm start-ups, when it is possible to maintain
the steam temperature matching the turbine metal temperature, the start-
up operations can run in the way most convenient to control them. In
particular, the unified running-up pattern for warm start-ups commonly
includes the step at the intermediate rotation speed for listening to the
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turbine. This step can also be used, if necessary, to heat additionally the
turbine steam-lines. The presence or absence of this necessity can be used
for more detailed subdivision of start-ups.

When the generator is switched on to the grid and accepts the ini-
tial load, the turbine metal temperature can be supposed matching the
steam temperature provided by the boiler. This is caused by warming
the turbine in the case of cold start-up or decreasing the main steam
temperature drop with the steam flow amount increase. In the process of
subsequent loading, the main and reheat steam temperatures are raised
to the rated values with the set rates providing the admissible thermal
stresses in the “critical” turbine elements, primarily the high tempera-
ture (HP and IP) rotors. The time duration necessary to raise the steam
temperatures to the levels acceptable for the rated load determines the
length time of loading the turbine. This time is maximal for cold start-
ups and minimal for hot start-ups, when the rate of loading is limited not
by unsteady-state thermal stresses in the turbine but only the operational
capabilities of the personnel.

To decrease the time of loading without excessive thermal stresses
in the turbine’s critical elements, it is advisable to reach the turbine’s
rated (or set final) load at somewhat decreased final steam temperature,
tslﬁ” < t,"™ What is more, even at hot start-ups, when the steam tem-
peratures after the boiler are tried to kept at the nominal (or maximally
close to nominal) level from the very start-up beginning, for power units
operated in a so-called “cycling,” or two-shift (daily start/stop) manner
with frequent hot start-ups after shut-downs for nights, it is considered
reasonable to lower the steam temperatures in the process of loading to
a decreased value of t,/"; then the steam temperatures are to be raised
back to the nominal level—Figure 7-3. This makes it possible to decrease
to a certain degree the maximum unsteady thermal stresses in the tur-
bine critical elements as applied to this start-up type.

In specific cases, depending on the steam-temperature control
range for the power unit’s boiler with regard to its static characteristics
and possibilities of its attemperators, the metal temperature range refer-
ring to warm start-ups can occur remarkably narrower. As an example,
the controllable ranges for main and reheat steam temperatures, quite
characteristic for some old subcritical-pressure power units, are depicted
in Figure 7-4. In this case, the controllable range of the main steam tem-
perature at the minimum steam productivity is as wide as only 140°C
(250°F): between 340 and 480°C (650-900°F). Correspondingly, this nar-
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rows the actual range of warm start-ups.

It should be noted that for power units with two-bypass start-up
systems the boundary between hot and warm start-ups becomes rather
conventional. This is associated with the fact that turbines of such units
are commonly run up to the synchronous rotation speed with the closed
HP control valves (see below). Main steam is given to the HP section
only when the generator is switched on to the grid and the steam flow
amount through the turbine, needed to accept the initial load, does not
cause substantial steam temperature drops in the HP control valves and
does not result in chilling the HP rotor. In this sense, hot start-ups for
these turbines are properly absent.

Once the turbine is started up, it operates under load until it is shut
down. In the entire range of load variations from zero to the rated (nomi-
nal) or maximum continuous rating (MCR), it is important to distinguish
a so-called governed range. By definition, it implies the load change strip
within which the cast of the power unit’s auxiliaries remains invariable
and it is not necessary to change the fuel or do any switching over in
technological systems. Most of scheduled turbine load changes take
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Figure 7-4. Characteristic controllable ranges of main (1) and reheat (2)
steam temperatures under sliding (a) and constant (b) main steam pres-
sure for a subcritical-pressure steam-turbine power unit with the rated

main and reheat steam temperatures of 540 °C (1,000 °F)
1c: lower border of main steam temperature’s controllable range at start-ups
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place within this range.

Along with the lower boundary of the governed range, the unit’s
operating conditions are also characterized by the value of a so-called
minimum stable load. Transition to this load and return into the governed
range imperatively require some switching over in the unit’'s techno-
logical system. So, these transitions need some additional technological
operations and go slower than the load changes within the governed
range. Both these values, namely the lower boundary of the governed
range and minimum stable load, essentially depend on the used fuel, the
steam-generator type, and its features.

Together with such characteristics as the load change rate within
the diverse load change ranges, start-up durations for diverse start-up
types, the mentioned values determine the flexibility characteristics for
the power unit. These characteristics mainly depend on both the turbine
design and the features of the applied start-up system, but they also to
a great degree depend on the qualification, skills, and experience of the
operational personnel and some other non-material factors.

Start-ups, as well as scheduled and unscheduled load changes
within the governed range and beyond, are the most important transient
operating conditions which to a great degree influence the reliability and
flexibility performances of steam-turbine power units. Modern concepts
of them are to be considered in next sections of this part. As to other
transients, such as deep load discharges and impulse unloading of the
turbine, shut-downs for stand-by and shut-downs with forced cooling of
the turbine for inspections and repairs, as well as forced cooling of the
stopped turbine with air or early switching off the lube oil system and
turning gear at the stopped turbine, for the last decade there have not
appear any serious new notions related to them, and taking into con-
sideration that they were sulfficiently detailed in the author’s previous
book,? it seems irrelevant to return again to these subjects.

SOME FEATURES OF START-UP SYSTEMS AS
APPLIED TO STEAM-TURBINE AND CC POWER UNITS

When power units are started up, their main and reheat steam
temperatures have to match the HP and IP cylinder metal temperatures.
In addition, the main and reheat steam-lines should be warmed before
steam enters the turbine to prevent water induction into the turbine
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and inadmissible (or, at least, undesirable) temperature differences and
thermal stresses in the turbine. For the entire time period until steam
is given into the turbine and steam flow amount through the turbine
becomes equal to the boiler’s current steam productivity, steam after
the boiler should be discharged beside the turbine through its bypasses.
Controlled steam flow amounts through the boiler’s superheater and,
if possible, reheater surfaces make the initial steam temperatures more
controllable. For units with drum-type boilers, the turbine bypasses also
allow controlling the steam pressure in the drum so that the saturation
temperature in the drum rises with the permissible rate. If the boiler’s re-
heater is located in a high-temperature flue-gas zone, the bypass system
should protect its tubes when the steam amount through the turbine is
zero or too small to cool these tubes. In particular, arrangement of due
steam flow amounts through the boiler’s superheater and reheater tubes
by means of the turbine bypasses at start-ups to a great degree dimin-
ishes a danger of tube scale defoliation and solid particle erosion of the
turbine.

The turbine bypasses also come into operation at the turbine’s
emergency trips or sudden load discharges. Once the turbine valves
are closed finally or temporarily, the steam pressure upstream from the
valves begins to rise, and it is desirable to prevent opening the relief
(safety) valves on the main and reheat steam-lines. If the turbine bypass-
es have a sufficiently high flow capacity and are sufficiently fast-acting,
they can act like the relief valves and instead of them. Sometimes, it is
said that the turbine bypasses should provide independent operation of
the boiler and turbine, but such a statement seems to sound too exagger-
ated because thermal energy of steam discharged through the bypasses
are completely lost, and it is desirable to avoid the excessive use of by-
passes as far as possible.

At the early start-up stages, when steam is discharged beside the tur-
bine, it is advisable to keep the boiler with the minimum feedwater flow
amount to decrease the start-up fuel outlay. From the same reasoning, it is
also desirable to utilize heat of steam brought out through the bypasses.
Most commonly this is done in the turbine regenerative system.

Besides the initial matching of the steam and metal temperatures,
it is not less important to control raising the main and reheat steam
temperatures while the turbine is loaded. It is also substantial to hold
the raising of the main steam pressure during the loading stage at the
reasonable level.
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All these functions are to be fulfilled by start-up systems of power
units. In addition, these systems provide the unit’s auxiliaries with steam
and heat until the regular steam sources from the turbine extractions are
ready.

The most characteristic part of the start-up system is the turbine
bypasses. Depending on their arrangement, so-called two-bypass and
one-bypass start-up systems are recognized, even though within each
category these systems can considerably differ in their ideology, degree
of sophistication, and numerous details.

Two-bypass start-up systems are mostly widespread in the power
industry of some West European countries (primarily, Germany and
France) and Japan. A skeleton chart of a characteristic two-bypass start-
up system for power units with once-through boilers is presented in
Figure 7-5, and the flow chart for a typical German fossil-fuel power unit
with a once-through boiler is shown in Figure 7-6.

Figure 7-5. Skeleton chart
of a two-bypass start-up
scheme for a power unit
with a once-through boiler.
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The turbines in these units are bypassed in two steps: the first step
is the HP bypass from the main steam-lines into the cold reheat steam-
lines, and the second one is the LP bypass from the hot reheat steam-lines
into the condenser. As a result, the steam flow amounts through both the
boiler’s superheater and reheater are almost the same, no matter how
much the steam flow through the turbine is. This protects the reheater
against overheating at the early start-up stages and load discharges. In
addition, this provides favorable conditions to control the reheat steam
temperature with the use of spray attemperators in the entire range of
the operating conditions. This also makes it possible to warm effectively
the hot reheat steam-lines before steam is given into the turbine. More of-
ten than not, the bypass flow capacities are set equal to 100% of the unit’s
maximum continuous rating (MCR) to provide full load discharges of
the turbine without opening the relief valves. If the flow capacity of the
bypasses is less than 70% MCR, the unit’s start-up duration increases
remarkably. The bypasses for large power units can have several strings
depending on the bypass valve’s accessible flow capacity. This especially
concerns the LP bypasses because of a large volumetric flow amount
under the reheat-steam pressure. Because the bypass valves are used not
only at start-ups, but also at load discharges, they have to be quite fast-
acting.

Two-bypass start-up systems can be fraught with a danger of over-
heating the HP exhaust of the rotating turbine when steam is discharged
through the HP bypass. If the LP bypass is not sufficiently fast-operating
or its flow capacity does not suffice, the steam pressure at the HP exhaust
increases, and this results in heightened heat losses with fan and friction
of the rotating blades in dense steam—that is, overheating because of
windage. In addition, the HP bypass and its water spray sometimes be-
come a source of water induction into the HP cylinder from its exhaust;
such accidents have repeatedly taken place at different power plants. To
prevent these events, the turbines are furnished with check valves at the
cold reheat steam-lines (see Figure 7-6) In addition, these check valves
are supplied with own bypasses to provide a possibility of controllable
warming of the HP cylinder through the exhaust at cold start-ups.

One-bypass start-up systems are simpler in control compared to
two-bypass systems and do not need fast-acting LP bypass valves of
a large volumetric flow capacity. These are the two main reasons why
such systems have received a wide acceptance at power plants of the for-
mer Soviet Union and many other countries. A simplified steam/water
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flowchart for a proposed Russian supercritical-pressure 525-MW power
unit with a one-bypass start-up system was shown in Figure 3-17, and
a steam/water flowchart for standard Soviet 300-MW supercritical-pres-
sure units is presented in Figure 7-7. The latter is of special interest be-
cause many gas/ oil-fired supercritical-pressure power units of this type,
with such a start-up system, have actively participated in covering the
variable part of week and day power consumption with regular shut-
downs for weekend and night load ebbs with subsequent start-ups.

For units with one-bypass start-up systems, the turbine is bypassed
as a whole, but there are supplementary steam-lines with fast-open-
ing valves from the hot reheat steam-lines upstream of the IP intercept
valves to the condenser. As a matter of fact, during sudden emergency
turbine trips, the steam flow amount through these lines is determined
by the reheater system’s steam capacity, and it is much smaller than the
steam flow amount through the LP bypasses for two-bypass systems.

For units with one-bypass start-up systems, until steam enters the
HP cylinder the boiler’s reheater is not cooled by the steam flow. That is
the reason why the boilers intended for such units are designed with the
reheater located in a relatively low flue-gas temperature zone.

Because the “own” steam does not reach the reheat steam-lines
until it goes into the turbine, there is a problem how to warm these
steam-lines before steam enters the IP cylinder. Some one-bypass start-
up systems comprise special sources of outside steam for this purpose.
For example, at standard Soviet/Russian 800-MW units without mo-
tor-driven boiler-feed pumps (BFPs), the hot reheat steam-lines are
preheated by outside steam given to the BFP’s turbine drive. (Normally,
these turbine drives are fed with steam from the cold reheat steam-lines,
so that there is a steam-line between them.) However, for most units with
one-bypass systems, the standard start-up technology implies warming
the hot reheat steam-lines with steam passed through the HP cylinder,
the IP valves being closed. This is done at the intermediate rotation
speed, and it is necessary to increase this steam flow amount in order to
make this heating more effective and hasten it.

Along with the bypasses, start-up systems also include drainage
lines which are necessary to warm the steam-lines downstream from the
bypasses, as well as the crossover pipes, valve steam-chests, and cylinder
casings. These lines also withdraw water condensing from steam.

Another important aim of the start-up systems concerning a
turbine is to control the main and reheat steam temperatures during



Figure 7-7. Flow-
chart for a standard
Soviet 300-MW su- : T:
percritical-pressure —
power unit. Source:
After E.R. Plotkin and
A.Sh. Leyzerovich*

1 and 2 - regular and
start-up main-steam
spray attemperators,
3 and 4 - regular and
emergency reheat-
steam spray attem-
perators, 5 — steam
reheater’s start-up by-
passes, 6 — steam for
BFP’s turbine-drive, 7
— steam from a plant
header, 8 — steam
to the turbine’s end
gland seals, 9 — lines
of regular and emer-
gency make-up, 10
and 11 — water discharges to the cooling-water lines and soiled-water tanks, 12 — water from the spare tanks, 13 and 14
- condensate to and from the unit’s water-treatment facility, 15 — shut-off valve, 16 — back valve, 17 — governing valve, 18
— controllable throttle valve, 19 — throttling orifices, 20 — spray, 21 — charge lines, 22 — start-up lines.
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start-ups. Naturally, these temperatures to a great degree depend on
the boiler’s current firing rate. The steam temperatures can be addition-
ally corrected by flue-gas bypasses of the boiler’s heating surfaces and
some other means. However, all these measures do not exclude great
steam temperature excursions during start-ups. These excursions are
commonly associated with increases of the firing rate and/or steam
flow amount through both the boiler’s heating surfaces and the steam-
lines between the boiler and turbine. The most reliable, accurate, and
fast-acting measure to control the main steam temperatures is special
“start-up” spray attemperators before the last section of the boiler
superheater or immediately into the main steam-lines after the boiler
(see Figures 3-17, 7-5, and 7-7). They supplement regular attemperators
between the superheater’s sections.

When the unit is started up, the spray attemperators can be used
to control the reheat steam temperature as well, but they are mainly em-
ployed in two-bypass systems (see Figure 7-5). For one-bypass-system
units, these attemperators can be reliably used only when the steam flow
amount through the reheater is sufficiently great. Otherwise, the sprays
do not provide due pulverization (atomization) of the sprayed water.
This causes “cold spots” at the inner steam-line surfaces (especially near
elbows) and can lead to water induction into the turbine. (Such events
also take place in hot reheat steam-lines of two-bypass-system units and
in main steam-lines if the sprays are misused.)

At the same time, the reheat steam temperature in one-bypass-sys-
tem units is very sensitive to changes of the steam flow amount when the
turbine is led to the synchronous rotation speed and accepts the initial
load. This process is accompanied with a sharp increase of the reheat
steam temperature after the boiler. In addition, because the steam flow
amount through the hot reheat steam-lines increases, the steam-tempera-
ture drop in these steam-lines due to heat transfer to their metal reduces,
and the steam temperature at the IP entrance rises rapidly. If this rise is
not stopped, the radial temperature difference in the IP rotor can exceed
its admissible value even by two-three times, and the spraying attem-
perators fail to control this process. By an example, such a process is
illustrated by the start-up diagram of heating the turbine rotors in Figure
7-8. At the same time, experience shows that the rise of reheat steam
temperature can be reliably controlled by the reheater’s steam bypass.
The steam bypasses between the cold and hot reheat steam-lines were
included as an obligatory component into the standard start-up systems
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shown in Figure 7-7, but were not used at some power plants. This just
causes such processes as shown in Figure 7-8.

Many once-through boilers are furnished with full-capacity separa-
tors between the evaporating and superheating parts (see Figures 7-5
and 7-6). Such a separator functions like a drum and is not switched off
at any operating conditions. In order to reduce the minimum feedwater
flow amount at the early start-up stages and therefore diminish the fuel
outlay, these separators are supplemented with circulating circuits to
increase the flow amount through the evaporating tubes and utilize heat
of water discharged from the separator.

Many other once-through boilers are also furnished with a “start-
up complex” with the separator which is employed only at start-ups
while the steam flow amount is relatively small (usually not more than
two thirds of the MCR). In this case, as shown in Figure 7-7, the boiler’s
evaporating and superheating parts are separated by so-called embedded
valves which are to be opened when the steam flow amount approaches
the separator’s flow capacity, and the separator is switched off. In the
start-up system shown in Figure 7-7, both the water and steam flow
amounts from the separator are controlled. This gives certain advantages
to control the start-up process.

Subcritical-pressure power units with drum-type boilers, including
those with the output of 500, 600, and 660 MW, operated at fossil-fuel
power plants of the UK and actively involved in covering the variable
part of week and day power consumption are equipped with a kind
of two-bypass start-up systems comprising an HP bypass taken from a
tee prior to the turbine’s stop valves and then linking back to the main
path after the HP turbine exhaust; for some power plants their start-up
systems were extended by including additional LP turbine bypasses,
but according to conclusion by a team of international experts this was
considered rather excessive.”

Steam-bypass systems of combined-cycle (CC) units are used dur-
ing all the operating conditions with no-load or low-load steam turbine
operation, that is, start-ups and shut-downs, steam turbine trips, and
temporary simple-cycle operation of the unit’s gas turbine(s). In all these
operating conditions, when steam production of the heat recovery steam
generators (HRSGs) leaves behind the steam consumption of the steam
turbine, the whole excessive steam is discharged into the steam turbine’s
condenser. For CC units with several gas turbines and their HRSGs and a
single steam turbine, the bypass system makes it possible to start up the
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Figure 7-8. Recorded results of temperature monitoring for the HP and
IP rotors of a 300-MW supercritical-pressure steam turbine of Turboat-
om at the Uglegorsk power plant (Ukraine) for a typical start-up after
week-end (a) and shut-down (b). Source: A.Sh. Leyzerovich et al.®

Recorded variables: 1 and 4 — steam temperature and pressure at the HP control
stage, 2 and 3 — steam temperature in the JP steam admission sleeves, 5 and 7
— effective radial temperature differences in the HP and IP rotors in the most
thermally stressed sections, 8 and 10 — average integral metal temperature of the
rotors in the same sections.
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gas turbines subsequently. If one or more gas turbines and their HRSGs
are already in operation and an additional gas turbine and HRSG should
be brought on-line, the start-up by-pass system allows a gradual warm-
ing of the lagging HRSG and facilitates raising its steam temperatures up
to those for the leading HRSG(s).

The place of steam bypasses in schematics of double-pressure CC
units can be seen in Figures 3-24 and 3-30. The steam bypass system
can also be used to operate a CC unit in a simple-cycle mode before the
steam-turbine part is completed. However, this assumes that the steam
turbine’s condenser is available to accept steam passing through the by-
pass system from the HRSG(s) if they are not plugged up.

For modern CC units, their steam bypass systems are predomi-
nantly made of two types:

e with parallel bypasses (also known as “direct” or “dry reheater”
bypasses), which are similar to one-bypass start-up systems for
“pure” steam-turbine power units, and

e with cascade bypasses (also known as “European” or “wet reheater”
bypasses), which can be considered analogous to two-bypass start-
up systems. Most of modern CC units are presently designed with
cascade bypass systems.8 Such a system for a triple-pressure reheat
CC unit is shown in Figure 7-9a.

In this arrangement, the HP steam, which is generated at start-ups
or other operating conditions with low steam flow through the steam
turbine, is bypassed around the HP turbine section into the cold reheat
(CRH) steam line. The bypass line is equipped with a pressure-reducing
valve and an attemperator using spray water from the feedwater pump.
The bypassed steam mixed with the steam from the IP drum(s) is sent
through the reheater. The hot reheat steam line is provided with another
pressure reducing/attemperating station, that is, the hot reheat (HRH)
bypass that directs steam to the condenser. In addition, there can exist
the LP bypass, which discharges steam from the HRSG’s LP drum into
the condenser. The attemperators of both the HRH and LP bypasses use
spray water from the condensate pump discharge. Each bypass includes
a pressure reducing device, an attemperator with a spray water control
valve, and a backpressure device, also referred to as a “sparger,” which
is located directly within the condenser neck.”10
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Figure 7-9. “Cascade” (a) and “parallel” (b) steam bypass systems for
a triple-pressure CC unit.

As distinct from the cascade arrangement of the bypasses, in the
parallel bypass system (Figure 7-9b) the steam generated in both the HP
and IP drums is discharged directly to the condenser after being attem-
perated with spray condensate. As such, there is no steam flow through
the reheater, which operates “dry” when the bypass system is in service.
The steam generated in the LP drum(s) can be similarly discharged into
the condenser, but instead it can be sent into the LP evaporator or de-
aerator. With the reheater operated in the “dry” mode, its tubes tend to
overheat. This places enhanced requirements to the tube metal, adding
the HRSG cost. Another drawback of the parallel bypass system is that it
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requires the use of long steam piping from the HRSG(s) to the condenser,
which also adds to the power unit’s capital cost.

The main disadvantage of the cascade bypassing is that in this case
the steam turbine has to be started up with a pressurized reheater, which
raises concerns about overheating of the HP turbine exhaust at no-flow
and low-flow operating conditions. To alleviate this problem, the turbine
can be equipped with an additional blowing down line connecting the
intercasing space of the HP section or cold reheat steam lines upstream
of the non-return valve to the condenser. In this way, if necessary, the
HP exhaust is isolated from the reheater and can be kept under a low
pressure close to the backpressure in the condenser.
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Chapter 8

Experimental and
Calculation Researches of
Turbine Transients

MAIN GOALS OF START-UP FIELD TESTS

According to the methodology for investigating the transients
of large power steam turbines having been developed since the 1960s
by E.R. Plotkin and the author, such investigations should rest on the
combination of experimental researches in situ (so called start-up field
tests) and calculation researches based on digital mathematical modeling
of the heating-up processes for the most thermally stressed (“critical”)
elements of the turbine.l2 This methodology was first worked up and
implemented in the course of investigating the transients of 200-MW
subcritical-pressure power units with turbines K-200-130 of LMZ and
different types of boilers. Later, it was used and further developed and
improved as applied to investigating the transients of 300-MW and 800-
MW supercritical-pressure turbines, wet-steam turbines with the single
capacity of 220, 500, and 1,000 MW for nuclear power plants, and some
other objects. It might be well to note that this methodology was being
developed to a great degree keeping in mind the needs of automated
control and surveillance of steam turbines at the transients.>

The basic distinguishing feature of this methodology lies in the fact
that, instead of the search for and direct reproduction of the operating
conditions which could be immediately advised for operation, the main
purpose of start-up field tests becomes rather the acquisition of informa-
tion needed for the mathematical modeling and calculated optimization
of the turbine transients. In doing so, the field tests do not depreciate
themselves. They provide researchers with necessary data used as the
boundary conditions for mathematical models, and their results remain
the principal criterion whether the developed and applied speculative
schemas and mathematical models are valid, trustworthy, and can be

215
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applied to the considered object. In addition, the experimental measure-
ments at the actual turbines in the course of actual transients often reveal
new effects and phenomena that could not be foreseen from the previous
experience. Finally, any new technological notions and approaches, in-
tended to improve the transients, as well as their improved technological
scenarios, can be put into effect only through the start-up field tests and
subsequent operational practice.

The field tests should be preceded by analyzing the turbine’s de-
sign, the unit’s start-up system, expected operating conditions, operation
and maintenance experience for turbines of similar types, and so on.
Then, the critical design elements of the researched turbine are selected.
The temperature and thermal-stress states of these elements should po-
tentially limit the rate of the turbine transients. For these elements, it is
necessary to find out the most representative indices of their temperature
and thermal-stress states. It is just those objects that are to be modeled
in calculations and investigated in experiments. In particular, such an
analysis is also necessary to choose the scope of special, mainly tem-
perature, measurements for the field tests, as well as the regular ones for
continuous temperature monitoring of the turbine in operation.

If possible, field start-up tests include direct experimental measure-
ments of stresses/strains in some turbine design elements, axial and
radial clearances in the turbine’s steam path, and some other variables
facilitating better comprehension of the transients and possibilities of
their improvement.12

Speaking of information needed for the mathematical modeling and
calculated optimization of the transients, we primarily mean the bound-
ary conditions for heating the critical design elements of the turbine, that
is, changes of the heating steam temperature and heat transfer conditions
for these elements depending on the current operating conditions of the
turbine. Sometimes, intricate geometric shapes of the turbine elements
and/or the absence of reliable data on the heat transfer conditions for
them give no way for calculating temperature fields of the considered
elements with all the details necessary to estimate the unsteady-state
thermal stresses arising in these elements at the transients. In these cases,
the experimental metal temperature measurements should provide a
possibility of shaping these temperature fields, and start-up field tests
should materialize this possibility. With accumulating results of start-
up field tests for steam turbines of different types and generalization of
these data, they can be extended to other turbine types, making it pos-
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sible to reduce the scope of experimental researches for steam turbines
of new types and, ultimately, even reduce them only to verification of
new operation technologies, completely carrying over all the necessary
investigations of the turbine’s temperature and thermally-stressed states
to the stage of calculation researches.

HEAT TRANSFER BOUNDARY CONDITIONS
FOR MAJOR TURBINE DESIGN ELEMENTS

For the HP valve steam-chests, as potential critical elements, their
heating steam temperatures are commonly reckoned amongst the regular
turbine temperature measurements. As a rule, these temperatures are mea-
sured in the stop-valve steam-chests. It is understandable that these tem-
peratures primarily depend on the controlled main steam temperatures at
the boiler exit and are commonly close to them. However, at the transients,
especially start-ups, the considered steam temperatures can significantly
differ from the steam temperatures downstream of the boiler because of
the heat transfer to metal of the main steam-lines. Dynamics of these pro-
cesses can be mathematically modeled with confidence. (This subject is to
be considered below.) If the HP stop and control valves are settled sepa-
rately (not in blocks or combined units), that is, in individual steam-chests
connected to one another with crossover pipes, the steam temperatures in
these steam-chests can also differ at the transients because of heat losses
in the crossover pipes, and this effect should be under consideration, too.

For the HP rotors, or the HP parts of the integrated HP-IP cylin-
der’s rotors, the most dangerous unsteady thermal stresses, with regard
to stress concentrators on the rotor surface, commonly arise in the vicin-
ity of the first stage (the control stage for turbines with nozzle-group con-
trol) and at the inlet of the front gland seal (or the central, intermediate,
seal for the integrated HP-IP and loop-flow HP cylinders). For turbines
with throttle steam admission control, the steam temperature in this zone
can be calculated with a satisfactory accuracy relying on the measured
main steam parameters in the HP valve steam-chests and steam flow
amount through the turbine, which can be estimated via the turbine
load or steam pressure in the HP cylinder. By way of example, Figure
8-1 presents a nomogram generalizing results of such calculations as
applied to the 800-MW supercritical-pressure steam turbine of LMZ (K-
800-240-3) as applied to its operation mode with throttle steam control.
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Such results are obtained by mean of constructing the steam expansion
process in the Mollier diagram (see Figure 2-1); there exist (or can be
developed) special computer programs for such calculations. However,
these calculations take into account only the static steam temperature
drops in the control valves and the first stage, whereas these temperature
drops can be supplemented by very significant dynamic effects because
of the heat transfer to metal of the valve steam-chests and crossover
pipes between the HP valves and cylinder. In addition, the accuracy of
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Figure 8-1. Nomogram for finding steam temperature at the first HP
stage of an 800-MW supercritical-pressure steam turbine of LMZ under
throttle control.
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such steam temperature calculations sharply reduces at low-flow steam
conditions of the turbine. So, for start-up tests of newly designed steam
turbines, even with throttle steam control, it is very advisable to arrange
little-inertial experimental measurements of the steam temperature at the
first HP stage (along with the steam temperature measurements in the
HP valve steam-chests), and this item is to be included in the list of nec-
essary regular temperature measurements for all the turbines in service.

All the more, this also refers to turbines with nozzle-group steam
admission control. For such turbines, the temperature of steam after the
control stage practically cannot be calculated with due accuracy, but a
diagram for static steam temperature drops in the control valves and
control stage depending on the steam flow amount through the turbine
and control valve position can be constructed on the basis of temperature
measurements at start-up field tests and stationary operating conditions
in the process of the turbine’s operation. Such a diagram for a 300-MW
supercritical-pressure turbine is shown in Figure 8-2. If the HP control
valves are connected to the cylinder by crossover pipes, at the transient
the static temperature drops are supplemented with dynamic reduc-
tion of the steam temperature because of heat transfer to the metal of
these pipes with variable shares of the total steam flow amount passing
through the individual control valves and crossover pipes.

Measuring the steam temperature at the first (control) stage can
also be used for estimating the steam temperature at the front/ central
seal inlet with the help of a static correction. As seen from Figure 8-2,
this correction can be taken practically independent of the steam flow
amount through the turbine.

By contrast, similar corrections as applied to the heating steam
temperatures for the IP rotors substantially vary with the steam flow
amount through the turbine (see Figure 8-2), and at the transients this
static temperature reduction should be supplemented with dynamic steam
temperature drops mainly caused by hydraulic resistance of the channels
between the mainstream steam path and rotor surfaces. Experimental
measurements of the steam temperatures in the main steam path and near
the rotor surfaces around the first IP stages of the 800-MW supercritical-
pressure steam turbine of LMZ, as well as results of these measurements
in the start-up process, are presented in Figure 8-3, and results of process-
ing these measurements in the form of static and dynamic corrections
for the temperatures of steam sweeping the rotor, relating to the steam
temperature at the cylinder entrance, are shown in Figure 8-4.
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For the operational purposes, measuring the steam temperature
in the IP steam admission chamber can be replaced with measuring the
steam temperatures in the IP steam admission sleeves. Measuring con-
tinuously the steam temperatures at the IP entrance is absolutely neces-
sary for arranging the continuous temperature monitoring of the IP rotor
(or IP portion of the integrated HP-IP rotor).

Experimental steam temperature measurements similar to those
used at start-up field tests of the 800-MW turbine (see Figure 8-3) were
also arranged in the LP steam path of a 220-MW “nuclear” wet-steam
turbine with welded disc-type LP rotors similar to those employed in
some steam turbines for fossil-fuel power plants—Figure 8-5. Results
of processing these measurements at stationary and transient operating
conditions (Figure 8-6) to a great degree resemble those for the IP steam
path of the 800-MW turbine shown in Figure 8-4.
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Figure 8-3. Experimental measurements of steam temperatures around the first IP stages of an 800-MW su-
percritical-pressure turbine of LMZ during its start-up according to field test data with results of calculating
the IP rotor’s temperature state. Source: G.D. Avrutskii et al.*
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In particular, these results were later used to analyze the tem-
perature and thermal-stress state of the welded LP rotors employed for
steam turbines of fossil-fuel power plants. In this case, the entire neces-
sary preparation of the turbine for start-up tests came to installing one
additional experimental thermocouple for measuring the temperature
of steam in the crossover pipe at the LP cylinder entrance.® In turn,
the steam temperature at the LP entrance can be tied with the steam
temperature at the IP entrance through a static dependence similar to
those for intermediate IP stages—see Figures 8-2 and 8-4a. Characteristic
temperature fields for the LP rotor calculated on the basis of the above
static and dynamic characteristics for the heating steam temperatures are
shown in Figure 8-7.

Unfortunately, the obtained data do not still allow generalizing
and extending them to the IP and LP steam paths of an arbitrary type of
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Figure 8-5. Experimental temperature measurements at the LP cylinder
of a 220-MW wet-steam turbine for investigating the boundary and ini-
tial temperature conditions for its rotor; installation (a) and the head
(b) of a temperature probe for measuring the rotor surface temperature

of the stopped turbine. Source: B.N. Lyudomirskii et al.®

I — steam temperature measurements (numbers from 1 to 15), II — measurements
of the rotor metal surface temperature at the stopped turbine (numbers 16, 17,
and 18).

turbines. It is necessary to accumulate additional experimental data for
steam paths of different steam turbines, as well as to associate these data
with hydrodynamics of steam flowing through the root seals, pressure-
balance holes, and diaphragm seals and sweeping the rotor.

Anyway, with results of start-up tests, the heating steam tempera-
tures for the IP and LP rotors can be referred with due corrections to the
temperature of steam entering the IP cylinder or section. At the same
time, this steam temperature can essentially differ from the reheat steam
temperature after the boiler to be controlled at start-ups. The case in point
is the dynamic steam temperature difference lengthwise of the steam
transfer path because of the heat transfer and accumulation in its metal.
This influence can be very significant. So, for example, for power units
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Figure 8-6. Static depen-
dences of steam tempera-
ture decreases in the LP
cylinder. Source: B.N. Lyu-

domirskii et al.?

Numbering of the tempera-
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conditions, II at start-ups and
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with one-bypass start-up
systems (like shown in
Figure 7-7), at start-up
stages of rolling up and
initial loading the turbine,
the steam temperature at
the IP cylinder entrance
can differ from the re-
heat steam temperature
after the boiler (or, more
exactly, after the outlet at-
temperators) by 100-180°C
(210-350°F). The same ef-
fects, even though in a less
scale, take place for the
reheat steam-lines in the
case of two-bypass start-
up systems, as well as the

¢

150

at

SN -

3
F—L— -8B o

100

50

A
=20

O

°f
=20
g

-7

._v_/A_S’mcg_ dovd-

J-7

a

]
g

o, v
yYoves o/l
.t&VVox 7 x

J-6
—np jo¥ e

o1

CAVAY
y/4
+xx VA
N

00

200MW240

o

=<
AtJ:;- A S O-O-équ.ch&q

.
>~

Atyy VT

._V.Q.)‘Y_oo&\q&w&

~
RS
~

Y

AL, 5 v— _,4_‘,0_. —oRav o v R

main steam-lines and HP crossover pipes.

Special methodological investigations showed that the considered
steam transfer path, with several pipes and all their valves, can be
treated as a single equivalent steam-line. In doing so, such factors as the
heat flux lengthwise of the pipe walls because of thermal conduction of
metal, heat losses outwards through the thermal insulation, transport
delay, and dynamics of heating the steam-line wall across its thickness
can be neglected as of secondary importance. Then, the dynamics of the
temperature processes in such an equivalent steam-line can be character-
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ized by only two generalized parameters.!® They are:

the time constant of the steam-line as a thermal capacity

T _ c,;M
¢ oG (8.1)

and dimensionless length of the equivalent steam-line

£ ayF
G’ (82)

Here, M and F are the metal mass of the equivalent steam-line
and area of its inner heat transfer surface; G is the variable steam flow
amount; c,; and ¢, are the specific heat capacity of steam and metal,
respectively, and a is the heat transfer coefficient from steam to metal
averaged along the surface F.

Factor 1 in (8.2) approximately takes into account the temperature
unevenness across the steam-line wall thickness. It represents the ratio
of the temperature difference between the heating steam and heated
surface to the difference between the heating steam temperature and
average wall metal temperature. Generally, it depends on the Biot and
Fourier number values: \ = v (Bi, Fo). However, for practical aims, it can
be taken as ¢y = 1/(1+0.35Bi), where the Biot number is determined using
the steam-line wall thickness: Bi = ad/\,,,.

For each specific steam transfer path, the values of T. and & are
almost completely determined by the steam flow amount (Figure 8-8).
Sometimes, especially for HP crossover pipes, it can be advisable to cor-
rect these characteristics for the steam pressure, influencing the specific
heat capacity of steam, c,;. For reheat steam-lines, steam pressure is al-
ready taken into account automatically, because it is in proportion to the
steam flow amount.

With the taken assumptions, dynamics of the steam temperature
changes at the steam-line exit, t,” referring to the inlet steam tempera-
ture, tstlr providing with G = const, is characterized by a transcendent
transfer function:

L(t,
o= i) - -25c)

L(ty) (8.3)
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As calculations prompt, for characteristic ranges of varying the T,
and E values, this function can be substituted for a more convenient and
simple rational transfer function

1 +TdS

WO =Tits (84)

where
T,=T./(1-e%and T;=TeS/(1-¢%) =Tets (85)

The use of the transfer function (8.4) together with the dependences
similar to those shown in Figure 8-8 opens the opportunity to obtain the
helpful approximate characteristics of the steam temperature changes at
the steam transfer path exit, ", as applied to some important laws of
the steam temperature changes at the steam path inlet,

e atjump-like changes of t,, referring to the initial metal temperature

T =1 xk(&) x exp [£k(&)n], (.6)

where k(€) =1 - exp(-§) and n =t/ T
e at harmonic oscillations of ¢,/ with the frequency w and amplitude
Aty

k*(€) + ex202T2
At” = Aty \ TR +w?T2 8.7)

o and at linear changes of tst’ in time with the rate W, (at t >3 T):

ty —ty =WT. (8.8)
Heat transfer conditions for steam-lines and characteristic surfaces
of turbine rotors can be obtained with due confidence using empirical
dimensionless, criterion equations based on bench tests with static and
rotating models. Such equations for the most characteristic cases are
cited in some monographs on steam turbines.}289 So the heat transfer
coefficients, a, for steam-lines can be found from the criterion equation
for turbulent flow of liquids and gases in tubes, with the Reynolds num-
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Figure 8-8. Dependences on the steam flow amount for heating-up
characteristics of the main and reheat steam-lines of Soviet super-
critical-pressure steam-turbine units. Source: A.Sh. Leizerovich and A.D.
Melamed”

1 - main steam-lines of 300 MW single-furnace steam-turbine units, 2 - the same
for 300-MW twin-furnace units, 3 - the same for 800-MW units, 4 - hot reheat
steam-lines of 300-MW single-furnace units, 5 - the same for 300-MW twin-fur-
nace units, 6 - the same for 800-MW units with two reheat steam-lines, 7 - the
same for 800-MW units with four reheat steam-lines.

ber, Re, over 5x103:

Nu = 0.023xRe%8xPr043xC,, (8.9)



Experimental Researches of Turbine Transients 229

where the Reynolds and Nusselt numbers are counted relying on the
inner diameter of the tube and the average fluid flow velocity, and the
length coefficient, C;, for steam-lines can be taken equal to 1.0. Results
of such calculations for steam-lines can be presented as functions of the
steam flow amount like those in Figure 8-8.

As to the rotors, at the rolling-up stage, the heat transfer conditions
for different surfaces can be presented in the form of dependencies upon
the rotation speed, which can be corrected for the steam pressure if it var-
ies independently of the rotation speed. Characteristic surfaces for turbine
rotors are the labyrinth seals of diverse types, smooth cylindrical surfaces
in free space or across another (fixed) cylindrical surface, side disc surfaces
in free space or across the fixed wall, end-walls of the rotating blade rows,
and so on. When the turbine is operating under load (with the invari-
able rotation speed), of significance is that for each surface and specific
case (geometric dimensions, rotation speed, and so on) the results of heat
transfer calculations can be approximated in the form of dependencies on
the current pressure of the heated steam. In doing so, this value character-
izes not only the steam density and viscosity, but also, if necessary (for
example, as applied to the gland seals), the steam flow amount and hence
the forced steam velocity relative to the rotor surface. The influence of
steam temperature variations is commonly of the second importance.

The example of such approximations for “critical” sections of the
HP and IP rotors, where the largest unsteady-state thermal stresses are
expected at turbine start-ups, is presented in Figure 8-9. Usage of such
static dependencies on the turbine operating conditions, as well as the
above mentioned static and dynamic dependencies for the heating steam
temperatures, makes it possible to calculate the metal temperature fields
of the rotors like those in Figure 8-7.

For welded turbine rotors with great internal cavities (as in Fig-
ure 8-7, as well as for rotors shown in Figures 2-5b, 3-5a, and 3-16), of
importance is a problem of setting the proper boundary conditions at
their surfaces. The medium (air or residual gas left after welding) that
is locked within these cavities, being heated at the cavity periphery, is
forced out by heavier cold gas and moves toward the rotor axes, where
it transfers its heat to the metal of the rotor’s colder central part, thus
reducing in this way the radial temperature differences in the rotor. This
thermal convection process takes place in the field of artificial gravity
under action of centrifugal forces. For high-speed turbine rotors with the
rotation speed of 3,000 rpm or 3,600 rpm and the outer diameter of the



230 Steam Turbines for Modern Fossil-Fuel Power Plants

@ WHm™x°C)
400°C
450
500°C
AN
21
@) %
anb
Figure 8-9. Approxima- -1 ///
tion of calculated depen-
dences for heat transfer
coefficients (a) and heat-
ing steam pressure (b) g \ 100 200 N MW
for the HP rotor in the 4 1
~J Z
central seal zone (1) \
. . (b) 8 = z
and IP rotor in the dia- V \}
phragm seal of the 2nd 12 ; \\\ 3
stage (2) for 300-MW \
eye 16
supercritical-pressure i \p",
steam turbines of LMZ. MPd Mo

internal cavity of approximately 1 m (40 in), which is quite typical for
such turbines, the centrifugal acceleration at the periphery is more than
6x103 ¢. Some preliminary assessments showed that the heat transfer
with thermal convection in the field of centrifugal forces can significantly
influence the dynamics of heating the rotor, and with regard to this ef-
fect the temperature difference along the rotor radius could noticeably
decrease, but this phenomenon needed further studies.

Solution of the problem for free convection in internal rotor cavities
is seriously hindered by several circumstances: 1) the temperature dis-
tribution at the cavity boundaries varies and is itself determined by the
heat transfer conditions in the cavity, which makes necessary to solve a
conjugate non-stationary two-dimensional problem of free convection in
the cavity coupled with thermal conduction in the adjacent rotor body;
2) the high acceleration of centrifugal forces in the rotor cavities corre-
sponds to the Rayleigh number (Ra) values beyond the range for which
experimental and theoretical investigations have been ever conducted,
and 3) the acceleration of centrifugal forces changes significantly over
the cavity height. The considered problem was subjected to thorough
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analysis with the use of specially developed mathematical models.10 The
calculations showed that, if the Rayleigh number values characterizing
free convection within the rotor’s cavity do not exceed 1019, the influence
of the considered effect can be neglected, and the heat fluxes on the cav-
ity surfaces can be accepted equal to zero. At the same time, if the free
convection within the rotor cavity is artificially intensified (for example,
by means of filling the cavity by special gas or compressed air), it can
significantly influence the rotor’s temperature fields.

Contrary to the steam-lines and turbine rotors, with their pretty
definite patterns of the steam flow relating to the heated surfaces, for
the valve steam-chests and cylinder casings, their steam flow patterns
are much more variable and intricate, less studied and need special ex-
perimental researches at start-up field tests. Our knowledge of the heat
transfer conditions for the stator turbine elements mainly comes from
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Figure 8-10. Assessing the heat transfer conditions for the loop-flow
HP cylinder’s intercasing space of a 300-MW supercritical-pressure
steam turbine of LMZ based on the steam and metal temperature re-
cords during start-up. Source: A.Sh. Leizerovich and E.R. Plotkin!3

t; — heating steam temperature, t, — metal temperature of the outer casing’s wall
near the heated surface (at the depth of 7 mm), t; — metal temperature on the
wall’s external insulated surface. Different symbols for the heat transfer coeffi-
cients, o, designate results of calculations by different methods.
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assessments based on temperature measurements of the heating steam
and heated metal.l-211-13 Figure 8-10 presents some results of calculating
the heat transfer conditions for the intercasing space of the loop-flow
HP cylinder (like that of a 800-MW turbine shown in Figure 2-4a) of a
300-MW supercritical-pressure turbine based on the measured steam and
metal temperature changes in the process of a cold start-up.

Accumulation of such experimental data opens a possibility of
constructing empirical criterion equations for most characteristic design
solutions. So, for example, on the basis of processing results of special
experimental temperature measurements at start-up field tests of differ-
ent-type steam turbines, E.R. Plotkin described the heat transfer condi-
tions on the internal surfaces of the HP valve steam-chests with the side
steam admission by an empirical expression:

Nu = 0.046xRe0-8xPr0-43, (8.10)

with the dispersion of processing not exceeding 20-25%. Here, the in-
let sleeve diameter and steam velocity in the sleeve were taken as a
characteristic size and velocity to calculate the Nusselt and Reynolds
numbers.

In the same way, processing special experimental temperature mea-
surements at start-up field tests of three different-type steam turbines
(200-MW subcritical-pressure turbine K-200-130, 300-MW supercritical-
pressure turbine K-300-240, and 500-MW half—speed wet-steam turbine
K-500-60/1500) allows us to obtain a general criterion equation for heat
transfer conditions in the IP steam admission chambers with tangential
steam inlet in the same traditional form of

Nu = 0.021xRe0-8xPr0-43, (8.11)

where the Reynolds and Nusselt numbers are calculated on the basis of
the conventional circular steam velocity in the chamber and its cross-
section’s equivalent diameter.313

Along with this, in many cases there do not exist any criterion
equations that can be used for estimating the heat transfer conditions
for steam turbine stator elements, especially for turbine casings. Then,
there is no other way to get such knowledge but start-up field tests. Fig-
ure 8-11 shows results of calculating the heat transfer conditions on the
basis of experimental temperature measurements for the loop-flow HP
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Figure 8-11. Variation with the turbine load of the heat transfer con-
ditions in the intercasing space of the loop-flow HP cylinder (a) and
the steam extraction chamber of the IP cylinder (b) of the 300-MW
supercritical-pressure steam turbine of LMZ. Source: A.Sh. Leizerovich
and E.R. Plotkin'3

1-3 — experimental data based on temperature measurements of start-up field
tests at different operating conditions (2 — with the HP feedwater heaters con-
nected for steam and 3 — with the HP feedwater heaters shut off), 4 — calculated
data using the criterion equation based on bench test results®.

cylinder’s outer casing and the third steam extraction chamber of the IP
cylinder of a 300-MW supercritical-pressure turbine of LMZ (see Figure
12-15). Similar data were obtained in the process of start-up field tests
for 200-MW subcritical-pressure turbines!:1112 and, then, for 800-MW
supercritical-pressure turbine. It is very instructive that the experimental
heat transfer condition data for the intercasing space of the loop-flow HP
cylinder (Figure 3-4a) are 1.5-3 times higher than those calculated with
the help of the empiric criterion equation based on the data of bench
tests.8 This can indicate the presence of factors not taken into account
in the used physical model—for instance, twisting the steam flow at the
intercasing space inlet, after the inner casing’s last stage. Corroboration
of those data by results of some start-up field tests!* does not seem very
convincing because of shortcomings in arranging those researches.
Unfortunately, all the existent data on heat transfer for turbine cas-
ings are not still sufficient for their generalizing, and new experimental
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researches are needed at start-up field test of diverse turbines. Therewith,
in doing so, it is vital to observe accurately all the requirements guaran-
teeing the reliability of the gotten results. Of special interest would be
the heat transfer conditions for the intercasing space of the integrated
HP-IP cylinders of different types (see Figures 3-13—3-15). Presently,
such data are practically absent that does not make it possible to cal-
culate accurately their temperature fields. It should be supplemented
that for some intercasing chambers of such cylinders without a forced
steam flow it is also difficult to set definitely the dependency between
the steam temperatures in the mainstream and within the chamber. All
these circumstances need thorough investigations.

METAL TEMPERATURE FIELDS FOR
TURBINE DESIGN ELEMENTS

Along with temperature measurements intended for exploring the
boundary conditions of heating the turbine’s major design elements, of
importance are direct measurements of metal temperatures for these
elements—outer and inner casings, valve steam-chests, and, if possible,
rotors. By way of illustration, a stationary temperature field in the steam
admission sleeve of the HP cylinder’s outer casing for the 300-MW su-
percritical-pressure turbine of LMZ, built on the basis of experimental
metal temperature measurements, is shown in Figure 8-12; the main pur-
pose of these measurements was to confirm the effectiveness of shielding
the outer surface against the high-temperature steam entering the cylin-
der. Many design solutions intended to improve the turbine reliability,
decrease the level of the maximum metal temperatures and thermal
stresses can be approved only relying on results of such experimental
metal temperature measurements.

If the metal temperature measurements are aimed at estimating the
thermal-stress state of the turbine elements, the measurements should cor-
respond with the assumed scheme of the acting factors and provide suf-
ficiently complete temperature fields for calculating thermal stresses with
regard to these factors. So, for example, Figure 8-13 suggests a principle
scheme of acting forces and bending moments for estimating the thermal-
stress state of an HP stop-valve steam-chest beneath the flange joint, where
the thermal fatigue cracks were revealed, and results of such estimations
on the basis of the measured metal temperatures in the steam-chest, its
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Figure 8-12. Stationary temperature
§39°0 field for the steam admission zone
of an HP cylinder of a 300-MW su-
T |%41°C percritical-pressure steam turbine
of LMZ according to experimental
520°0 data of start-up field test. Source: A.P.
526% Ogurtsov and V.K. Ryzhkoov!®

o 1 — steam admission sleeve, 2 — thermal
2, shield, 3 - outer casing.

flange cover, and stud bolts.

For estimating thermal stresses
in the walls and flanges of cylinder
casings, it is not sufficient to know
the maximum temperature differenc-
es across the wall thickness and the
flange width and between the flange
and bolts—it is also necessary to take
into consideration the circumferen-
tial temperature differences between
the wall and flanges, as well as the
wseo o L_| axial temperature unevenness, espe-

cially in the cases of cylinders with a
small distance between the chambers swept by steam with substantially
different temperature and heat transfer conditions (as, for example, the
IP steam admission and exhaust chambers and the intercasing space
between the outer and inner casings of the HP-IP cylinders).

The measured metal temperature fields can be also employed to
verify the used mathematical models and calculation schemes. An ex-
ample of such a comparison as applied to the HP rotor of a 300-MW
supercritical-pressure turbine of LMZ is shown in Figure 8-14a. Results
of such direct thermometry of this rotor at start-ups were also employed
for verification of simplified calculation schemes and assumptions used
at construction first computing devices for continuous temperature
monitoring of high-temperature turbine rotors.1-316

Likewise, metal temperature measurements in the casing’s flange
joints of the HP cylinders of wet-steam turbines for nuclear power plants
were used for verification of calculation schemes developed for math-
ematical modeling of their heating up at start-ups,>17 and so on.
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Figure 8-13. Scheme of acting forces and bending moments for estimating the thermal-stress
state of an HP stop-valve steam-chest based on an engineering approach (a) and results of such
estimations for an actual metal temperature field (b).

1 - stresses on the external surface of the steam-chest wall taken as a hollow cylinder with one-dimensional
temperature field, 2 and 3 — tangential and axial stresses with regard to the actual geometric form and two-
dimensional temperature field, 4 — axial stresses with accounting the influence of stud-bolts.
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Figure 8-14. Temperature
field of the HP rotor un-
der the rated operating
conditions (a) and cool-
ing-down characteristics
for the HP cylinder (b) of
a 300-MW supercritical-
pressure steam turbine of
LMZ according to experi-
mental measurements.
Source: After A.P. Ogurtsov
and V.K. Ryzhkoov!®
Figures in brackets corre-
sponds to the calculated
metal temperatures; 1 and 2
- the surface of the rotor’s
the axial boring and the bot-
tom of the outer casing, in
the steam admission section,
3 and 4 - the surface of the
rotor’s the axial boring and
the outer casing, in the sec-
tion of the sixth stage.
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COOLING DOWN CHARACTERISTICS OF THE TURBINE

One of the simplest but, at the same time, very important aims of
the start-up field tests is comprehension of the turbine’s cooling down
characteristics. As far as the start-up duration depends on the initial (pre-
start) temperature state of the turbine, the rate with which the stopped
turbine cools down during the outage occurs among the most influential
factors determining the turbine’s flexibility. Not only the metal tempera-
tures of the HP and IP cylinders are significant in themselves, but of im-
portance are also the disagreements between the cooling down rates of
different turbine components and steam-lines. To the greatest extent, this
refers, first, to the HP cylinder, valve steam-chest, and crossover pipes (if
exist) and, second, the IP cylinder and hot reheat steam-lines.

In theory, for a solid body of a simple form and uniform initial
temperature state, its cooling down process can be described by an ex-
ponential equation:

tm = ta + (tmin - 1) X exp(-t/K), (8.12)

where f is the ambient temperature, assumed to be invariable, and ¢,
and t ;, are the current (for the time instant Tt after beginning of the
cooling process) and initial (for T = 0) values of the considered metal
temperature. Here, K and m = 1/K are conventionally called the cooling
time constant and cooling-down constant. Their values depend on the
body’s mass heat capacity, ratio of its mass and heat transfer area, and
thermal insulation quality.

The cooling-down constant m can be found by processing results of
measuring the considered metal temperature for two time instants of the
cooling process, T; and T,:

7n=bn?4’”‘5]/ﬁQ_fﬂ

mlT2) =1, (8.13)

Practically, this can be done even easier by presenting graphically
the curve of the decrease with time for the value of

0=(t, — )/ (b i — L) (8.14)

in semi-logarithmic coordinates. In this case, the cooling-down curve
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turns into the straight line, and the value of m can be counted as the
tangent of its incline. Such a cooling-down process is called regular.

In reality, because the shapes of turbine components are compli-
cated, their metal temperature fields in the operation process are not
uniform, and in the cooling-down process there takes place heat transfer
by thermal conduction between different parts of the turbine elements
and adjoined steam-lines, the actual cooling-down processes are not
regular. This is especially noticeable for thick-wall outer casings with
steam admission in the central part. Nevertheless, after a certain initial
period of regularization, whose duration can last up to 20-30 hours, the
process becomes nearly regular, which makes it possible to find the cool-
ing-down constants for major turbine components and steam-lines. This
can (and must) be done even with the use of regular metal temperature
measurements, without resorting to special experimental measurements,
Figure 8-15. Such cooling-down characteristics should be recorded and
analyzed periodically (not rarer than yearly) to reveal possible undesir-
able changes in the quality of thermal insulation for individual turbine
components.

According to data of operation practice and field tests at numerous
power plants with diverse steam turbines, it became possible to estimate
the average figures of the cooling-down constants for major turbine
design components of different types, as well as steam-lines. Such data
are combined in Table 8-1. If the specific cooling-down characteristics of
certain components or steam-lines for the considered turbine in service
significantly differ in their constants from the average values to the
worse (that is, the cooling-down constants are too large or the cooling
time constants are too small), this should be a serious reason to improve
the quality of thermal insulation for such turbine components or steam-
lines, cooling down too fast. Otherwise, the start-up duration can occur
to be unduly great and, as a rule, the start-up operation technology can
be needlessly complicated because of too uneven initial temperature
states for individual components and steam-lines. What is more, as it is
noted in the European Technology Development’s Report, “Poor [ther-
mal] insulation can have unforeseen effects.”18

Another sign of insufficient quality of thermal insulation for high-
temperature (HP and IP or HP-IP) cylinders can be increased tempera-
ture differences between the upper and lower halves of the outer cas-
ings—temperature differences “top-bottom,” At,,. As a rule, the casing
cover occurs to have a higher metal temperature, entailing thermal bend
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Figure 8-15. Cooling-down characteristics in natural (a) and semi-loga-
rithmic (b) coordinates for major turbine components and steam-lines
of a 300-MW supercritical-pressure steam turbine of LMZ. Source: E.R.
Plotkin and A.Sh. Leyzerovich!

Measured HP metal temperatures: 1 - outer casing of the cylinder in the central
(steam admission) zone, 2 and 3 - main steam-lines near the tee-joint to the
turbine bypass and at the mid-length, respectively, 4 - stop-valve steam-chest, 5
- crossover pipe downstream of the control valve; measured IP metal tempera-
tures: 6 - outer casing of the cylinder in the front (steam admission) zone, 7 and
8 - hot reheat steam-line at the mid-length and after the boiler (near the start-up
attemperator), respectively.
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Table 8-1. Average cooling-down constants for major turbine compo-

nents of different types.

Turbine components and steam-lines

Cooling-down Time Constants
(K, in hours)/Cooling—down
Constants (m, in h1)

Main steam-lines
of subcritical steam pressure
of supercritical steam pressure
Hot reheat steam-lines
HP valve steam-chests
for individually settled valves
for combined units
HP crossover pipes

30 - 50/0.029 - 0.02
60 — 80/0.017 — 0.0125
40 — 80/0.025 — 0.0125

35-60/0.029 - 0.017
60 —90/0.017 - 0.011
20 — 35/0.05 - 0.029

90 — 110/0.011 - 0.009
100 - 140/0.01 - 0.007
120 - 160/0.008 — 0.006
110 — 150/0.009 — 0.0065

Single-flow HP cylinder’s outer casing
Double-flow HP cylinder’s outer casing
Integrated HP-IP cylinder’s outer casing
Double-flow IP cylinder’s outer casing

of the casing upward, which is often named “cat’s back.” It results in a
decrease of the lower radial clearances and increase of the upper ones in
the steam path between the rotor and stator elements. Naturally, these
variations are largest near the cylinder middle, where the casing sag is
maximal. Its value can be approximately estimated as

2

(Sz&XA—tt_b,

8D (8.15)

where L is the distance between the casing supports (its paws); D is the
average diameter of the casing, and Et—b is the top-bottom temperature
difference averaged lengthwise of the casing. It can be said that each
10°C of the top-bottom temperature difference cause the casing sag
estimated as approximately 0.08-0.13 mm depending upon the casing
design, which corresponds to 1.8-2.8 mil per each 10°F.1

More often than not, insufficient quality of thermal insulation is
caused not by insufficient thickness of insulation, but rather its low in-
tegrity and poor adhesion to the metal surface, especially in the bottom
part. This results in air cavities between the insulation and the metal
surface and inside the insulation body, between its layers. Heat fluxes
with thermal convection in these cavities make the thermal insulation
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quality remarkably worse. For turbine casings and valve steam-chests,
their cooling-down characteristics can be also significantly affected by
insufficient thermal insulation of the adjoined steam-lines and pipes (for
example, crossover pipes, steam extraction steam-lines, pipes for sealing
steam, and some others), as well as heat fluxes toward non-insulated
parts, as, for example, casing paws, valve servomotors, and so on.
Existent methodologies and special computer programs allow cal-
culating the cooling-down characteristics for high-temperature (HP and
IP) cylinders, steam-chests, and steam-lines with quite satisfactory accu-
racy provided their thermal insulation and hence heat fluxes outwards
through it are modeled properly. Results of such calculations for steam
turbines of different types occur in quite satisfactory correlation with
data of metal temperature measurements at actual steam turbines in the
process of their cooling, as shown, for example, in Figure 8-16.
According to some widespread recommendations,?!? while calcu-
lating cooling-down processes for high-temperature cylinders, steam-
chests, and steam-lines, any heat transfer within the internal chambers
of these elements can be neglected. As to high-temperature (HP and
IP) rotors, their cooling is considered to be mostly conditioned by the
axial heat fluxes with thermal conduction to the end seals and bearings,
whereas heat transfer between the rotors and cylinder casings, casing

Figure 8-16. Cooling- t,°0
down characteristic of o -/
the HP cylinder for a 500- o-4

7 [y
MW supercritical-pres- a M

sure steam turbine of
Turboatom, according to
calculated and experi-
mental data. Source: V.M.
Kapinos et al.1?

Calculated data: 1 - inner cas-
ing’s wall, 2 - outer casing’s Jog
wall, 3 - rotor, 4 - maximum
temperature along the rotor’s

axial bore, 5 - outer casing’s

flange; experimental data:

I - inner casing’s wall, II - 200
outer casing’s wall, III - outer

casing’s flange.

400
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rings, diaphragms, and so on can be ignored.

In practice, metal temperatures measurements for the outer casings
of the HP and IP cylinders in the cooling-down process can be taken as
an approximate notion of the temperature state of their rotors. This can
be concluded relying on results of calculations, as well as special field
tests with experimental thermometry of the rotors. The number of such
field tests for large power steam turbines at power plants in service ex-
ecuted worldwide by turbine producers and research institutions can be
counted on fingers, so these results are especially important. By example,
Figure 8-14b presents the data of such measurements for the HP rotor of
a 300-MW supercritical-pressure steam turbine (K-300-240) of LMZ.

For some modern large steam turbines with solid or welded LP ro-
tors, especially for turbines with the elevated reheat steam temperature
and integrated HP-IP cylinder with a rather short IP section, and, as a
result, a pretty high temperature of steam entering the LP cylinders, the
LP rotors can happen to be among the critical (most thermally stressed)
turbine components, and it is extremely advisable to monitor their tem-
perature state during start-ups to prevent these rotors from excessive
combined thermal and centrifugal tensile stresses.

As well as for the HP and IP rotors, continuous temperature monitor-
ing for the LP rotors can be arranged based on mathematical modeling of
their heating-up. However, this requires knowledge of the initial, pre-start
temperature state of the rotors. As distinct from the high-temperature (HP
and IP) rotors, in this case it is impossible to count on measuring metal
temperatures of the cylinder’s outer casing—the casing and rotor too dif-
fer in both their masses and thermal conduction and heat transfer condi-
tions. It is sufficient to recall that the outer casings of the LP cylinders
welded from thin metal sheets are not thermally insulated at all. So the
only possibility to estimate the pre-start thermal state of the LP rotors is
the mathematical modeling of not only their heating-up, but their cooling-
down, too, with the use of some simplified models. Their trustworthiness
should be confirmed by experimental data of temperature measurements
at actual turbines under actual operational conditions, but until relatively
recent years such data had been absent at all.

Unique temperature measurements of the LP rotor metal tempera-
tures during the turbine outages were fulfilled at a 220-MW wet-steam
turbine of Turboatom at the Kola nuclear power plant—see Figure 8-5.
The LP rotors of these turbines are similar to those employed for many
large steam turbines of fossil-fuel power plants. Comparison of the got-
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ten experimental data for the metal temperatures of such rotors in the
cooling-down process with calculation data showed that for the LP ro-
tors, as distinct from the HP and IP ones, it is absolutely necessary to
take into account the heat removal from the rotor surfaces caused by
natural convection within the casing, above the condenser space. Oth-
erwise, the calculated cooling curves will lie perceptibly higher than the
true, experimental, ones. This especially significant for LP rotors welded
of relatively thin discs, for which the heat fluxes with thermal conduc-
tion through thin cylindrical crosspieces between discs do not play such
an important role. With due regard to the heat convection processes in
the cylinder’s intercasing space, the calculated data well correlate to the
experimental data—Figure 8-17, and that makes it possible to set the
cooling-down time constants for the LP rotors based on calculations.
Such calculation data for the welded LP rotors of two different types are
presented in Figure 8-18. It is understandable that the same approach
should be applied to forged LP rotors as well, even though for them
the heat transfer by thermal conduction to the end seals and bearings is
more influential than it does for welded LP rotors.
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Chapter 9

Start-up Technologies as
Applied to Different
Start-up Systems

PRE-START WARMING AND ROLLING UP OF THE TURBINE

Pre-start warming of the main steam-lines commences as soon as
the boiler is ignited, begins producing superheated steam, and the tem-
perature of steam at the boiler’s exit reaches the steam-line metal tem-
perature. The generated steam is discharged through the HP bypass into
either the cold reheat steam-lines (for units equipped with two-bypass
start-up systems) or the condenser (with one-bypass start-up systems). It
is a gold rule of thumb that the bypass should be connected to the main
steam-lines as close as possible to the turbine’s HP valves to involve the
entire length of the main steam-lines into the pre-start warming by the
entire steam flow produced by the boiler. However this simple rule is not
always fulfilled in a reality, which makes the preheating of the steam-
lines butt-ends less effective and requiring more time.

Traditionally, the stage of pre-start warming of the main and reheat
steam-lines, HP valve steam-chests, and HP crossover pipes is definitely
separated from the subsequent start-up stage of rolling up the turbine.
The former is conducted with the closed control valves, and if in the
course of this stage the turbine rotation speed spontaneously increases
(because the control valves occur somewhat leaky), this increase is con-
sidered undesirable and is strictly limited. According to more recent ap-
proaches, such separation of these two stages has become less definite,
and the pre-start warming stage often merges with the beginning of the
rolling up, even though in this case the turbine speed can be controlled
only indirectly and roughly—mainly by means of varying the turbine
backpressure in the condenser.

According to traditional approaches, if the power units is equipped
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with the main steam valves (MSVs) upstream of the HP stop valves (see,
for example, Figures 7-6 and 7-7), the MSVs are opened as soon as the
main steam-lines are heated up to the metal temperature of the HP stop-
valve steam-chests, and then the HP valve steam-chests, as well as the
crossover pipes between the stop and control valves (if exist), are heated
together with the main steam-lines. In doing so, the HP stop valves are
opened, whereas the HP control valves remain closed, and their steam-
chests are heated only up to their saddles.

Often, the operational personnel begin heating the HP valves with
some delay, when the steam pressure after the boiler is quite high. In this
case, if the MSVs are opened at once and the initial metal temperature of
the heated surfaces is lower than the saturation temperature correspond-
ing to the steam pressure after the MSVs, the pre-start warming goes with
condensation of the heating steam, that is, with very intense heat trans-
fer conditions. In this case, the valve steam-chests and crossover pipes
undergo a temperature shock, and the arising temperature differences
across the thickness of the heated elements reach practically the differ-
ences between the saturation temperature and initial metal temperatures.
This is especially typical for power units with once-through boilers fea-
turing relatively high initial steam pressure even at cold start-ups. The
resulted thermal stresses in the valve steam-chests and crossover pipes
attain remarkable values. By contrast, the subsequent warming (over the
saturation temperature) goes very slowly with the heat transfer condi-
tions determined by steam flow amounts through the drainage lines of
the main steam-lines downstream of the tee-joint to the HP bypass and
crossover pipes between the HP stop and control valves.

In addition, because the control valves are not absolutely tight, the
pre-start warming of their steam-chests is often accompanied with chill-
ing their sleeves after the saddle. In particular, this process is obviously
seen in the diagram of Figure 9-1. This phenomenon is caused by accu-
mulation of the heating-steam condensate over the saddle and pressing
it through the valve by steam pressure. Because the space after the valve
is under vacuum, the leaking condensate rapidly evaporates and cools
the metal down to the low saturation temperature. Earlier similar phe-
nomena were repeatedly recorded at steam turbines of different types.l2
Such a deep cooling downstream of the HP control-valve saddles causes
high thermal stresses in the valve steam-chests and their sleeves, how-
ever these events usually remain unnoticeable for the operation person-
nel because of the absence of regular metal temperature measurements at
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the control-valve sleeves downstream of the saddle. In many cases, these
temperature differences and resulted thermal stresses should be accepted
responsible for cracks revealed at the control-valve steam-chests just in
the region of their saddles and exit sleeves. Luckily, such phenomena are
not characteristic for turbines with the combined stop-and-control HP
valve units placed in the horizontal plane (see, for example, Figures 2-8,
2-10, 3-5b, and 3-8).

Some undesirable events associated with pre-start warming of the
HP valve steam-chests can be eliminated if these steam-chests are heated
together with the main steam-lines and the MSVs are opened from the
very beginning. However, this is acceptable only if the initial, pre-start
metal temperatures of the main steam-lines and valve steam-chests are
close. In particular, this condition was provided for standard Soviet su-
percritical-pressure power units with improved thermal insulation of the
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main steam-lines (see Figure 8-15). As a result, for these units the MSVs
have been used permanently open and closed only for repairs of the boil-
er or turbine components. In this case, the stop-valves are opened with
the closed control valves immediately, as soon as the boiler is ignited and
superheated steam enters the main steam-lines. Nevertheless, in this case
there retains a danger of the above mentioned chilling downstream of
the control-valves saddles. In addition, if the HP valve steam-chests are
located separately from the HP cylinder and connected with it by cross-
over pipes, the latter ones should be also preheated, which demands for
some additional technological operations.

Many problems can be resolved if the pre-start warming of the
main steam-lines, HP valve steam-chests, and crossover pipes is con-
ducted with open HP both stop and control valves and closed IP valves
and the permission to increase partially the turbine’s rotation speed.
Therewith, the heating steam from the HP cylinder can be discharged
into the IP cylinder through the special blowing-down line, which makes
it possible to preheat additionally the HP and IP rotors at cold start-ups
to the level above the fracture appearance transition temperature (FATT)
to prevent possible brittle fracture of the rotors under the combined ac-
tion of centrifugal and thermal stresses. In particular, this technology
was worked up and implemented at the Israeli power plant Eshkol with
four 228-MW reaction-type subcritical-pressure steam turbines.3

Each turbine consists of separate single-flow HP and IP cylinders
and one double-flow LP cylinder. Both the HP and IP cylinders are of a
double-casing design with additional nozzle boxes in the HP cylinder.
All three rotors (HP, IP, and LP) are made forged with central bores.
The turbine has two HP valve units, each one comprising one stop
valve and two control valves. Each pair of control valves is disposed in
series within a common steam-chest, that is, a steam chamber after the
stop valve,—see the sketch in Figure 9-1. Leaving the control valves, the
steam passes to the HP cylinder through the crossover pipes. Because of
cracks revealed in the control-valve steam-chests, the turbine producer
required preheating them at cold and warm start-ups for an hour with
the opened stop valves and closed control valves. Then, the HP cylinder
is to be preheated if its pre-start metal temperature is lower than 200°C
(390°F). This process runs with open HP valves and closed IP valves.
The IP cylinder is preheated in parallel by steam taken from the HP
cylinder’s intercasing space. This procedure is ordered to last at least six
hours, but in reality it usually takes about nine hours. Such great time
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expenses are tied with limits set by the turbine producer and presented
in Table 9-1.

Table 9-1. Pre-start warming limits as applied to the Eshkol power
plant’s 228-MW turbines

Parameters Original Limitations
of the Turbine’s OEM  New Limitations

Steam pressure at the HP

control stage, bar <5-6 <18 -20
Rotation speed, rpm < 200 < 800
Condenser backpressure, mm Hg <150 < 300

Resultant pre-start warming
duration, hours =6 <25

Source: E. Plotkin et al.3

Analysis of these processes allowed improving substantially this
technology and making the pre-start procedure much shorter and more
effective. At the beginning stage, the warming process of the HP cylin-
der goes quite intensely with condensation of the heating steam on the
heated surfaces, and the measured metal temperatures closely follow
the saturation temperature corresponding to the steam pressure in the
cylinder. When the heating steam pressure reaches its final value or if the
initial metal temperature exceeds the saturation temperature, the subse-
quent heating process sharply slows down because of a rather stagnant
heat transfer by convection. This is especially characteristic for the HP
outer casing because of low steam velocities in the intercasing space.
With the limited rotation speed, it is practically impossible to raise the
metal temperature of the HP outer casing over 220°C (428°F). To warm
up the HP cylinder to a higher temperature level, it was advised to in-
crease the steam pressure in the HP cylinder, even if this causes some
increase of the rotation speed. However, this process can be accompanied
with a rapid growth of the HP relative rotor expansion (RRE). Keeping
this in mind, the steam pressure rise in the cylinder was limited by the
value of approximately 2 MPa (290 psi). In this case, the metal tempera-
ture of the HP outer casing grows to about 200°C (390°F) in about half an
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hour after attaining the final pressure and then gradually rises due to the
convection heat transfer process. The rate of raising the steam pressure
in the HP cylinder is set depending on its initial metal temperature. A
higher steam pressure level in the HP cylinder increases the steam flow
amount and heat transfer intensity for the both the HP and IP cylinders.
As a result, the metal temperatures of the IP casings reach the aimed
final value about 140°C (285°F). Limitation of the rotation speed increase
is provided by an increase of the condenser backpressure.

As applied to the considered turbines, it is sufficient to keep the
condenser backpressure at the level of approximately 200 mm Hg (27
kPa, or 8 psia). In this case, with the steam pressure at the control stage
of about 2 MPa, the turbine’s rotation speed is kept within the range of
600-to-800 rpm, which is well apart from the first critical speed equal to
1,100 rpm. A rich experience with 300-MW supercritical-pressure turbines
with 960-mm (38 in) LSBs proves that even under the condenser back-
pressure of 250-300 mm Hg (33-40 kPa, or 5-6 psia) the rotation speed
of up to 900 rpm does not make them be overheated. In order to have
the IP cylinder preheat by condensation to a higher level, after long out-
ages it is also advisable to begin the pre-start heating process with even
a higher condenser backpressure of about 300-350 mm Hg (40-47 kPa,
or 6-7 psi) with subsequent lowering it to the above mentioned value.
In this way, according to new recommendations, the turbine cylinders
are preheated with the increased steam pressure at the HP control stage,
increased rotation speed, and worsened vacuum in the condenser—see
Table 9-1. Eventually, it allows decreasing duration of preheating the
turbine cylinders to about 2-2.5 hours—Figure 9-2.

When the heated steam pressure in the HP cylinder reaches its
final value, the HP and IP cylinders are heated only by the convective
heat transfer. Under these circumstances, it was found reasonable to
begin raising the main steam temperatures at this stage gradually for
two hours from 300-320°C to 350-360°C (from about 600°F to 670°F). In
doing so, the RREs of the cylinders remain within the allowable range.
A relatively low main steam pressure combined with an enlarged steam
pressure inside the HP cylinder decreases throttling in the HP control
valves and, correspondingly, increases the heating steam temperatures
in the turbine. This results in higher final metal temperatures of the HP
cylinder casings—by approximately 30-50°C, or 55-90°F.

At cold start-ups, the HP stop-valve casings are gradually warmed
up while the boiler is fired and the main steam pressure rises. The HP
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control valve steam-chests are warmed in parallel with preheating the
HP cylinder. The pattern of raising the steam pressure in the HP cylinder
ensures acceptable thermal stresses not only in the HP and IP cylinders
but in the HP valve steam-chests, too. Due to an increase of the main
steam temperature by the end of the pre-start warming, the HP valve
steam-chests are heated up to approximately 345°C (650°F). As a result,
the highest thermal stresses in the heated HP components (valve steam-
chests, rotor, inner and outer casings) are approximately half as much
as they were during the pre-start warming according to the former in-
struction. For cold start-ups, the pre-start warming operations can begin
before the main steam conditions after the boiler reach their pre-start
values. The HP valves can be opened and the steam can be given into the
turbine when the boiler is ignited and the main steam parameters reach
the values of about 2 MPa (290 psi) and 260°C (500°F). In the process of
raising the heated steam pressure, the main steam conditions have time
to reach their pre-start values.

Such an improved technology allowed turbine operators to de-
crease the duration of pre-start warming to 2-2.5 hours even after long
outages instead of average nine hours, as it used to be with the former
manual. The total start-up duration is additionally reduced (by at least
0.5 h), if the pre-start warming begins when the main steam parameters
are only rising to its pre-start values. What is more, the higher metal
temperatures of the HP and IP cylinders by the end of the preheating
process additionally make it possible to shorten the subsequent duration
of loading the turbine by about 2-3 hours. These considerations make
the described technology advisable not only for cold start-ups but also
for warm start-ups after weekend outages to improve the power unit’s
flexibility at the stage of loading the turbine.

It should be noted that, if necessary—for turbines with bulk welded
or forged LP rotors at cold start-ups, the time of pre-heating the main
steam-lines, valve steam-chests, crossover pipes, and cylinders can be
also used for some pre-start warming of the LP rotors by steam given to
the end seals. At this stage, the LP rotors can be effectively heated only
up to the saturation temperature at the turbine backpressure, and from
this standpoint lowering the vacuum in the condenser occurs very use-
ful. This process requires the time amount in proportion to the squared
rotor radius and usually takes about 3-3.5 hours—Figure 9-3.

For units with two-bypass start-up systems, pre-start warming of
the main steam-lines runs in parallel with warming of the hot reheat
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steam-lines. In doing so, steam goes through the HP bypass into the
cold reheat steam-lines, passes through the reheater, and goes away into
the condenser through the LP bypass just before the IP valves. It is com-
monly assumed that before steam enters the IP cylinder the hot reheat
steam-lines have to be pre-heated up to the mean temperature level dif-
fering from the initial metal temperature of the IP cylinder by not more
than 50-100°C (90-180°F). In addition, the minimum metal temperature
must be higher than 100°C (212°F).1

Steam directed to the reheat system can also be used to heat the
HP cylinder and crossover pipes downward of the HP control valves if
these valves are installed for a distance away from the HP cylinder. The
HP cylinder and its crossover pipes are heated through the exhaust, and
the temperature of steam given into the cold reheat steam-lines is kept
matching the metal temperature of the HP cylinder. If the HP cylinder is
furnished with check valves at the cold reheat steam-lines, steam is given
into the cylinder through the governing valve at their bypass.

The standard rolling-up technology for steam-turbine units with
two-bypass start-up systems implies giving steam first into the IP cylinder
(section) with the closed HP control valves. For cold and warm start-ups,
in order to shorten their total duration, steam can be given into the IP
cylinder with simultaneous continuation of warming the HP cylinder and
its crossover pipes from the HP exhaust side. However, as soon as the tur-
bine reaches a certain intermediate rotation speed, the bypass valve of the
check valves at the cold reheat steam-lines is closed, and the HP cylinder
is set under vacuum through a special blowing-down line connecting the
cylinder to the condenser. This is necessary to prevent the overheating of
the HP blading because of the windage effect (friction and fanning).
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Usually, the turbine is led to the synchronous rotation speed, and
the generator is switched on to the grid without opening the HP control
valves. They are opened automatically with accepting the initial load.
For this reason, before the generator is synchronized, it is necessary to
check the readiness of the HP cylinder to accept steam. In the first place,
this refers the temperature consistence between the main steam and HP
cylinder metal.

For units with one-bypass systems, the rotation speed increase dur-
ing the entire rolling-up stage is controlled by the HP control valves. At
hot and warm start-ups, great steam temperature drops with throttling
in the control valves at low steam flows can cause a significant decrease
in the temperature of steam entering the HP cylinder with resultant
negative temperature differences in the HP rotor. This process is often
aggravated by steam chilling in the insufficiently heated HP crossover
pipes. With the steam flow amount increase, this effect diminishes and
disappears—Figure 9-4. That is why it is so important not to stay at the
intermediate rotation speed when the turbine is started up after short
outages.

As to cold and warm start-ups, if the metal temperatures of the hot
reheat steam-lines are inconsistent with the metal temperature of the IP
cylinder (that is, if their difference is more than the set value of about
50-100°C, or the lower steam-line metal temperature is less than 100°C),
the rolling-up step at the intermediate rotation speed can be used to heat
the hot reheat steam-lines without giving steam into the IP cylinder. For
this aim, the IP control valves are forcedly held closed while the HP
control valves are opening. (This can be done, for example, with the use
of a special line which relieves the oil pressure in the hydraulic control
circuit of the IP valves.) In this case, steam passing through the HP
cylinder and reheat system is discharged into the condenser before the
intercept valves. If the turbine’s first critical rotation speed is over 1,050-
1,100 rpm, the hot reheat steam-lines are heated at the rotation speed of
up to 900-1,000 rpm. The steam flow through the reheat steam-lines at
these conditions is not so great, and the whole process takes more than
40-50 minutes. In order to somewhat intensify this process it is advisable
to conduct it with a lower vacuum in the condenser. Sometimes, espe-
cially at start-ups after the week-end outages, the operator does not have
enough time and patience and opens the IP valves, giving steam into
the IP cylinder, before the heating is finished. This results in undesirable
chilling of the IP rotor (see Figure 9-4).
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1 and 2 — measured steam temperatures at the HP control stage and in the IP
steam admission chamber, 3 and 4 — average integral metal temperatures of the
HP and IP rotors in their most thermally stressed sections, 5 and 6 — effective
radial temperature differences in the HP and IP rotors in the same sections.

I - giving steam into the HP cylinder with closed IP intercept valves, Il — opening
the IP intercept valves, III — switching on the generator to the grid, IV - switch-
ing on the main spray attemperator, V — opening the bypass valve of the boiler’s
reheater
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START-UP LOADING AND RAISING THE STEAM CONDITIONS

When the generator is synchronized and switched on to the grid
and the turbine accepts the initial load, the amount of steam flow
through the turbine sharply increases, and the processes of heating the
turbine components become more intense compared with the previous
stage. This concerns all the turbine’s critical elements.

For power units with one-bypass start-up systems, reaching the
synchronous speed by the turbine and acceptance of initial load makes
the reheat steam temperature after the boiler rise rapidly. In addition,
steam temperature drop lengthwise of the hot reheat steam-lines quickly
reduces, too, since these steam-lines begin to be heated more intensively.
This results in a rapid increase of the temperature difference and hence
thermal stress in the IP rotor. To stop this increase, the steam bypass of
the reheater has to be open in two-five minutes after the generator is
switched on. This makes it possible to keep reliably this temperature
difference within the admissible range (see Figure 9-4); otherwise, the
temperature difference and thermal stress in the IP rotor can exceed their
upper admissible values several times—see Figure 7-8.

When the turbine accepts the initial load, the turbine bypasses
can be closed, and further loading of the turbine can be conducted by
increasing the boiler’s firing rate. Along with this, at many power units,
the turbine bypasses remain open during almost the entire turbine start-
up. This really makes it possible to load the boiler and turbine indepen-
dently with discharging the excessive steam amount generated by the
boiler into the condenser. In this case, the rate of heating the turbine can
be partially corrected by fast-response changes of the load, and require-
ments to the quality of the steam temperature raise control can be some-
what lowered. At the same time, these steam flows besides the turbine
essentially increase the start-up fuel outlay, and this technology does not
seem reasonable.

Heating the turbine during its start-up loading mostly depends on
how smoothly the main and reheat steam temperatures are raised. Any
excursions of these temperatures immediately make the temperature
differences in the critical elements change sharply because of high heat
transfer conditions from the heating steam to the heated surfaces.

Ultimately, the temperature of steam entering the turbine should
vary linearly in time or according to an exponential law to provide
keeping the temperature differences in the turbine’s critical elements
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near their upper admissible levels. At the same time, variations in the
steam temperature should also take into account the changes in the HP
control valve position and resulted changes in the steam temperature
drop at the turbine entrance. To hasten accepting the full turbine load,
it can be reached at the decreased main and reheat steam temperatures,
so that these temperatures can be raised to the nominal level when the
turbine already works under the full load. Because both the initial (pre-
start) levels and admissible rates of raising the main and reheat steam
temperatures differ, they reach their nominal levels for different time pe-
riods. So, if for the specific start-up its rate is predominantly limited by,
for example, the temperature difference in the IP rotor, the main steam
temperature can reach its nominal value before loading is finished.

A growth of the steam temperatures goes with raising the boiler’s
firing rate and is corrected by the start-up attemperators. While the
boiler’s firing rate is rising, the main (regular) attemperators come into
operation, too, necessitating corrections for the start-up attemperators.
These intricate processes often cause excursions of the steam tempera-
tures and appearance of increased temperature differences and thermal
stresses in the rotors (see Figures 7-8 and 9-4), affect the turbine reliabil-
ity because of low-cycle thermal fatigue, and are extremely advisable to
be automated.

Many start-up systems contain the embedded valves between the
evaporating and superheating surfaces, as in Figure 7-7, or shut-off
valves with bypassing throttle valves between the primary and second-
ary superheaters, as for many U.S. units. The pressure upstream of these
valves is kept nominal, whereas the throttle steam pressure before the
turbine depends on position of the control or throttle valves. The em-
bedded (or shut-off) valves are to be opened when the flow capacity of
the throttle valves or the valves between the separator and superheater
is exhausted. In this case, the pressure difference across these valves
should be sufficiently small, that is, the throttle steam pressure before the
turbine’s control valves has to be close to the nominal value. According
many manuals, it is desirable to maintain all the control valves during
the start-up operations fully opened to provide the uniform heating of
the HP casings and valve steam-chests. In this case, before the embedded
valve is opened, it is necessary to close partially the HP control valves
to increase the throttle steam pressure. It is understandable that such
an operation make the steam temperature at the HP cylinder entrance
decrease perceptibly due to throttling in the control valves. As a result,
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there appear significant negative temperature differences in the HP rotor
and cylinder casing wall, what is quite undesirable from the standpoint
of thermal fatigue strength of these elements. This process is most inten-
sive for supercritical-pressure units. To compensate for this temperature
drop, the main steam temperature has to be additionally raised. Yet this
brings about the increased temperature differences and thermal stresses
in the stop-valve steam-chests. For all these reasons, such units are desir-
able to be loaded with the partially closed control valves of the turbine,
so that the main pressure nears the nominal value by the instance when
the flow capacity of the start-up complex exhausts. In this case, the
process of heating the turbine is not disturbed and remains smooth and
continuous.

For power units with two-bypass start-up system and full-capacity
separators, operated with sliding steam pressure in the entire steam/wa-
ter path of the boiler, the main steam pressure achieves its rated value
by the end of loading. An example of such a start-up, as applied to a
1,000-MW turbine of Hitachi with the steam conditions of 24.1 MPa,
593/593°C (3,495 psi, 1,100/1,100°F) at the Japanese Matsuura Unit 2 is
shown in Figure 9-5.
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Figure 9-5. Hot start-up of the 1,000-MW Matsuura Unit 2 with Hita-
chi’s steam turbine. Source: K. Sakai et al.6
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PECULIARITIES OF STEAM-TURBINE
START-UP TECHNOLOGIES FOR CC UNITS

The start-up procedure for CC units can be subdivided into three
major phases:”
o purging of the HRSG(s),
o rolling-up, synchronization, and loading of the gas turbine(s), and
e rolling-up, synchronization, and loading of the steam turbine.

In order to prevent the explosion of unburned hydrocarbons left in
the HRSG path from earlier operation, it is advisable, especially for CC
units with oil-fired gas turbines, to purge the steam generator(s) before
igniting the gas turbine(s). This is done by running the gas turbine at
the ignition speed (approximately 30% of the synchronous value) with
the generator as a motor, or with any other starting devices, in order
to blow air through the HRSG. The purge time depends on the HRSG
volume, which has to be exchanged by up to a factor of five with “clean
air” before the ignition takes place. After purging, the gas turbine is ig-
nited, run up to the nominal (synchronous) rotation speed, and loaded
to the desired load. Gas turbines can be started up sufficiently fast and
their start-up duration and technology can be considered independent
on the outage duration. At the phase of rolling up the gas turbine, at its
beginning stage, until the turbine ignites, its rotation speed is increased
by the generator driving the turbine as a motor and switched on to the
grid through the static frequency converter (SFC). This rotation speed is
further increased by increasing the fuel fed to the turbine’s combustion
chambers. From about 2,000 rpm, the speed is increased to the synchro-
nous value without the support of the SFC. The rate of loading the gas
turbine is limited by thermal stresses in the thick-wall components of its
HRSG (mainly, its HP drum) and the steam turbine.

It is supposed that the start-up duration, without a phase of purg-
ing the HRSG(s), for modern CC units with the output of up to 450 MW
lies in the following ranges:

o for hot start-ups (after 8-hour outages)—from 40 to 50 min,

o for warm start-ups (after 60-hour outage)—from 75 to 110 min,
and

e for cold start-ups (after 120-hour outage)—from 75 to 150 min.
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Model diagrams of hot and warm start-ups for a 250-MW-class CC unit
(with a single gas turbine) are presented in Figure 9-6.

Appropriate steam conditions matching the pre-start temperature
state of the steam turbine are reached at approximately 50-to-60% gas
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Figure 9-6. Model diagrams of hot (a) and warm (b) start-ups for a
250-MW-class CC unit (after 6-hour and 60-hour outages, respectively).
Source: R. Kehlhofer et al.”

ngt — gas turbine rotation speed, ngr — steam turbine rotation speed, mgr — gas
turbine exhaust mass flow, Ty — gas turbine exhaust gas temperature, Typ — HP
main steam temperature, mgp — HP main steam flow, pgp — HP main steam pres-
sure, Pr — gas turbine load, Pgy — steam turbine load.
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turbine load. This means 40-to-60% of the nominal steam pressure and a
sufficient degree of superheating (that is, around 50°C, or 90°F). Before
the steam turbine is begun to start-up, the gland seal steam system must
be in operation and the condenser must be ready for steam consump-
tion. Until the steam turbine takes over the steam flow, it is discharged
across the turbine steam bypasses into the condenser. With the “paral-
lel” bypass system (see Figure 7-9b), the steam generated in the HP and
IP drums of the HRSG after being attemperated is sent directly to the
condenser. With the “cascade” system (see Figure 7-9a), the HP steam
is bypassed around the HP section of the turbine to the cold reheat line
and, mixed with the steam from the IP drum, is sent through the reheater
and then discharged to the condenser. The last scheme, with a “pressur-
ized” or “wet” reheater, is presently considered more preferable and has
gained wider acceptance for modern CC units. In particular, it provides a
less danger of solid particle erosion for the steam turbine and somewhat
shortens the start-up duration compared to the “parallel” scheme with
a “dry” reheater. Along with this, it makes the steam turbine’s start-up
procedure somewhat more complicated, as it is in the case of steam-tur-
bine power units with two-bypass start-up systems compared to those
with one-bypass scheme.

According to Siemens, after the temperature of steam generated by
the HRSG reaches the level matching the average metal temperature of
the HP valve steam-chests, the start-up procedure for steam turbines of
CC units with a “cascade” or “pressurized reheater type” bypass system
includes the following operations: 8

e warming up the turbine’s HP valve steam-chests, with the open
stop valves and closed control valves by the main steam discharged
through the blowing down line between the stop and control
valves,

e  increasing the rotation speed to the intermediate level and then to
the synchronous speed by opening the IP control valves, with the
HP control valves keeping the work split between the HP and IP-
LP sections to ensure maximum flow to the latter and HP exhaust
check valves closed until the HP casing is pressurized to the cold
reheat pressure,

*  accepting the minimum load by opening the HP and IP control
valves up to the set position and subsequent ramp loading the
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turbine up to the set level by opening the HP and IP valves in the
mode providing the chosen loading rate, with the IP control valves
completely open at 70% admission demand,

e  transition of the HP control valves to the operation mode of con-
trolling the main steam pressure (the steam turbine following the
gas turbine/HRSG load) or sliding pressure with fully opened
valves and closing the HP and IP bypasses.

Until the turbine accepts the initial load with the increase of the
steam flow through the HP section, the steam pressure in the HP casing
is controlled to prevent the temperature from rising above 500°C (930°F)
because of the windage effect. In addition, the turbine is equipped with
a “Turbine Stress Evaluator” (TSE) estimating the unsteady-state stress
states of the most stressed (“critical”) thick-wall turbine elements: the
HP valve steam-chests, the HP casing and rotor, and the IP rotor. It is
supposed that the thermal stresses in these components are in propor-
tion to the differences between the surface and the average integral metal
temperatures. These metal temperatures are either measured directly or
calculated based on the measured steam temperatures, as it is done for
the rotors. The various temperature differences are subtracted from the
current allowable values to obtain a “free margin,” which should not be
negative. When the free margin becomes equal zero, it means that the
component is stressed to its maximum allowable level for the given con-
ditions. The actual operation diagram of a cold start-up for a CC steam
turbine with results of TSE control is presented in Figure 9-7.

For multi-shaft CC units, with several gas turbines, they can be
started up in parallel or successively with some delays between them
and the steam turbine load following the steam production of the
HRSGs. Steam bypass systems allow the gas and steam turbines to be
started up independently. An example of a hot start-up (after 11 hours of
outage) for a multi-shaft CC unit with three gas turbines and one steam
turbine of Hitachi with the total capacity of 670 MW (the Himeji Daiichi
Unit 6: 3x140+250 MW) is shown in Figure 9-8. Three gas turbines start
first one after another, and then the steam turbine starts up. The unit’s
load increases in cooperation with the gas and steam turbines after the
steam cycle changeover completes.

The described technology was primarily developed for CC units
with separate gas and steam turbines, but it remains as well acceptable
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Figure 9-7. Actual cold start-up of a CC steam turbine of Siemens with
Turbine-Stress-Evaluator (TSE) control. Source: L. Bize et al.$

for single-shaft (SS) CC units with a self-shifting and synchronizing (SSS)
clutch connecting the steam turbine with the generator common for both
the gas and steam turbines and rigidly connected to the former—see
Figure 3-30. While the unit is shut down, the entire turbine shaft-line,
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Figure 9-8. Hot start-up of a multi-shaft 670-MW CC unit of Hitachi
(Himeji Daiichi Unit 6). Source: A. Kawauchi et al.”?

with the clutch engaged, is rotated by a steam turbine’s turning gear.
The gas turbine is started up by disengaging the clutch and motorizing
the generator with a variable-frequency static converter. As the gas tur-
bine is rolled up, synchronized and takes electrical load, its exhaust gas
provides steam from the HRSG. The steam is routed through a steam-
bypass system, while the steam turbine’s HP valves are warmed up.
When sufficient steam pressure is available, the steam turbine is rolled
up and accelerated to the synchronous speed. The clutch automatically
engages when the steam turbine’s shaft reaches the synchronous speed,
and steam turbine accepts the load and then is loaded by increasing the
steam flow amount through the turbine. When the unit is to be stopped,
the steam turbine’s valves are closed; the clutch is disengaged, and the
steam turbine’s shaft speed drops to the turning-gear speed, where it
is maintained by the gas turbine running at the rated speed owing to
lubricant film friction in the clutch. When the gas turbine is shut down
and its rotation speed drops, the turning gear starts, and the clutch is en-
gaged to keep the entire shaft-line rotating. Such arrangement of SS CC
units, with the SSS clutch between the steam turbine and the generator,
is primarily intended to provide a possibility of operating the gas turbine
in a simple-cycle mode, without the steam turbine. It is also considered
preferable for SS CC units intended for operation in a cycling mode with
frequent (daily) shut-downs and restarts.10

Along with this, there exist SS CC units with the steam turbine
settled at the shaft-line between the gas turbine and generator, with
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permanent engagement of all their shafts (see, for example, Figures 3-26
and 3-29a). For such units, the steam turbine is rolled up together with
the gas turbine, even though at the initial start-up stages it is rotated
without steam in its steam path. An example of a hot start-up after eight-
hour outage for a 245-MW SS CC unit (Kawagoe Unit 3: 151+ 84 MW)
is shown in Figure 9-9. In this case, the steam generated from the HRSG
is introduced into the steam turbine after completion of rolling up and
synchronization. In doing so, the steam turbine is not chilled because
the steam temperature drops in the HP control valves are not great. On
the other hand, while the gas turbine is rolling up, with the steam tur-
bine rotating in no-flow conditions, for relatively large steam turbines
with long LSBs there arises a danger of their overheating because of the
windage effect. Under these conditions, it may occur necessary to hold
the rolling up process at an intermediate rotation speed until the HRSG
begins generating steam acceptable for feeding the steam turbine.

Such a cold start-up profile as applied to a SS CC unit STAG (see
Figure 3-29a) is shown in Figure 9-10. These units are equipped with
steam-cooled gas turbines S107H/S109H, depending on the grid fre-
quency, and steam turbines of GE or Toshiba with the LSBs of 1,016
mm or 1,067 mm long for the rotation speed of 3,600 rpm or 3,000 rpm,
respectively. The H-technology gas turbines are cooled by steam taken
from the outlet of the HRSG's IP superheater, supported as necessary
with steam from the turbine’s HP exhaust; cooling steam is returned to
the cold reheat steam lines. At start-ups, while the HRSG’s productiv-
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Figure 9-9. Hot start-up of a single-shaft 245-MW CC unit of Hitachi
(Kawagoe Unit 3). Source: A. Kawauchi et al.?
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ity is not sufficient, the gas turbine is cooled by air extracted from the
compressor discharge. The turbine is hold at the rotation speed of about
60% of the synchronous value until steam from the HRSG can be given
to the LP steam path, preventing the LSBs from overheating. This func-
tion could be provided by steam generated by an auxiliary boiler, but in
this case its productivity is not sufficient, and it is used only for provid-
ing the turbine’s end seals with steam. After switching on the generator
to the grid, there is no longer need in additional steam for cooling the
LP steam path, and the gas turbine’s cooling system is transferred to
steam.

All the above mentioned CC units are equipped with drum-type
boilers. Along with this, there appear first CC units equipped with boiler
with once-through (Benson) HP and IP sections, without drums. This
not only makes it possible to increase the main steam pressure after the
HRSG (ultimately, up to a supercritical level), heightening in this way
the unit’s efficiency, but also improves the unit’s operating flexibility and
cost effectiveness thanks to eliminating thick-walled steam drums and
replacing them with small separator vessels. As a result, while starting
up, the rate of loading gas turbine gives up being limited by thermal
stresses in the HRSG, and the start-up duration can be reduced, espe-
cially for cold start-ups—Figure 9-11.

The first CC unit with a Benson HRSG was developed by Siemens
and since 1999 has been successfully operated in the Cottam Develop-
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Figure 9-10. Typical cold start-up profile for a single-shaft CC unit
STAG. Source: “Structured steam turbines..."!1
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ment Center, the UK.12-15 The 390-MW SS CC unit with V94.3A gas tur-
bine of Siemens has a design lifetime of 25 years with about 250 start-ups
per year. The unit’s automatic control system provides a possibility of
starting up the units with a capability to bring it from the standstill to
full load in about 50 minutes in daily start-stop operation, without risk
of reducing the lifetime of the HRSG.14

It is also supposed to use once-through (Benson) boilers at multi-
shaft CC units of heightened flexibility, specifically intended for op-
eration in a cycling mode. In particular, such a 2.W501F Fast Start unit,
developed by Siemens Westinghouse with two W501F gas turbines, is
assumed to have about 200 hot and 50 warm start-ups per year. The
diagram of Figure 9-12 presents a start-up diagram for such a unit after
a 16-hour outage as compared to a common CC unit. The unit’s start-up
begins with concurrent ignition of both gas turbines at the time instant
designated as 1. Their generators are synchronized at the time instant
2, and both the gas turbines are loaded in parallel up with the rate not
limited by their HRSGs. When the gas turbines are loaded to their rated
output (3), steam is given to the steam turbine, and it begins rolling up.
The steam turbine’s generator is synchronized at the time point 4; the
turbine bypasses are closed at 5 and the steam turbine accepts the entire
generated steam flow. At this point the unit reaches approximately 97%
of its rated power output.

References
1. Plotkin ER. and A. Sh. Leyzerovich. Start-ups of Power Unit Steam Turbines [in
Russian], Moscow: Energiya, 1980.
2. Leyzerovich A. Large Power Steam Turbines: Design & Operation, 2 vols., Tulsa (OK):
PennWell Books, 1997.



270

Steam Turbines for Modern Fossil-Fuel Power Plants

100

90 yb‘\{[ﬂhypassvalveszlosedb [
-~ 80 2.WH01F [
= fast start / /
=70 7
= St /
= 50 / [Twpicat plant /
g w0 [ —
2. /[ )
= /
a2

10 I;Tﬁiition / ]

0 :1 ZV—

Time

Figure 9-12. Power output during start-up after 16-hour outage for a
“fast start-up” CC unit. Source: “Fast work for the Benson...”10

10.

11.

12.

13.

14.

15.

16.

Plotkin E., Y. Berkovich, A. Leyzerovich, et al. “Improvement of Pre-Start Heating
Technology for Steam-Turbine Units,” presented at the Electric Power Conference
2005, Chicago, 2005.

Leyzerovich A. Sh. “Heating up Welded LP Rotors of Steam Turbines at Start-ups”
[in Russian], Energetik, no. 10 (1982): 34-35.

Leyzerovich A.Sh. Technological Fundamentals for Steam Turbine Start-up Automation
[in Russian], Moscow: Energoatomizdat, 1983.

Sakai K., S. Morita, T. Yamamoto, and T. Tsumura. “Design and Operating
Experience of the Latest 1,000-MW Coal-Fired Boiler,” Hitachi Review 47, no. 5
(1998): 183-187.

Kehlhofer R., R. Bachmann, H. Nielsen, and J. Warner. Combined-Cycle Gas & Steam
Power Plants. 214 ed. Tulsa (OK): PennWell, 1999.

Bize L., H. Martin, N. Henkel, and E. Gobrecht. “Combined Cycle Steam Turbine
Operation,” presented at the 2001 International Joint Power Generation Conference,
New Orleans, 2001, PWR-19127.

Kawauchi A., F. Hirose, and M. Musashi. “High-Efficiency Advanced Combined-
Cycle Power Plants,” Hitachi Review 46, no. 3 (1997): 121-128.

“Single-train power unit stands out at King’s Lynn,” Electric Power International,
Summer 1998: 48-50.

“Structured steam turbines for advanced combined cylces,” Modern Power Systems
20, no. 10 (2000): 41-46.

Franke J., U. Lenk, R. Tauchi, and F. Klauke. “Advanced Benson HRSG makes a
successful debut,” Modern Power Systems 20, no. 7 (2000): 33-35.

Emberger H.-M., P. Miirau, and L. Beckman. “Siemens Reference Power Plants—
Translating Customer Needs into Plants,” VGB PowerTech 85, no. 9 (2005): 78-83.
Jeffs E. “New combined cycle tackles cycling,” Turbomachinery International 41, no.
2 (2000): 31-33.

Smith D. “HRSG advances keep GTCC competitive,” Modern Power Systems 24, no.
8 (2004): 31-35.

“Fast work for the Benson once-through HRSG,” Modern Power Systems 24, no. 2
(2004): 23-25.



Chapter 10

Start-up Instructions for
Steam-Turbine Power Units
And Their Improvement

DIFFERENT APPROACHES TO
CONSTRUCTING START-UP INSTRUCTIONS

Until the first reheat steam turbines appeared, there had not existed
such a notion as a “steam-turbine power unit,” with a permanently
joined turbine and boiler. As a rule, steam turbines at power plants
were fed with steam from a common header and were started up with
invariable, nominal steam parameters. Under these circumstances, the
existence of separate, independent start-up instructions for turbines and
boilers developed by their manufacturers was absolutely logical, espe-
cially as turbines and boilers were delivered by different producers. This
situation still persists up to now at power and cogeneration plants with
non-reheat steam turbines of a moderate capacity.

Boilers and turbines of early steam-turbine power units were also
started up successively and independently, so the boiler was fired with
discharging the generated steam through turbine bypasses into either the
atmosphere or turbine condenser, and the turbine’s start-ups were run
with invariable, nominal steam parameters. Only since the 1940s, it has
become widely practiced to start up the power unit’s boiler and turbine
in parallel, with sliding steam parameters. In this case the turbine’s start-
up profiles occur to be dependent to a great degree on the boiler’s capa-
bility of controlling the steam conditions and their raise. Nevertheless,
even presently, more often than not, the boiler’s and turbine’s producers
develop their start-up instructions independently as applied to some
general characteristics of the used start-up systems and other equipment
of the supposed power unit.

As a result, power plant operators have to deal with individual
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start-up instructions for the boiler and the turbine, which are not always
properly agreed to one other. Sometimes, start-up instructions for boilers
and turbines are copied from one power unit to another (even if their
start-up systems are somewhat different), are not renewed for years, and
as a result become rather obsolete.

Figure 10-1 shows the instruction diagram for cold start-ups as ap-
plied to a 500-MW supercritical-pressure steam turbine like those operated
at Korean power plants as, for example, the Taean, Samchonpo, Hadong,
Tangjin, and Young Heung. Even the very superficial analysis of this
diagram shows it is rather far from optimal. Below are only a few notes
concerning this diagram. First, it is not reasonable to raise vacuum in the
condenser up to the nominal level at once, before steam is given to the tur-
bine. It would be much more effective to warm the turbine rotors with an
increased backpressure in the condenser, and this procedure would bring
much better results and take much less than eight hours according to the
diagram (see the previous chapter). Second, any turbine operator would
prefer to listen to the turbine at an intermediate rotation speed much
lower than 3,000 rpm ordered in the diagram, and this time period could
be used to warm additionally the rotors. Third, if it is possible to keep the
main steam temperature after the boiler at the level of about 300°C before
steam is given into the turbine, it is advisable to keep the steam tempera-
ture at this level until the generator switches on to the grid. The rise of
the main steam temperature in parallel with rolling up the turbine and
accepting the initial load inevitably causes an uncontrollable growth of the
temperature differences and thermal stresses in the HP steam admission
zone. Fourth, a quick uncontrolled increase of the main and reheat steam
temperatures in the process of loading unavoidably makes this process
slower. If the steam temperatures were raised with smaller rates, this
would allow the operator to increase the rate of loading the turbine. In
addition, the final (nominal) turbine load could be reached with the steam
temperatures less than their nominal values. Similar vices are inherent in
the instruction diagrams for other start-up types.

As to the instruction itself, it does not tie the increase of the turbine
load and main steam pressure with controlling the turbine bypasses and
HP control valves. It also does not describe how to control the main and
reheat steam temperatures during start-ups depending on the turbine
metal temperatures, but rather forms the rolling up and loading patterns
depending on the steam-metal temperature mismatch. Such an approach
is not optimal. In addition, all the recommendations for shaping the
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Doosan Heavy Industries and Construction

SJIUL) 4200 IUIQING-UDI)S L0f SUOINIISUT dNn-14v3G

44



274 Steam Turbines for Modern Fossil-Fuel Power Plants

start-up diagrams are based only on the temperature mismatches for
the HP section of the turbine, completely ignoring the temperature and
thermal-stress state of the IP section, its temperature mismatches. This
is typical for many start-up instructions. It is not correct, especially for
the considered turbine with its single-casing design of the IP section (see
Figure 3-15a). For such a turbine, the rates of raising the reheat steam
temperature and loading the turbine are to a great degree limited by the
thermal stresses in the HP-IP cylinder’s rotor and outer casing in the IP
steam admission zone. In addition, the considered instruction does not
call the main indices of the temperature and thermal-stress states of the
turbine to be monitored by the operator, as well main countermeasures
to be taken if these indices go beyond the admissible borders. Radial
temperature differences in the HP-IP rotor at the first stage zones of the
HP and IP sections have to be among these indices to be monitored. In
addition, a quick rise of the reheat steam temperature during rolling up
and initial loading can cause significant total (centrifugal plus thermal)
tensile stresses in the LP rotors. So such a turbine would need the tem-
perature monitoring for the LP rotors, too.

Contrary to the existent situation with individual start-up instruc-
tions for the boiler and turbine, the power plants should be provided
with complex instructions embracing both the boiler and turbine togeth-
er and based on thorough analysis of their operating capabilities and op-
timization of their transients. In particular, precisely this approach was
lied in the basis of developing start-up instructions for all the standard
steam-turbine units in the former Soviet Union, including particularly
300-MW, 500-MW, and 800-MW supercritical-pressure ones, as well as
200-MW subcritical-pressure units with drum-type and once-through
boilers of diverse types.]> These instructions were mainly developed
by researchers and engineers of the Adjusting Institution for the Power
Industry (ORGRES), including their regional branches, and All-Union
Thermal Engineering Research Institute (VTI) with participation of pro-
jecting institutions and turbine and boiler producers. These instructions,
describing and regulating start-up and shut-down operations for the
power unit as a whole, were constructed based on results of field tests
for the specific types of power units and analysis of their operational
practice. With appearance of new field test results, as well as develop-
ment and implementation of new technologies, the existent instructions
were renewed and republished.

By an example, Figure 10-2 shows an instruction diagram for a warm



Start-up Instructions for Steam-turbine Power Units 275

start-up after a one-day (32-42-hour) outage as applied to oil/gas-fired
800-MW supercritical-pressure units with LMZ turbines K-800-240-3 ac-
cording to the standard instruction® developed mainly on the basis of field
start-up tests at the Uglegorsk power plant in Ukraine.® The instruction
also comprises similar diagrams for other characteristic initial pre-start
thermal conditions of the turbine. As a general approach, each one has
single, unified rolling-up and loading diagrams for the certain start-up
type together with multiple diagrams of raising the main and reheat steam
temperatures for diverse initial metal temperatures for the HP and IP tur-
bine cylinders which can take place for the taken outage duration.

Besides diagrams for different start-up types, the start-up instruc-
tion should comprise description in details of all the technological op-
erations fulfilled during start-ups and their sequence according to the
start-up technology developed and chosen for the taken start-ups. In
the first place, it concerns the consistency of so-called logical, or discrete,
operations with discrete-position objects, like motors, shut-off valves, and
governors, which are switched on/off or closed/opened. Most of these
operations and their sequence remain the same at all start-ups, and their
beginning is clearly stipulated by the current conditions (turbine rotation
speed, main steam pressure, and so on).

For hot and warm start-ups, some of these operations are skipped
without violation of the applied technology and its logics. So, for ex-
ample, for one-bypass-system units, their hot reheat steam-lines are to
be pre-heated if their metal temperature state is not consistent to the
IP cylinder’s temperature state. So, before steam is given into the HP
cylinder, the IP valves are forcedly closed, and they are to be opened at
the intermediate rotation speed when the reheat steam-lines temperature
reaches the assigned level. Along with this, all these discrete operations
are omitted if the pre-start temperature state of the hot reheat steam-lines
matches the IP cylinder temperature (at hot start-ups or warm start-ups
for units with well-insulated reheat steam-lines).

Governing the throttle steam pressure, at the turbine entrance, also
refers to some discrete operations: the pre-start level of the pressure is
conditioned by the initial firing rate of the boiler and opening of the
bypass valves. The bypass valve position can either remain invariable
during the turbine rolling-up (in this case, the steam pressure decreases
with opening the turbine’s control valves) or, more often, the bypass
valve is gradually closed keeping the constant throttle steam pressure.
The last version is more favorable for turbines with nozzle-group con-
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trol because it allows passing the steam flow amount into the turbine
through a minimum number of the control valves and their crossover
pipes and decreasing in this way the steam temperature drop caused by
heat transfer to the heated metal. When the generator is switched on to
the grid, the bypass valves are to be completely closed, and the turbine’s
control valves are to be opened to the pre-assigned position, the same for
all start-up types. When the main steam pressure reaches the nominal
level, the turbine’s valves automatically turn to maintaining this level
upstream of themselves.

Such unification of the start-up technology seems to be very impor-
tant for the operational personnel, facilitating their labor and decreasing
a probability of erroneous actions. To a great degree, this also simplifies
automation of start-up control and makes interaction between the opera-
tor and automation means easier.”8 On the other hand, sometimes, it is
expedient to break this unification and alternate technology for individu-
al start-up types. This mostly concerns cold start-ups, whose technology
can differ from all other start-up types. In addition, cold start-ups after
overhauls, repairs, or merely long outages are usually combined with
some special technological operations like steam-valve tests, checking
the overspeed trip system, drying the thermal insulation, and so on.

The same approach, with the quest for unifying technology as ap-
plied to different kinds of start-ups, is extended to start-up continuous
operations, too. This primarily refers to raising the rotation speed. If the
rolling-up technology is unified, it is brought to only a few operations: 1)
rolling the turbine from the turning gear up to the intermediate rotation
speed, 2) step at this level whose duration is conditioned by the initial
and current temperature state of the turbine and its steam-lines (for hot
start-ups, this stage is completely omitted without violation of the gener-
al logics), 3) raising the rotation speed to the synchronous level with the
invariable rate independently of the start-up type, and 4) holding at the
synchronous speed until readiness to synchronization and acceptance of
the initial load, but without special holding for heating the turbine. The
resultant rolling-up diagram favorably differs from much more intricate
former diagrams, where, in addition, all the pieces differ for different
kinds of start-ups—Figure 10-3.

The same quest for unification is applicable for constructing start-up
diagrams of loading and raising the main and reheat steam temperatures.
Until the generator is switched on to the grid and the turbine accept an ini-
tial load, the steam temperature is kept at the level with a set excess over
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the initial (pre-start) metal temperature of the corresponding cylinder:
t it =t + At (10-1)

where At is set the same for all the start-up types in such a way as to
prevent an appearance of inadmissible thermal stresses in the critical tur-
bine design elements when the turbine accepts the initial load. Then, in the
process of loading the turbine, the steam temperature is raised linearly or
piecewise-linearly in time to keep the thermal stresses in the critical ele-
ments near the admissible level. The loading process is also set linear or
piecewise-linear in time in such a way that both the main and reheat steam
temperatures reach their nominal levels by the end of loading.

All the start-up diagrams like those considered above are construct-
ed on the assumption that the operator chooses the proper diagram cor-
responding to the pre-start temperature state of the turbine. If the actual
pre-start temperature differs from all those foreseen by the instruction
diagrams, the start-up is run according to the diagram for the nearest
“colder” state. It is assumed that thereafter the operator will run the
start-up process strictly following the diagram chosen beforehand.

Along with this, some turbine producers prefer to construct start-
up instructions for their turbines in the form of nomograms, implying
that the operator will be looking for the recommendations on how he/
she has to run the sta